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Fluid Power Networks has drawn a lot of attention and the
organizing team and all collaborators at IFAS are proud
that you followed our invitation to join the 11th Internatio-
nal Conference on Fluid Power in Aachen. Welcome to the
academic and truly intercultural city in the heart of Europe!

The traditional IFK is one of the world’s largest scientific
conferences on fluid power and unites scientists with in-
dustrial delegates at an international forum to exchange
knowledge in the area of fluid power drives and systems.
The first conference (1. AFK, Aachener Fluidtechnisches
Kolloguium) was conducted in 1974 by Prof. Wolfgang
Backé. Since 1998 the Institute for Fluid Power Drives
and Controls (IFAS) at RWTH Aachen University and the
Institute of Fluid Power (IFD) at TU Dresden alternately
organize the International Fluid Power Conference (IFK)
every two years. This year we host 141 scientific cont-
ributions and speakers. Attendees from 30 countries
are registered. 36 companies exhibit their products in a
designated floor area in the Eurogress. A special high-
light of the 11th IFK is the 50th anniversary of Fluid
Power Research at RWTH Aachen University which will
be celebrated on Wednesday, March 21st. It is accom-
panied by a change in directorship at IFAS. Prof. Ka-
tharina Schmitz will be introduced as my successor.

The program starts on Monday morning with a sympo-
sium where researchers from mainly universities and
other research facilities but also from companies have
the opportunity to present their research projects to a
wide international community of scientists. In the eve-
ning of the first day all participants are invited to the

opening event that marks the start of the exhibition.

The second day begins with the opening address of
Mr. Christian Kienzle of VDMA followed by two plen-
ary lectures to actual loT subjects as they concern fluid
power. On Tuesday there are six groups in two parallel
sessions of presentations covering a wide variety of
application and technology oriented topics in the time
of digitalization. The banquet is held at the Coronati-
on Hall of the Aachen town hall and will be followed by
an after show in the Aula Carolina. On Wednesday the
program continues in three parallel sessions. The Rec-
tor of RWTH, Prof. Schmachtenberg will talk in the con-
cluding plenary session, arrange the hand over in the
directorship of IFAS and initiate the anniversary events.

A traditional cultural program will be offered in
the surrounding of Aachen as well as an excursi-
on following the conference on Thursday and Friday.

Finally, we would like to express our thanks to all members
of the program and organizing committee, scientific advi-
sory board, plenary and keynote speakers, speakers, revie-
wers, chairmen and exhibitors for their time and commit-
ment helping to conduct another successful conference
and we hope that you will enjoy the 11th IFK in Aachen.
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A survey of “Industrie 4.0” in the field of Fluid Power

’@‘ — challenges and opportunities by the example of field device integration

Raphael Alt *, Hubertus Murrenhoff * and Katharina Schmitz *

RWTH Aachen University, Institute for Fluid Power Drives and Systems (IFAS),
Campus-Boulevard 30, D-52074 Aachen, Germany*
E-Mail: Raphael. Alt@ifas.rwth-aachen.de

This contribution gives a brief introduction to general aspects of “Industrie 4.0”. Besides basic strategies to
improve the added value and flexibility of a production, challenges of the transformation, which have to be
overcome by the companies, are shown. The commissioning of production machines gains more significance in a
dynamic production of a smart factory, so that in consequence the automation of the commissioning would bring
significant advantages. Current fluid power systems are not excluded, since most steps of the commissioning are
still done manually by the technician. By analysing the integration of a linear electro-hydraulic actuator into a
production machine, limitations and problems of current systems are identified and related to the field of fluid
power. The analysis of possible solutions is leading to methods and modern information and communication
technology, introduced by the “Industrie 4.0”.

Keywords: Cyber-physical system, intelligent field device, plug and produce, plug and play, commissioning,
Industrie 4.0, Industrial Internet of Things, electro-hydraulic actuator
Target audience: Fluid Power, Automation, Production

1 Introduction of the Industrial Internet of Things (IloT)

1.1 Motivation

The Internet of Things (IoT) is affecting everyone. It describes the fusion of computational power (embedded
systems), mechatronic systems and their interconnection via internet. Various industrial branches are influenced,
reaching from the energy sector (smart grids) over the field of consumer products (smart home, smart phone,
etc.) to the manufacturing industry. Within this branch, the “Industrial Internet of Things™ (IloT) or “Industrie
4.0” (German) was firstly introduced as part of the German high-tech strategy in 2011 at Hannovermesse with its
goal to master upcoming challenges and to meet new requirements in times of market globalization /1/.

The greater number of competitors, the demand of cheap, individualised goods and the shorter time-to-market
sets up new requirements to the manufacturing industry in terms of flexibility, dynamics and adaptability besides
the classical ones such as a high quality and low costs.

In order to achieve the ambitious and partly classically contradictory goals, the German organisation “Plattform
4.0” outlined a roadmap to deploy the Industrial Internet within the next 10 to 20 years. Based on the first three
industrial revolutions, shown in figure 1, mechanisation, electrification and automation by computational power,
the enabling technologies of the fourth industrial revolution are all related to the field of Information and
Communication Technology (ICT) such as Net Communication, Data Analysis, Microelectronic, Safety &
Security and Semantic Communication /2/.

Mechanization, Mass production,
water power, steam  assembly line,
power electricity

Computer and Cyber Physical

Figure 1: Industrial revolutions /3/

1.2 Basic Concepts

Key concept of “Industrie 4.0” is to make relevant information available in real-time by linking all participating
instances of the whole production process and to derive the ideal value-added flow for any step of the production
at any time /4/.

Current strategies for implementing IloT in the manufacturing industry are focusing on four dimensions as
shown in figure 2 /5/.

Product lifecycle

Development Production Commissioning Usage Maintenance ) Reconfiguration

Environment

Supplier Machines
Horizontal Integration
Enterprise B -
Vertical Integration

Enterprise A— Enterprise B -

Vertical Integration

PLC PLC

{ Field device 5

Field device

Figure 2: Four dimensions of “Industrie 4.0 in the industrial environment (referring to /5/)

By Vertical Integration, components and IT-Systems of different hierarchy levels are linked together. The
classical hierarchy of the automation system pyramid, reaching from the field device to the enterprise systems,
gets reduced through a decentralised production network composed of intelligent production units, so called
cyber-physical systems (CPS). As the product is choosing its own path through the cyber-physical production
system (CPPS), it can be added to the automation system pyramid. “Connected World” is representing outside
connections via the internet. /6/

Horizontal Integration addresses the interconnection of all participants across the value-added chain of the
production process and creating value adding networks, for example different production machines in the

enterprise, as well as participants outside the enterprise. In this field, many digital business models are arising.
6/
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Integrated Engineering describes a digital consistency of information across the whole product lifecycle.
Relevant information is recorded and transferred continuously to be able to retrace every step of the tool chain
within the different phases of engineering and production. /6/

The human role in the professional environment changes from being deeply integrated into the production
process to higher planning and guiding tasks due to more intelligent production and personalised assistance
systems. Fast changing environments and systems require high flexibility and continuous readiness to learn.
Technicians specialised on a single domain are becoming systems engineers. /6/

Although current developments differ in many aspects, they all match in significant increasing internal system
complexity. Tasks of the intelligent production systems will be handling this complexity and making essential
functions much easier to use for operators, clients and everybody interacting with the systems.

1.3 Economic Benefits

The economic benefits of the fourth industrial revolution are predicted to affect the whole value-added chain of a
new product from the development, to manufacturing process, up to its usage and reconfiguration. New
profitable and highly scalable business models, strongly based on using and sharing real-time data and
information are currently arising /4/. The promised benefits for the manufacturing industry are represented by
Wieselhuber as following /7/:

e higher efficiency of production (quality, output, availability)
e higher effectivity of production (flexibility, changeability, adaptability)
e reduced capital costs for production goods (XaaS - Everything as a Service)

WGP estimates a reduction of costs of up to 70% in parts of the production /4/.

1.4 General challenges

Although the predicted benefits are very promising, a few people in the field of Fluid Power seems to know
exactly how to deal with the changing circumstances resulting in new requirements imposed to their future
products and enabling new potential digital business models. Studies show that especially small and medium-
sized enterprises, four out of ten are not following any implementation strategies or taking part in the
development and application of IloT-technologies /8/. One explanation can be found in very diverse
understandings of “Industrie 4.0” due to the confusing promotions by the media and marketing divisions, which
are labeling anything “IloT ready”, legitimate or not. Other challenges are seen in high investments /4/ to
compensate the lack of technical expertise and infrastructure /4/ on the one hand and to quantify the resulting
benefits on the other hand. As well as concerns about Cyber Security /4/, another problem in the classical field of
mechanical engineering is the understanding of the correlation between abstractly discussed digital business
models and thus necessary design modifications to the components and machines in a company. Condition
Monitoring (CM) and Predictive Maintenance (PdM) are broadly recognised future applications and accepted
business models related to the Industrial Internet, but for many parties they are the only ones.

2 Commissioning of a linear electro hydraulic actuator

To examine another point of view to the current technologies of “Industrie 4.0 and to relate them to the field of
fluid power systems, the following part presents the conducted analysis of the commissioning of an electro-
hydraulic-actuator (EHA) which could be integrated by the Original Equipment Manufacturer (OEM) into a
machine. As depicted in this section, a majority of the commissioning process is still done manually. Within the
settings of a smart factory, plug and play or plug and produce usually combines the installation and
commissioning of a system. As part of plug and produce, the goal is to facilitate, speed up and maximise
automation of the integration process of a new system for production.

2.1 Commissioning state of the art

2.1.1 Definition

Goal of the commissioning process is to set up the functionality and prove its performance to fit its design
requirements. To do so, different tasks need to be done (referring to /9/):

e  Setting up and checking the functionality of single components and their interacting behaviour
e Adjusting and optimising parameters
e  Eliminating failures and mistakes

e Completion of the documentation

2.1.2 Structure and connections

Figure 3 shows the EHA built into a machine and other interacting systems. The vertical hierarchy of the
automation pyramid and the differences in communication can be stated as following. The hydraulic system is
composed of a proportional valve, pressure sensors, a cylinder, a position sensor and hoses, all connected to a
simplified constant pressure source. The valve is linked to a valve controller and an axis motion controller.
Signals in this presented hierarchy level of the field devices are mainly transmitted analogue. Without the correct
settings, those transmitted voltages and currents do not represent usable information. The programmable logic
controller (PLC) is connected via fieldbus. To obtain a safe functionality of the drive, the mentioned connections
need to meet real-time communication (RTC) requirements. Higher hierarchy level systems (Enterprise-
Ressource-Planning (ERP), Manufacturing Execution System (MES), Supervisory Control and Data Acquisition
(SCADA)), are connected to the PLC by using the Local Area Network (LAN) and have non-real-time
communication (NRT).

ERP Superior systems ‘ Commissioning engineer (CE) @ ‘
MES
SCADA Vendor specific configuration devices
?
v Machine (hydraulic view)
PLC PLC

3! o

Valve-controller

Axis-controller ||
Fielddevice
Other systems of the machine
Application / Enviromnent / Product
Produkt

— Mechanic: p, Q, F, , v.. — Electric (analogue): V, A — Electric (digital): bit

Figure 4: Components and connections of a linear electro-hydraulic actuator
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2.1.3 Steps of the Commissioning
After installation, the ramp-up process of the EHA carried out by the OEM can be divided into following phases:
e  Validation of the assembly
e  Setting up IT-Systems
o Integrating field devices
e  Configuring Human-Machine-Interface (HMI)
e  Activating the System (Modes: Fail-Safe, Open-Loop, Closed-Loop)
e Testing
e Completion of the documentation

After setting up the system, the commissioning engineer (CE) needs to check the assembly of all hydraulic and
electric parts and their connections. Firmware on the PLC as well as on configuration devices needs to be
installed or updated. Afterwards, every broadcasting and receiving device needs to be configured to make them
understand their communication partner (analogue current and volt or fieldbus). The variety of existing signals
and their mapping into higher hierarchy levels makes this step very time consuming and prone to failure in
complex systems. The CE uses various data-sheets and his technical knowledge to execute this task. Additional
functions for different operating modes, safety and diagnosis are implemented in the PLC. Valve and axis
controller are configured and parameterised by plugging-in an additional vendor-specific configuration device.
Configuration and mapping of signals for the HMI need to be carried out as well.

To obtain a safe first activation of the drive, the maximum input values of the valve need to be limited, pressure
relief valves and the pressure source are set manually to a low level by the CE. In manual or open-loop control
mode, tests for the correct direction of the drive and a corresponding position signal are part of the plausibility
routine. Checks for mechanical collusions are carried out as well. Dissolved gas is released out of the system, oil
gets refilled and the fail-safe system limitations are set back to the desired operating values. As the controller
gets activated, parameters are optimised during reference runs in closed-loop control mode. Finally, a test cycle
is executed and the results are added to the documentation. The machine is ready to be integrated into the client’s

production process.

2.2 Analysis of the Use-Case

As described in the section above, most of the commissioning steps are done manually by the CE or the
technician. Only in modern systems, a few steps are executed semi-automatically by the support of assistant
systems. A detailed analysis of every single step referring to the following criteria has been carried out:

e Involvement of technical domains (mechanics & hydraulics, electronics, information technology)
e Necessary knowledge and information

e  Source and transfer of the information

e  Type of execution (manual, semi-automatic, automatic)

Several results can be summarised as following.

2.2.1 Involved technical domains and type of execution

To automate a specific task, it needs to be connected to information technology. In the analysed use-case, around
three-quarter of the steps of the commissioning are somehow related to information technology (see Figure 5). In
many cases, almost every step is directed to the manual action of a commissioning engineer or technician. Only
about one quarter of the steps exclude any relation to information technology.

Hydraulics, electronics, mechanics:
checking for leckages, adjusting pressure,
relief valves, checking for mechanical collusion, etc.

"  Information technology, ...:
configuring devices, setting parameters,
mapping signals, driving test cycles, etc.

Figure 5: Involved technical domains by the analysed commissioning steps

2.2.2 Necessary knowledge

Much knowledge is applied and a lot of information is needed during the commissioning process. The model
pyramide of knowledge (“Wissenspyramide™) of Fuchs-Kittowski /10/, describes the creation of knowledge by
linking different information together. Figure 6 gives an example of required information and knowledge for the
commissioning process. Classicaly, knowledge is mostly created by the commissioning engineer to derive and
execute correct actions.

. Action = CE sets parameters
Knowledge = Fluidic control = Desired state .
Linking
= Sensor characteristics = Application information
Information = Fluidic scheme = Machine requirements

= Cylinder characteristics = Engineering information

Semantic = Application information = Simulations

understandig = Valve characteristics = CAD, Fluidic schemes

Character
Figure 6: Exemplary necessary knowledge and information for the commissioning (according to /10/)

2.2.3 Source and format of information

[nformation has no specific structure. It can be represented in lists, diagrams, tables, free text, figures, data bases
and many more. In practice, a large amount of information is transferred analogue, via sheets of paper (e.g.
manuals, valve diagrams, catalogues, etc.) or during conversations for example between the commissioning
technician and the development engineer of the machine. Even the format of information of digital sources is
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various, too. Information is stored in configuration files, digital datasheets, simulation models or simple pdf-
files, which can be downloaded from the manufacturer’s homepage.

2.3 Evaluation of the Use-Case

The various relations of commissioning steps to information technology shown in figure 4 are representing third
industrial revolution technology (automation through computational power) in fluidic production machines. At
the same time, the conducted use-case analysis illustrates limitations of “Industrie 3.0” referring to the
automation of individual tasks. Figure 7 lists those challenges and relates them to possible technological
solutions of “Industrie 4.0” to solve the problems by automating individual tasks as well, represented by the
automated commissioning.

r%\
’ TN
l. 3.0 4 = 1.4.0
N
Ji | P MoGem ICT
= incompatible communication = semantical and standardized communication
= unstructured data between random participants
= information temporally and locally distributed = consistency and linkage of information
= missing coherences = real-time" information
= systems have no experiences = Machine Learning, Big Data

Cyber-physical systems

= horizontal value network (SoA)
= smart components, digital functionality

= actuators without embedded IT-systems
= manual tasks done by technical staff

General solutions for the commissioning

= individuality # profitability # flexibility = commissioning mostly automatic

= labour-intensive at individual tasks = self-organizing & convertible modules

= staff acts as troubleshooter, supported by
assistance systems

Figure 7: Challenges of “Industrie 3.0"-systems and technological solutions of “Industrie 4.0” by the example

of commissioning

2.3.1 Knowledge

One major problem is the insufficient knowledge of the machine. Being caused by multiple reasons, one is the
incompatibility of the various communication paths between systems of different hierarchy levels, different
functionality or different manufacturers as described in the section above. To achieve a good interoperability,
basic standardised communications for the manufacturing industry like for example OPC-UA and
AutomationML are introduced /11/.

Unstructured and undefined information, i.e. a mix of numbers, diagrams and drawings on a datasheet, cause
problems in terms of machine based processing and effective usage of information. Today, humans interpret the
variety of data and input individual required values into the machine. As consequence experts in multiple
working groups among different branches are defining basic attributes in order to describe useful properties and
features of components and whole systems to increase its computational processability with minimum effort.
Current interim results are continuously being integrated in eCl@ss Standard /12/.

Access to information is limited by its local and temporal range which is defined by the source of information.
For example, information that was created during the phase of engineering can provide added value two years
later for the ramp-up process of machines in another country. Cloud-technology enables worldwide availability
of information by connecting via internet for an unlimited period of time. In other local approaches, useful
information, which is generated along the whole product lifecycle, gets stored on the product or a virtual data
space directly linked to the product. Current generated information can also be sent to other places in real-time.

Currently, technical, organisational and structural knowledge concerning the commissioning is largely based on
human experience and provided by specialised technicians and engineers. In order to handle correlations and
dependencies, data models of different perspectives are built up and combined in Virtual-Machine-Models
(VMM) /13/. The digital twin is one among others discussed. It describes a virtual representation of the real
machine which can be analysed in terms of actions and reactions. Additionally, analysing collected data of many
commissioning processes (Big Data) and applying machine learning algorithms can build up information
technological machine experience and thus improve future ramp-ups.

2.3.2 Action

Based on the latest knowledge, different actions are conducted. Bigger tasks, like the automation of
commissioning, are divided into small tasks, solved by functions and services, provided by the available smart
components in the system. This can be achieved by a service-oriented architecture (SoA) which had been
initially applied in the field of distributed IT-Systems /13/. Referring to the “Industrie 4.0” the service oriented
architecture is based on CPS which are the enabling elements to increase the interoperability of systems. They
provide encapsulated services and functions that can be executed independently of each other. The flexible
arrangement of independent services makes the system adaptable to different configurations and other changing
constraints. Automated tuning of the integrated axis controller would be a service in the commissioning process,
offered by a smart valve. In several branches, typical descriptions, operational modes and functions of machines
are currently being standardized via the OPC-UA Companion Specifications. “AverageCycleTime” and
“MachineCycleCounter” for example, represent supplier and machine independent functions, defined in
EUROMAP 77 /14/ and EUROMAP 83 /15/ by the branch of Plastic and Rubber Machinery to increase the
interoperability of injection moulding machines.

To communicate available services and relevant information right after connecting the devices to the system, a
basic communication is another obligatory feature of a CPS.

Several steps of the commissioning might still be executed manually by the technician. Those steps rely on
elements that cannot be manipulated via information and communication technology (ICT) since they are not
integrated into the system, some not even electrified. Besides adding on-board electronics (OBE) to passive
elements, other smart components in the system might provide the required functionality. For example a cylinder
does not need to be connected necessarily to the IT-system, if the attached valve provides additional
functionality.

2.3.3 General aspects

The classical commissioning process is very reliant on the performing commissioning engineer or technician.
Knowledge and manual actions are related directly to this person and thus they are very limited regarding their
local and temporal availability. Skills of a single person are not scalable compared to software and furthermore a
technician can leave the company with its valuable knowledge and experiences. Different abilities of humans
and non-transparent ramp-ups cause unpredicted results in quality, duration and costs of the process which
makes it hard for a company to calculate without risking production delays or having resources overhead.

In the scenario of a smart factory, commissioning is becoming very important. The highly flexible production
and the reduction of capital costs by temporary renting a production machine (Pay-per-Use) is causing plenty of
reconfigurations and repeated commissioning of the machines.

Consequently, mostly automated commissioning (Plug-and-Produce) is the desirable method in a smart factory.
People in the production are helping out when the machines action is limited or unexpected errors occur. Modern
assistant systems with a personalised human-machine-interface based on visual guidance technology, like
augmented reality is supporting non-specialised personal in different execution tasks. If expertise is required,
engineers or specialised technicians can support via remote assistant systems.



3 Summary and Outlook

This paper describes basic limitations of the automated integration of current fluid power field devices by the
example of a linear electro-hydraulic actuator. As a result of the technological achievements of the third
industrial revolution, many commissioning steps and components are already related somehow to information
technology. Still, most steps during the commissioning are conducted manually by a commissioning engineer.
This can be explained by the individual and changing character of specific tasks, such as a commissioning, that
is not feasible for classical automation technology. Due to continuously changing circumstances, knowledge and
experience is required to conduct the correct actions.

Developments of “Industrie 4.0” are tackling this problem. On the one hand basic definitions of functions and
standardisation of information are improving the computational understanding and interoperability of individual
machines. On the other hand, the availability of data and information is improved massively by modern
information and communication technology, for example via global accessible clouds. Data is collected
consistently across the whole product lifecycle. Through powerful algorithms and increasing computational
power, knowledge is generated via big data analysis and machine learning.

Increasing the flexibility of actions and improving the interoperability of different systems can be achieved by
the service-oriented architecture. It makes it possible to processes bigger tasks, like the automation of
commissioning, by executing distributed functions and services, provided by the system. Cyber-physical systems
are the basic element due to their embedded intelligence, basic communication and encapsulated services and
functions.

Current research is focusing on the vertical integration of field devices in the defined use-case by implementing a
service-oriented architecture of cyber-physical systems. Another digital concept like Assed Administration Shell
(AAS) /16/ has the potential to enable horizontal integration, to improve vertical integration and to achieve a
consistency of data across the whole product lifecycle.

Furthermore, more use-cases can be analysed in a similar way to complete the picture of future requirements to
consider services and attributes in current standardisations.
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Nomenclature
Abbreviation Description
AAS Assed Administration Shell
CE Commissioning Engineer
CM Condition Monitoring
CPPS Cyber-physical production system
CPS Cyber-physical system
EHA Electro-Hydraulic Actuator
ERP Enterprise-Ressource-Planning

HMI Human-Machine-Interface

ICT Information and Communication Technology
IIoT Industrial Internet of Things
ToT Internet of Things

LAN Local Area Network

MES Manufacturing Execution System

NRT Non-real-time communication

OBE On-board electronics

OEM Original Equipment Manufacturer

PdM Predictive Maintenance

PLC Programmable logic controller

RTC Real-time communication

SCADA Supervisory Control and Data Acquisition

SoA Service-oriented Architecture

VMM Virtual-Machine-Model

XaaS Everything-as-a-Service
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Predictive Maintenance Service Powered by Machine Learning and Big Data
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We present a service for Predictive Maintenance in which existing machine data from control units or data from
retrofitted sensors can be acquired from industrial machines by various gateway solutions. These gateways
preprocess the data onsite and transmit it securely to a cloud-based Big Data system without impacting the
production process of the industrial machine. Additional servers run Machine Learning algorithms to analyze the
incoming data and generate data-based models representing the machine behavior. Results from existing
applications show that significant benefits can be created for our customers and that Machine Learning algorithms
demonstrate superhuman performance in detecting anomalous machine behavior.

Keywords: big data, digitalization, connectivity, machine learning, predictive maintenance
Target audience: mobile hydraulics, industrial hydraulics, industrial internet

1 Predictive Maintenance

The goal of Predictive Maintenance is to increase the availability of machines by recognizing failures or problems
before significant damage is cause to the equipment. With advance information of developing failures, the machine
operator is able to prepare required maintenance activities well in advance and avoid unplanned downtime. This
is particularly beneficial on mission critical machines in 24/7 operation where downtime is very costly. Predictive
Maintenance builds up on Condition Monitoring practises, traditionally carried out using threshold monitoring
based on signal analysis: Thresholds for alarms levels are set on individual sensor signals. Also, predefined rules
can be used for more complex systems. The interpretation of the data rests on human experts. A Predictive
Maintenance system will add an analytics component to assist a human expert in detecting possible failure patterns
and maintenance recommendations. This increases the level of automation and accuracy of the predictions. The
Predictive Maintenance service presented in this paper uses Machine Learning to reach the required prediction
accuracy and to provide an easily observable metric for decision making by human experts. Advantages of this
approach, a high prediction accuracy and the reduction of manual setup work, have been demonstrated in academia
/3/. The requirement of such an approach is a large volume of data in order for Machine Learning algorithms to
learn typical failure patterns. Modern Big Data IT systems are capable of handling huge data volumes and although
adoption in traditional industry is not yet common, this is commonplace in IT industry especially among popular
cloud services like Facebook and Twitter. At the same time, advances in Machine Learning methods and
computing, especially GPU computing, has made the required computing resources available. The platform
developed by Rexroth, ODIN, uses these technologies to collect and analyze data from a growing worldwide
network of connected machines.

2 Machine Learning

Machine Learning is a field of Artificial Intelligence in which an algorithm constructs a model based on input data
in order to make predictions. No explicitly programmed instructions are used to create the model, which enables
problems to be solved where limited or no domain knowledge is available. The flow chart in figure 1 shows the
process of training and applying a Machine Learning algorithm. After acquisition of data from a selected data
source it has to be preprocessed, e.g. by scaling the data and imputation of missing values. After preprocessing a
Feature Extraction step extracts significant information from the data in order to improve the following training
step. During the training phase a learning algorithm is used to iteratively adjust the internal parameters of the
Machine Learning model to improve itself. Once a desired accuracy or a preset training time has been reached, the
model can be saved and later used to make predictions with unknown data. /1/

Training
Completed?
Data Data Feature Yes Predictions
- > . > . Apply Model
Acquisition Preprocessing Extraction
No
Training

Figure 1: Data flow in a Machine Learning process

In Predictive Maintenance, the goal of a trained Machine Learning model is to predict failures, i.e. assign a known
failure category to a presented data set. Two distinct types of learning are of particular interest in this application:
Unsupervised and Supervised learning.

2.1 Unsupervised Learning

When no example data of failures is available, unsupervised learning can be used for anomaly detection, i.e. to
detect unusual patterns in the data by comparing newly acquired data to previously observed reference data. These
patterns can later be labelled and used as input data for a classifier trained via supervised learning.

2.2 Supervised Learning

Supervised learning is preferred when labelled data from known failure patterns is available either through
experiments or collection of field data. Also, unsupervised learning can be used for data exploration on unknown
data sets to assist the labelling process. The data is labelled with the target category for prediction and used in the
training process. After training, a classifier will attempt to classify unknown data to these predefined categories.
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2.3 Advantages of Machine Learning

Many machines are purpose built for a specific application and therefore exhibit a unique behavior. Additionally,
environmental effects like temperature variations, noise, vibrations, etc. influence the sensor signals. To make
matters worse, the data volumes produced by industrial machines are often very large. One reason for this is the
need for high frequency measurements due to highly dynamic production cycles of the machine. These
characteristics make the assessment of the health state of the machine based on manual inspection of individual
sensor signals or simple rules next to impossible. For a Machine Learning algorithm such characteristics do not
pose a problem. Learning patterns in the data is possible as long as there is enough data for the algorithms to work
with. An example illustrates the capability of this approach: A Machine Learning algorithm reaches a prediction
accuracy of over 95% predicting failures on an axial piston pump /3/. The data was collected on a series of test
bench experiments by collecting vibration data from accelerometers mounted on a pump. Measurements were
carried out on a Good pump as well as after introduction of built in failures. Additional measurements were
conducted by running the pump out of specifications. The high variation in the vibration signal which is caused
by a different setup of the test bench and maintenance work was taken into account by repeating the measurements
after adjustments in the piping of the test bench and after performing a series of simulated maintenance steps on
the pump. When the data is presented to a human expert for manual classification, the prediction accuracy drops
to 43%.

3 BigData

Regardless of the definition of the term Big Data based on the data itself (e.g. 3 Vs, 4 V:s), efficiently handling a
data set exceeding the storage capacity of a single computer requires the use of a distributed computing framework
like Apache Hadoop /2/. In Hadoop each node in a cluster of servers contains storage and computation resources
and jobs on the complete data set can be performed using the combined computation and storage capacity of the
cluster. Access to the data at the lowest level is provided by a file system, HDFS (Hadoop Distributed File System).
Minimal structuring of the data is needed when stored in HDFS, which allows various types of data to be stored
as collected from data sources (text files, images, measurement data, logs etc.). Various additional modules in the
Hadoop framework allow for data to be structured and processed as required by the use case, e.g. Spark
(computation), Hive (data warehouse) and HBase (data structuring into tables). Hadoop contains a management
system, YARN, to manage resources and jobs on the cluster. Data on the cluster is typically replicated on several
servers/racks. In case of a problem, e.g. hard drive failure, the copies of the data on other hard drives will ensure
that no data is lost. This is all managed automatically and is an essential feature for clusters containing thousands
of servers. The following chapter shows the architecture of such a system.

4 ODiN Platform

4.1 Architecture

Rexroth has developed a cloud-based Big Data platform, ODiN, in which existing machine data from control units
or data from retrofitted sensors can be acquired from industrial machines by various gateway solutions. These
gateways collect the data parallel to the control unit of the machine, preprocess the data onsite, prepare it for
transmission and forward it to the centralized ODIN Big Data system. The data collection does not impact the
production process of the industrial machine since no control functions are performed by the gateway. A secure
https data transmission over the Internet is realized in parallel to the existing machine network typically via a cell
phone network in order to avoid interference with the onsite network infrastructure.

Gather Store/Clean Analyze Display
Data Data Data Data
= REST API = Apache = Machine = Machine
= Apache Kafka Hadoop Learning Health Index
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Stream = Mobile web
Processing site/ Apps

Q

© Ooo

. .- > nee ’
oo

o
XTI ke T
ol ok o
B

Figure 2: Data processing in ODiN platform

Figure 2 illustrates the data processing within the ODiIN system. The cloud-based Big Data system consists of a
cluster of servers for hosting data from all connected machines worldwide. The data ingestion is carried out by
servers running Apache Kafka receiving data from the gateways on machines via a REST API. These servers feed
the data to a Hadoop system where data is stored in HDFS. HBase stores the data in a more structured form for
easier access by visualization and analytics processes.

The system implements the lambda architecture consisting of a stream and batch processing part. Stream
processing uses Apache Spark and carries out simple statistical calculations (e.g. mean) directly on the input data
stream. The results are pushed towards a web portal for fast data visualization purposes. Tasks requiring more
computing power, e.g. Machine Learning, are carried out by the batch processing part. Dedicated analytics servers
access data in HBase or HDFS, perform predictions on the data and output the results back into these data stores.

The web portal visualizes the results of both stream and batch processing. Quick status information is available on
a dashboard and a charting tool gives the users a more detailed access to data and a look at long term trends. The
web portal also includes tools for maintenance report generation, accessing equipment information including
sensors, a message feed and gateway connection status. Administrators have the possibility to manage users and
organizations. A mobile website for handheld devices contains basic information (dashboard and messages) for a
quick status check.
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4.2 Machine Health Index

The status of machines is displayed using a dedicated metric, the Machine Health Index. Where traditional signal
analysis with threshold monitoring involving dozens or hundreds of sensor signals from each connected machine
would be laborious, the Machine Learning algorithms condense all input signals from a component or a larger
system to a single value, thus simplifying the monitoring of applications. The Machine Health Index quantifies the
behavior of the machine or component ranging from 0 to 100 (0 = poor health, high failure probability, 100 = good
health, low failure probability). Figure 3 shows a large number of input sensor signals available for monitoring in
a traditional approach. The condensed information out of these signals in a Machine Health Index is shown in

figure 4.
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Figure 3: Example sensor signals from industrial equipment
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Figure 4: Example of a Machine Health Index with a failure developing over time

In the case of unavailable failure data, the Machine Health Index is based on known failure free reference data
from the machine in question. This data is typically collected after installation of the system. In a retrofitted
machine a fitness check ensures that the equipment is running nominally. An unsupervised Machine Learning
algorithm will then compare incoming data to the reference state, the Machine Health Index will represent the
deviation from the reference state. On large machines with a high number of sensor signals the Machine Health
Index can be calculated for each component in the machine enabling a more detailed overview of the health of the
machine. If known failure data is available, a more precise calculation of the Machine Health Index including the
probabilities for the known failures with supervised learning is possible.

4.3 Predictive Maintenance Service

The presented ODIN platform is the basis for a Predictive Maintenance service. This service is offered to customers
as a complete package containing data collection, analysis, status reporting and implementation of service actions
when necessary. The following chapter shows examples from implemented real life applications.

5 Examples

A break disc manufacturer is using the Predictive Maintenance service presented in the last chapter to increase the
availability of a mission critical hydraulic power pack in the production process. The Predictive Maintenance
solution would complement an existing scheduled maintenance to further reduce the risk of unplanned downtime.
Since no redundancy is built into the power unit, a breakdown of the pump will lead to downtime of the power
unit and affect the production process. The power unit was retrofitted with sensors and a gateway collecting data
and sending it into the cloud for analysis. After a fitness check the system went live and a Machine Health Index
is calculated for each component in the power unit (pump, oil, filters, cooling system). Figure 5 shows an excerpt
or the data showing the Machine Health Index for the pump developing over time. After running 70% longer than
a scheduled maintenance would have allowed, the behaviour of the pump suddenly changed as indicated by the
significant drop in the Machine Health Index. The customer was contacted after a detailed diagnosis by human
experts and a replacement of the pump was scheduled a week later. Production continued normally until the
replacement. A bearing failure was detected at the inspection of the replaced pump. Due to the advance warning
the customer was able to improve organization of the maintenance stop and subsequently cut the maintenance time
by 50%.
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Figure 5: A sudden decrease of the Machine Health Index in early November indicated a significant
deterioration of the pump. The customer was immediately notified and maintenance work could be carried out a

week later.
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A sudden change in machine behaviour like in the example above requires maintenance actions to be taken fast.
An example of a slowly developing failure can be shown in figure 6. There is a slowly developing trend in the
Machine Health Index several weeks before a serious problem arises. This enables machine operators to be notified
well in advance. In the example below, the pump is deteriorating slowly and as soon as a more significant drop to
60 in the Machine Health Index occurred, the customer was notified to schedule maintenance. This time,
maintenance could be scheduled three weeks later. During these three weeks the Machine Health Index kept
deteriorating but the pump was still operating nominally. This time a less dramatic failure was detected at
inspection after pump replacement. However, a failure process was ongoing and the pump would have failed in
the near future.
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Figure 6: Health of the pump over time. A clear downward trend can be observed. The customer was notified in

the middle of October to schedule maintenance. Maintenance was carried out three weeks later.

In the examples above, the Machine Health Index serves as the first indicator of an anomaly in the application and
removes the need for humans to continuously analyse the incoming data. Human experts are still needed when an
anomaly occurs to decide the correct action to be taken.

With an increasing number of machines connected to the ODIN system the data store is growing rapidly and
generating the basis for more detailed failure diagnosis further automating the analytics process.

6 Conclusions

Maximizing availability on industrial machines with Predictive Maintenance requires a higher degree of
automation for data analysis when compared to traditional condition monitoring systems. The examples presented
in this paper show that Machine Learning algorithms provide this capability by accurately predicting patterns that
represent sudden as well as slowly developing failure processes in fluid power equipment without significant
human involvement. The required Big Data system containing data from all Predictive Maintenance applications
worldwide can be implemented using state of the art software solutions.

When included in a maintenance contract, this solution can significantly reduce downtime on customer machines
as demonstrated on real life examples. Due to advance planning, savings of up to 50% in maintenance costs could
be achieved. Additionally, lifetime utilization of equipment can be significantly increased in applications where
scheduled maintenance is currently used (by up to 70%). Once in place, the data in such a platform can be used by
data scientists for the development of additional data based services for end customers as well as component and
system manufacturers further increasing productivity.
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Industrial Internet of Things (IloT) and Industry 4.0 are very popular buzz words today. The ,,me too” factor is
pretty high and attracted companies are faced with an overwhelming market of data management solutions. But
despite the large amount of data that can be collected from industrial facilities, the real benefit is behind colourful
graphics and charts. To get there, the data provided by the connected components of an [loT capable system has
to be analysed and put into context. So, the question is not what can be done with all the collected data but how to
generate useful information.
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1 Introduction

Monitoring industrial systems is no new invention at all. Equipping a system with a few sensors and logging their
data has been best practice for decades. A more sophisticated approach is condition monitoring as an early
approach for predictive maintenance, years before it became one of the most popular catch phrases for [loT.

The real differences between conventional and smart systems are their grade of connectivity and the simple
existence of certain sensors due to their integration just into the used components. It means that more components
have more to say and are provided with a forum to do just that. That sounds quite simple, but distributing data in
an industrial environment is a challenge for various reasons, including security restrictions.

Beyond the challenges that data acquisition entails, data processing is the key to further benefits. IlloT provides
contextual analysis of the same data in different domains and levels.

2 Smart Data

Frequently, measured data only becomes useful information in the broader context. This transition requires some
kind of intelligent processing.

2.1 A trivial analogy

A car driver is an excellent example of a human data processor. His task is to use all relevant information provided
by his senses to drive the car safely. The differences between experienced and unexperienced drivers are

e the definition of “relevant information™,
o the definition of “safe operation™ and
e the individual grade of control over the system.

Unexperienced drivers are often overwhelmed by the amount of available information. Traffic, road condition,
weather, traffic signs, pedestrians, buildings, even the radio programme — all this will be noticed by this driver
and taken into account. The data analysis is very time-consuming, and hopefully his skills are sufficient to react
adequately.

By contrast the experienced driver is able to filter the incoming information a lot better. He knows the relevant
bits in the data stream that affect the behaviour of his vehicle. The reason for that is that he has got a much better
idea of how his car reacts and what the requirements for a safe journey are. Objects beneath to the road are, for
example, no threat as long as they do not intend to move towards the car’s heading. Moisture on the road is more
dangerous in leafy corners than on motorway straights, and so on.

The experienced driver has developed a model of his environment and the objects he uses and is able to feed it
with current data. He knows how slippery a wet, leafy road is and when his car begins to lose wheel grip. Having
analysed the relevant data and applied that to his model, he is able to predict how fast he can drive through the
next corner without hitting anything.

2.2 Analysing data

As shown in 2.1, the quality of prediction depends on current data, knowledge about the behaviour of a system
(the model) and experience. Screening the relevant data and assessing it manually is an appropriate way for a
manageable amount of data and simple systems, but it reaches its limits with increasing data amounts and system
complexity as occurring when the full potential of new technologies like IToT is to be exploited. Referring to the
driver example, even experienced drivers get overstrained sometimes if the needed information cannot be
recognized at once. So, there is the need for an experienced driver with very quick comprehension who can analyse
data based on his earned knowledge.

A promising approach to a quick and complete examination of data is automated data processing. A contemporary
data processing system can observe millions of values in fractures of seconds, compare them with thresholds and
display warnings to the operator. Despite its performance, this approach alone would be insufficient having the
large amount of data in mind that can be provided by IloT systems, at least if one would like to tap the full potential.
If the correct relations are established in the system, the correlation of all this data unveils a deeper information
layer. The instance that can make these relations is the model.

2.3 Digital Twin

Using a model in automated analysis allows estimating the condition of a subsystem or component, even though
it is not directly monitored by dedicated sensors. It acts as a virtual experienced maintenance engineer who can
diagnose a system from many malfunctions by just listening to his machine’s noises because of the knowledge-
based model in his mind. Beyond that, the approaches of both the maintenance engineer’s mind model and the
digital model can be used for “what-if” scenarios. It means that it is possible to use a model for extrapolating
current data based on a behavioural description. An obvious use case is predictive maintenance. This method tries
to avoid unexpected system downtimes due to worn-out components by monitoring the trend of certain indicators
and providing an estimated remaining runtime until the need for maintenance. The indicators are calculated by a
simulation model that is a replica of the real system — a digital twin.

Real-time data processing for a huge amount of data, a digital twin of the whole system — that offers a whole bunch
of new possibilities, doesn’t it? Being able to predict every future development of any component in the facility
sounds tempting but, in fact, that is not the way it goes.

A major critique on simulation is often the lack of completeness. Simulation models are just as accurate as the
behavioural description behind and only within its validity range. To achieve a sufficient grade of accuracy, the
model has to be very precisely defined. This is directly related to the computational power required for acceptable
calculation times. Such an accurate model representing a whole facility with all aspects would therefore be way
too slow to provide the current state of the system in time.

At this point, the car driver example in 2.1 could be helpful a last time. The purpose of the driver’s model is to
ensure a safe journey. That does not include any other coherence like the photosynthetic uptake of the tree beneath
the wet corner while the car passes by, emitting carbon dioxide, although this is of course also an important issue.
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But the environmental model of our driver has to include the tree’s effect on his car when he hits it in case of a
miscalculation, not the biological processes of the wooden plant.

This strategy of simplification and concentration on the relevant things can be transferred to the concept of the
digital twin. The guiding principle should not be “Process all of the available data”. In fact, a definition of what
information is useful for an additional benefit should come first. A simulation model for exactly this purpose is
most likely computable in reasonable times and much more maintainable because of its size.

2.4 Use case

Suppose a system contains hydraulic cylinder drives. The drives are position controlled and used for material
processing where accuracy and speed have top priority and machine downtime has to be absolutely minimized.
Power supply is provided by an adjustable pump unit. The layout of the cylinder drive is shown in Figure 1.

The subsystem is equipped with the common sensors that can be found in many similar systems. A PLC processes
the relevant sensor data and activates the pump and the servo valve. The operator is quite up to date and has
established a pool for all the accumulating data of his facilities, catchy related to as the cloud. Although the
components of the described subsystem have been provided by different manufacturers, they are all able to transmit
data to the cloud, either via the PLC or via their own interfaces.
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Figure 1: The digital twin as data analyser

As mentioned, the operator is especially interested in keeping the machine running and remaining a high standard
of accuracy. Concentrating on the exemplary cylinder drive, there are at least two components that can be related
to these requirements: the high-pressure filter and the servo valve.

Some operator’s questions could therefore be

e When does the filter have to be changed if we keep the current operating conditions?

e When will the servo valve be too worn-out to keep the tolerances while maintaining the current speed?
or maybe even

e With the current system condition, how fast can we produce without affecting quality?

The filter is a component that has to be maintained frequently, depending on run-time, fluid contamination, or even
sudden stress failures, so monitoring this component closely could reduce machine downtime. The servo valve
suffers from wear of its metering edges, which has an impact on system performance and accuracy. The similarity
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between both components is that they cannot simply raise their arm and say “Hey, operator, I'm tired

The condition of these components can only be determined by context. The valve control signal value, for example,
has to be checked against the current cylinder movement profile and the differential pressure over the filter depends
on filter load as well as fluid viscosity. These dependencies are described within the model of the hydraulic part
of the cylinder drive, the digital twin, and it is part of the cloud.

3 The Value Chain

The creation of digital twins, as well as the creation of simulation models in general, requires know-how and data.
That can be a problem in terms of intellectual property, because the plant manufacturer is not necessarily the
manufacturer of the used components and could therefore have limited access to required data. One way to deal
with this information gap is to estimate the missing data based on experience or context. Another way is to add
new processes to the component manufacturer’s value chain.

3.1 Model Exchange

An obvious alternative is the deployment of the physical component along with the corresponding digital twin by
the component manufacturer (Figure 2). In this case the twin is technically a boxed simulation model with a defined
interface. This is not a new approach to the exchange of models, in fact it is one of the initial drivers for the
Functional Mock-up Interface (FMI):

“The FMI development was initiated [...] with the goal to improve the exchange of simulation models
between suppliers and OEMs.” (Modelica Association, /1/)

So, using the FMI protects intellectual property but allows the usage of a model that has been created by the
manufacturer itself and should therefore be as accurate as possible. The model, according to the FMI standard
called a FMU (Functional Mock-up Unit), becomes part of the digital twin that is located in the plant operator’s
cloud.

3.2 Component as a Service

The new flexibility offered by IloT also allows an outsourced analysis. The component manufacturer gets access
to certain values in the cloud of the plant operator and analyses the data using his own component twin. This
approach works best when the component does not have too many logical dependencies on the rest of the system.

Combined with a maintenance contract, the plant operator actually pays more for the function provided by the
component than for the component itself (Figure 3). A further aspect is the possibility of continuous adaptation
and improvement of the component due to the manufacturer’s access to real-time operating conditions. He could
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therefore install an improved version of his component at the next maintenance appointment. So, although the 4 Digital Thread

exchange of data with third parties is a major problem for many companies, both sides can benefit.
Working with digital models is an enabler for a connected data flow through design, development and operation

of a system. In the past, simulation models where mostly used during the product development phase. Digital twins

remove this limitation. Not only that these particular models are used in parallel to the real system’s operation
Plant Operator | Component Manufacturer ¥ B P 4 a

phase, they can also serve as prototype for a new clone to be used for future developments, being constantly fed
1}
A
M = B ¢

'Z‘Hllil‘ Component with real-time process data. This opens up the possibility of being able to carry out performance and wear
- behaviour studies during development on the basis of current data.

+

Ay ] lLT | Digital Twin

5 Conclusion

The Gloud Simulation models are no longer just development tools. They can accompany their real counterpart over its entire
lifetime. The digital twins serve as reference and test bench, they transform raw data into useful information. The
particular challenge with digital twins is not so much the creation of accurate models as the derivation of current
states based on measured data. The biggest challenge, however, is to even get close to data, at least for third party
cloud services. The distribution of data to the other side of the company site wall causes an uneasy feeling for

many plant operators.
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Towards digitalization of hydraulic systems using soft sensor networks
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Today buzzwords like “smart machine” and “intelligent component™ dominate the discussion about digitalization
in the fluid power domain. However, the engineering fundamentals behind the words “smart™ and “intelligent”
often remain unclear. A common and target-oriented discussion needs transparent approaches including the
applied technical system understanding. Therefore, this paper presents new concepts of soft sensor networks
which allow the aggregation of information about fluid systems from heterogeneous sources. Soft sensors
presented in this paper are physical models of system components that ensure transparency. Soft sensors and soft
sensor networks are applied on exemplary hydraulic systems on three different levels: (i) the sensor level, (ii) the
component level and (iii) the system level.

Keywords: soft sensor network, digitalization, condition monitoring, predictive maintenance
Target audience: mobile and stationary hydraulics, component manufacturers, system operators

1 Introduction

As the motto of the 11th IFK ,,Fluid Power Networks™ states, the digitalization in the fluid power industry is
becoming more and more important. New applications and functionalities are developed and may be a
competitive advantage on the market. At the same time, hydraulic systems are characterized by their high power
density, high reliability and good controllability for varying load requirements. Typically, such systems contain
positive displacement pumps, hydraulic motors for energy conversion, accumulators for energy storage and
valves to realize the control.

Despite of the high technical demands, hydraulic systems usually face a high cost pressure because of strong
competition. Thus, implementing new digital features, such as integrated sensors, condition monitoring and
predictive maintenance solutions are challenging. Integrating expensive hardware and sensors into hydraulic
components can only be considered for high-end applications due to financial reasons. Furthermore, today’s
discussion about digitalization of the fluid power domain is dominated by buzzwords like “smart machine™ or
“intelligent component”. However, the engineering fundamentals behind the word “smart” and “intelligent”
often remain unclear and the conflict between cost pressure and the realization of new features is neglected.
Given this background, soft sensors are a promising and cost effective solution.

Soft sensors are models of system components that allow the calculation of system variables. In control theory,
soft sensors are usually called “observer”. For their implementation, affordable computer hardware is necessary.
The recent price drop of electronic hardware offers possibilities for a wide range of applications. The Raspberry
Pi zero is a representative example. The fully equipped computer is half the size of a credit card and available for

58.

This paper presents new concepts of soft sensor networks combining multiple soft sensors to exchange and to
gain information about technical systems derived from heterogeneous sources. All presented soft sensors are
based on physical modelling and, thus, on clear fundamentals of engineering. The capability of soft sensors to
contribute to the digitalization in hydraulic applications is demonstrated in this paper by focussing on three

different levels: (i) the sensor level, (ii) the component level and (iii) the system level. Each application level is
motivated by its own research question: (i) How can costs of hardware measurement equipment be reduced?
(ii) How can components become self-aware and environmental-aware? (iii) How can additional information on
system level be generated and used for predictive maintenance?

To address these research questions, in section 2 this paper gives a brief literature review on soft sensors and
presents the further development based on hybrid soft sensors. Section 3 presents the soft sensor application on
sensor level and discusses cost reduction as well as the calculation of immeasurable system variables by means
of a pressure accumulator. Section 4 focuses on the soft sensor application on component level. Based on a
simple fluid the implementation of a self-aware pump that recognizes its or the system’s changing characteristic
due to wear is discussed. Section 5 presents the soft sensor application on system level where each component is
represented by a soft sensor. In this way, a redundant data acquisition based on different soft sensors is possible
and allows data induced conflicts. Data induced conflicts are used as an indicator of changed system behaviour
and provide an approach for predictive maintenance. Finally, section 6 gives a conclusion and an outlook on
future research.

2 Soft sensors and soft sensor networks

Literature review

Soft sensor is the abbreviation of “software sensor” and represents a cyber physical system that measures a
subset of system variables X; ,, of a process and, on this basis, computes unknown system variables X; . of this
process. For this purpose, process models are needed to describe the relation X; . = f(Xi,m)- These models can be
subdivided into the following three main categories: (i) physical models, (i) empirical models and (iii) data-
driven models based on machine learning algorithms (e.g. artificial neural networks) /1//2//3/.

Initially, the process industry, with its challenging conditions like plant size, rough environment for measuring
equipment and high costs concerning machine downtime, motivated the usage of soft sensors in the 1990s.
Facing the high complexity of technical processes, an analytical description often is not possible. Hence, given
the availability of historical plant data, most of the soft sensors in the process industry are based on data-driven
models and artificial neural networks. Their main use is to back-up measuring devices, to replace hardware
sensors, to estimate system variables for condition monitoring and controlling as well as to detect failure. In this
context, Fortuna et. al. /4/ and Desai et. al. /5/ prove the use of soft sensors in distillation columns and batch bio-
reactors, respectively. Furthermore, Kadlec et. al. /6/ give a detailed overview of further applications of soft
sensors in the process industry.

Nowadays, soft sensors can be found in various fields of applications, e.g., manufacturing or chemical industry.
A new field of application are fluid systems. Here, soft sensors are mainly used to replace the volume flow
measurement, since flow metering entails high acquisition and installation costs. Concurrently, flow control is
the most important control strategy in industrial applications /7/. Against this background Ahonen /8/ and
Leonow et. al. /9/ present soft sensor approaches that are based on physical and empirical models of single
centrifugal pump units representing the following pump characteristics: Q-H characteristic, Q-P characteristic or
Q-I characteristic, where Q is the volume flow rate, H is the pressure head, P is the power consumption and I is
the stator current of the electric drive of the pumps. Yong-feng et. al. /10/ describe a method to estimate the
volume flow rate of a gear pump, depending on the load pressure, rotational speed and varying viscosity of the
hydraulic oil. Their experimental analysis shows, that their soft sensor can achieve an accuracy of £2 %
concerning the relative error. Beside the scientific publications, soft sensors have already entered the centrifugal
pump industry. The pump manufacturers Grundfos and KSB developed the Alpha 3 series /11/ and the
PumpMeter /12/, respectively. Both soft sensors allow the model based determination of the volume flow rate in
the current operating point of the pump.
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New view on soft sensors

In contrast to the reviewed literature, a classification of soft sensors in distinct models needs to be overcome.
Instead it is useful to combine different approaches developing hybrid soft sensors. Hybrid soft sensors are
characterized by the combination of methods of problem condensation, e.g. dimensional analysis, cf. Pelz et. al
/13/, domain specific knowledge (axiomatic and empiric models) and data-driven models. Figure 1 illustrates a
generic hybrid soft sensor as a stack of filter disks representing the capability to combine, exchange and expand

different approaches.
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Figure 1: “Filter disks” of a hybrid soft sensor.

From this perspective, a soft sensor needs to be implemented as a digital twin of a respective component. In
order to create synergies and to gain information, the exchange of information of the multiple soft sensors is
necessary and useful. Consequently, this leads to soft sensor networks. Figure 2 shows the generic approach of a
soft sensor network applied on the example of a hydraulic drive system. In the first step, electric signals are
measured that are used by soft sensors to gain data based on their implemented models. In the second step, all
data of the soft sensors needs to be merged. This allows a detailed analysis to gain information on system level

and forms a basis for applications like predictive maintenance.
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Figure 2: Generic approach to aggregate system information based on a soft sensor network.

3 Sensor level — cost reduction in hydraulic systems

As mentioned above, high cost pressure often prevents the use of expensive measurement equipment in
hydraulic applications. From this perspective, the use of soft sensors provides a useful opportunity to realize the
determination of desired system variables. Particularly in regard to hydraulic components, a large number of
models already exists and is given by well-known literature /14/ /15/. On this basis, the application of soft
sensors in the hydraulic domain suggests itself. In the following, the model of a pressure accumulator given by

Pelz and Buttenbender /16/ serves as an illustrative example of a soft sensor application and its advantage usage.

The knowledge of the time-dependent energy content of a pressure accumulator during operation is often
desired, but the metrological determination is costly and, thus, usually not considered. However, applications
like the Hybrid Air of the PSA Group /17/ require the quantification of the energy content. As shown by Pelz and
Buttenbender /16/, this is possible with axiomatic description of the time-dependent behaviour of a pressure

accumulator by means of only three equations:

1. The equation of continuity that considers the temporal change of the density ¢ and the volume V, the
mass flow rate at the inlet 1, i.e. the product of the density g and the volume flow rate Q, and the mass
flow rate due to permeability 7i1,,

do 1)

VE+ 0Q +mperm =0.

2. The equation of energy that considers, firstly, temporal change of the volume specific inner energy, i.e.
the product of the density g, the isochoric heat capacity ¢y and the gas temperature T', secondly, the
enthalpy flow due to mass flows at the inlet and due to permeability, multiplied with the isobaric heat
capacity ¢, and gas temperature T, and thirdly, the heat flow due temperature difference between gas
temperature 7' and ambient temperature Ty with the accumulator surface A and the heat transfer
coefficient k

docy T

V= +(0Q + 1ipurm)e, T + KACT = Ty) = 0. @

3. The thermal equation of state of an ideal gas considering the pressure p as a function of the density g,

the gas constant R and the temperature 7

p = oRT. )

With known initial conditions p(0) = py, T(0) = T, and the integrated volume flow Q that gives the time-

dependent volume V

t

V:V0+det, “
0

the solution of the non-linear equation system (1) to (3) is possible and all remaining unknowns, i.e. the pressure
p, the temperature T’ and the density g, can be calculated. Pelz et. al. /16/ proof a good correlation between the
numerical solution and the solution of the linearized description. Given the transmission function, the description
of the time-dependent behaviour of a pressure accumulator including the energy content only needs the measured
volume flow rate at the inlet. At this point, calculated values of the volume flow rate (see section 5) may also
serve as input and can replace the rather costly measurement of the volume flow rate. As the example shows, the

implementation of soft sensors on the sensor level can reduce the expenses for measuring equipment.



1n

ifF4

4 Component level — self-aware and environmental-aware components

During operation, components of a fluid system will change their characteristics due to wear. However, the
operator must ensure that the fluid system still fulfils its function permanently or needs to identify the worn out
component in the case of a malfunction. On the other side, it is in the interest of each component manufacturer to

be aware if his component or another system component, i.e. the system environment, caused a malfunction of

the system. From both points of views, a self-aware and environmental-aware component that detects its
changing characteristic and describes it quantitatively is of high interest. Consequently, this leads to the research

question how can components become self-aware and environmental-aware?

Soft sensors are able to provide a solution, which is demonstrated on an exemplary generic fluid system, shown
in Figure 3. This case example considers the perspective of a pump manufacturer whose pump is used in an
unknown fluid system. From this point of view, only parameters of the pump, e.g. size, control, power supply
and the working fluid are known. Regarding the pump, the complete environment, e.g. valves, filters or similar,
can be described as one generalized resistance. Furthermore, the pressure and temperature are measured at the
outlet of the pump. The function of the fluid system is to realize a specified volume flow rate.

In the case of wear, three scenarios are possible: Firstly, the pump characteristic changes, secondly, the system
environment characteristic changes or, thirdly, both characteristics change. In either case, the function, i.e. the
volume flow rate, will change and must be controlled, e.g. via the pumps rotating speed. At this point, the
manufacturer needs a soft sensor of his pump and a soft sensor of the system environment monitoring the
pump’s conditions. In the following subsections, both soft sensors and their fusion to a self-aware and
environmental-aware pump are presented and discussed.

SYSTEM
PUMP ENVIRONMENT
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CLEARANCE RESISTANCE
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Figure 3: Schematic view of a generic fluid system.

4.1 Soft sensors of the pump and the system environment

The function of the exemplary fluid system shown in Figure 3 is to realize a specified volume flow rate. The
volume flow rate is a conservation variable that is equal for the pump and the environmental system. Hence, it is
the starting point of both soft sensors.

Considering the pump, the volume flow rate @ is the difference between the theoretical volume flow Qy, and the
internal leakage Q). The theoretical volume flow Qy, is the product of the geometric volume V and the rotation
speed n that lead to the description of the volume flow rate

Q=nV-2q, 5)

The internal leakage @; = @Q;(Ap,v,0,V,¥,) is derived by Pelz et. al. /13/ to be a function of the pressure Ap,
the working fluid properties, i.e. kinematic viscosity v and density g, and the geometric parameters of the
machine, i.e. the geometric volume V and the relative gap 1. Taking dimensional analysis into account, Pelz et
al. /13/ develop a semi-analytical model of the volumetric efficiency 1,,,;

1
Myor = 1 — E QlJr(Il}J Aer)J (6)

with the Reynolds number Re and the specific internal leakage Q. The specific internal leakage Q; is a function

of the specific pressure Ap* and relative gap 1. The mentioned dimensional numbers are defined as

ny?/3 QL Ap
. . +. +
Nvor = n’ e = v’ L= Ly Ap™ = VZQV72/3. (7)
Equation (2) represents a soft sensor for the pump characteristic and is mathematically described by
L +.0,3ym
Myor = 1 — Re (Ap 1/} ) (8)

with the empiric pump parameters L and m. Hence, the volume flow rate is represented by the dimensionless
volumetric efficiency of the pump. Furthermore, the effect of wear in the pump can be described by an increase
of the relative gap v, that leads to a higher internal leakage. Consequently, the relative gap i is uncertain and
needs to be determined during operation.

At the same time, the unknown system environment of the pump can be modelled by a generic resistance
2
2 ()
Ap==0 (= )]
P=3

with a loss coefficient " and the unknown cross section A. Equation (5) describes the pressure loss in the system
environment as a quadratic dependence of the volume flow rate. By means of dimensional analysis the

generalized loss coefficient is defined as

3
’ V4/

(=070 (10)
and leads to a dimensionless representation of the generic resistance

1 2,2
Aer =5§Re Moot (11)

with the known dimensionless numbers of equation (7). The unknown cross section A does not occur anymore.
The effect of wear in the system environment can be described by a change of the generalized resistance ¢. Like
the relative gap ¥ of the pump, the generalized resistance { is uncertain and needs to be determined during
operation.

At this point, there are two soft sensors, equation (8) and equation (11}, that contain the three
unknowns: Firstly, the volume flow rate Q or volumetric efficiency 7,,;, secondly, the relative gap ¥ and,

thirdly, the generalized resistance {.

Thus, one further equation is necessary to complete the equation system allowing the calculation of the three
unknowns during operation. For this purpose, the model of the hydro-mechanical efficiency 7,,, of the pump
by Pelz et. al /13/ can be applied

cor, Ry R (12)
MAerl/} QAer

mh =14+
Mmn 1—KI+

with the known dimensionless compressibility x, of the working fluid. The dimensionless numbers are defined

as

ApVn
i 3= =5 Ky i KAp/2. (13)
s

C,R, and R, are empiric pump parameters. The relative gap 1 occurs in the model of the hydro-mechanical

efficiency as well, as equation (12} shows.
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4.2 Fusion to a self-aware and environmental-aware pump

The soft sensor network based on the three soft sensors, i.e. equation (8), (11) and (12), now allows the
sequential calculation of the three unknowns, the volumetric efficiency 7., the relative gap ¥ and the
generalized resistance ¢ during operation. The approach is as follows:

4. The relative gap 1 is calculated from equation (12) on the basis of the known empiric pump parameter,
the geometric volume, the measured quantities, i.e. pressure, temperature, rotating speed and shaft
power. The working fluid properties, i.e. viscosity, density and compressibility, have to be calculated
from rheological models, e.g. the Arrhenius law, and the temperature.

5. The volumetric efficiency 1,,,; is calculated from equation (8) and the known relative gap .
6. The generalized resistance ¢ is calculated from equation (11) and the known volumetric efficiency 1,,;.

Within this framework, the pump manufacturer is able to monitor and describe the condition of his pump
quantitatively by means of the relative gap ¥ and, at the same time, knows if the pump or the system
environment causes a malfunction, i.e. providing an unspecified volume flow rate.

In summary, the presented soft sensor network consists of five layers and represents the above presented
approach from simple data measurement to a self-aware and environmental-aware pump. According to Figure 4,
the five layers of the soft sensor network are (i) the supply of additional information, eq. rheology, (ii) the
problem condensation by means of dimensional analysis, (iii) the domain specific knowledge of fluid systems,
(iv) the equation solver and (v) the presentation of problem specific key performance indicators (KPI) in a
cockpit to the manufacturer or operator.
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Figure 4: Application of the filter disks (Figure 1) resulting in five layers of a soft sensor network for {and .

The approach to a self-aware pump was also examined experimentally on a test bench by means of two identical
screw pumps: One screw pump without wear and one screw pump with modified gaps, according to typical signs
of wear /18/. The examination includes the measurement of characteristic curves, i.e. pressure and volume flow
rate, at a constant rotating speed for two different oils. Furthermore, the sequential calculation of the two
unknowns of the worn out pump, i.e. the relative gap ¥ and the volume flow rate @, is performed. On this basis,
a  validation of  presented approach  according the  self-aware pump is  possible.
Figure 5 shows the validation results by means of the measured characteristics curves of both, the screw pump
without wear and the worn out screw pump, and the calculated characteristic curve of the worn out pump by the
soft sensor. The soft sensor and measured values show a very good correlation in the case of an oil with a
kinematic viscosity of 22 ¢St, as shown in Figure 5a). The calculated and measured values in the case of an oil

with a kinematic viscosity of 54 ¢St show a slight deviation, but still underline the application ability of the

approach under the named conditions.
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Figure 5: Validation of soft sensor network approach on screw pump with and without wear.

5 System level — data aggregation in hydraulic systems using soft sensor networks

As already mentioned, hydraulic systems face a high cost pressure on the market. Installation and maintenance
require highly qualified professionals. Thus, not only the initial purchase and installation costs, but also the
operating and maintenance costs are of high interest. Against this background, predictive maintenance is closely
connected to significant cost saving potential /19/. Since these cost saving will occur over the operating time, the
advantage is not directly seen by the customer. Thus, additional costs for predictive maintenance solutions are

rarely accepted on the market.

While section 4 is discussing the use of soft sensors on the component level, for fluid systems containing
multiple hydraulic components, the application and connection of soft sensors on every component, i.e. a soft
sensor network, is useful. As Aristotele’s proverb has it “the whole is greater than the sum of its parts”, data of
all single soft sensors need to be merged and are supposed to generate additional information. This is of high
interest, since additional information on the system level comes “for free” without the need of additional sensor
equipment. Consequently, the question raises “how can additional information on the system level be generated

and used for predictive maintenance?”

Under the assumption of a constant density of the working fluid and no external leakage, the volume flow rate
represents a conservation variable of each fluid system. Thus, the volume flow rate is an information carrier
between the corresponding soft sensors and allows its redundant calculation by different soft sensors. Now two
scenarios are possible: Firstly, the calculated data is consistent and verified. Secondly, contradictory statements
about the volume flow rate occur. Such contradictory statements are called data induced conflicts and can have
different reasons: (i) A measuring sensor breaks down or becomes defective. (ii) The inconsistent data results
from model uncertainties of the soft sensors. (iii) Single system components characteristics change due to wear.
Hence, a data induced conflict is an indicator for uncertainty in the fluid system. On the other side, the resolution
of a data induced conflict provides a basis for predictive maintenance, e.g. the identification of a worn out

component before breakdown.

The following approach is developed within the Collaborative Research Center 805 “Control of Uncertainties in
Load-Carrying Structures in Mechanical Engineering” at the Technische Universitidt Darmstadt. The first step is
obvious. Data induced conflicts have to be allowed by means of redundant data acquisition of a soft sensor
network. In the second step, the cause of the data induced conflict has to be classified into (i) sensor break down,
(i1) soft sensor uncertainty or (iii) component characteristic change. The following action depends on the
classification of the conflict. In the first case, a sensor breakdown is usually identified by the time history of the
sensor. If the signal suddenly changes or interrupts, either the sensor needs to be replaced or the soft sensor must

ignore it. In the second case, soft sensors need to be based on validated models meaning the model uncertainty is
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known and quantified. Thus, a data induced conflicts caused by model uncertainty can be identified and has to be
accepted. The third case occurs as soon as the two previous cases are excluded. The worn out component needs
to be identified, monitored and replaced or repaired before its breakdown. At the same time, its soft sensor model
needs to be adapted to the changed characteristic (as shown in section 4 of this paper). The identification process
of the worn out component requires the resolution of the data induced conflicts, which is still a subject of current
research.

As a proof of concept for data induced conflicts, the change of a component characteristic due to wear is
discussed by means of a simple fluid system consisting a pump and a valve. The data induced conflict due to
wear in the valve is illustrated in Figure 6. Figure 6 shows the qualitative characteristics of the pump and the
valve which are used to calculate the volume flow rate as a function of the measured pressure. In addition, the
known measurement and model uncertainties are taken into account. Without wear the intersection of the model
curves will determine the operation point. In this case, the calculated flow volume rate of both pump and valve
model will be equal. However, if wear occurs in the valve, its characteristic curve will change, and,
consequently, the operation point will change as well. The volume flow rate increases and the initial model curve
will not represent the valve behaviour anymore. This leads to an incorrect calculation of the volume flow rate by
the soft sensor of the valve. Consequently, the calculation of the volume flow rate based on the pump @p and the
valve Qy will differ and a data induced conflict occurs.

PUMP MODEL  VALVE MODEL

OPERATION POINT
WITHOUT WEAR

KNOWN MEASUREMENT
& MODEL UNCERTAINTY

O OPERATION POINT
WITH WEAR

WORN OUT VALVE

PRESSURE

Qv # Qp

VOLUME FLOW RATE

Figure 6: Data induced conflict due to a worn out valve.

The presented approach was applied on a hydraulic test bench at the Chair of Fluid System at the Technische
Universitit Darmstadt. The test setup contained a screw pump operating against a worn out manual throttle
valve. The measured variables are the rotating speed of the pump, pressure differences of the pump and the
valve, valve lift as well as the working fluid temperature. The working fluid is a hydraulic oil (ISO VG 22).

The models used at the test bench are shown in Figure 7. The pump model (Fig 7a)) calculates the internal
leakage of pump (see Section 4.1.). Taking the rotating speed and geometric volume into account, equation (5)
determines the volume flow rate. Pelz et. al show the derivation and calibration of the model in /13/. Figure 7b)
shows the characteristic curve of the valve for different valve lifts h. Figure 7 ¢) and d) illustrate the dependence
of the viscosity and density from the temperature, respectively. The viscosity is calculated by the Arrhenius law
and the density is calculated by a trivial interpolation of measured values.
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Figure 7: Models used at the test setup.

The measured volume flow rate of both soft sensors, the pump and the valve, for different operating points is
shown in Figure 8. The error bars describe the model and measurement uncertainty. For the operating points 1 to
4 the difference between the two soft sensors exceeds the corresponding uncertainty and, thus, a data induced
conflict occurs and indicates a worn out component, which, in this example, is the valve. Consequently, the
measurements show, that the concept of data induced conflicts is applicable to hydraulic systems.
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Figure 8: Measurement results for two different soft sensors, describing a pump and a valve.

However, in the experimental setup the worn out component is known and the resolution of the data induced
conflicts is not necessary. In a predictive maintenance context, the solution of the data induced conflict is the
key. That is why the collaborative research center 805 is carrying out further research on this subject focusing on
the three promising approaches: (i) identification of anomalies in data time series, (ii) enabling further
redundancies by other hydraulic components (e.g. accumulators, filters) and (iii) voting logics, as known from
the aviation industry.
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6 Conclusion

This paper presents new concepts of soft sensor networks demonstrating the capability of soft sensors to
contribute to the digitalization in hydraulic applications. Hence, soft sensor network applications on three
different levels, (i) sensor level, (ii) the component level and (iii) the system level, are presented by means of
exemplary fluid systems. All soft sensors are based on physical modelling and, thus, clear fundamentals of
engineering. On the sensor level, the focus is on the cost reduction saving expensive measurement equipment.
On the component level, the implementation of a self-aware and environmental-aware pump is presented.
Finally, on the system level, the advantageous use of data induced conflicts for predictive maintenance is
discussed.

Following the presented concepts, the next steps are further experimental investigation of soft sensor networks as
well as research on the resolution of data induced conflicts. Furthermore, an operational predictive maintenance
application by means of an exemplary fluid system needs to be developed. To do so, further filter disks are
applied to form a hybrid soft sensor, as shown in Figure 1. In this way, transparent and implemented approaches
will support a common and target-oriented discussion. These investigations will be carried out within the
framework of the Collaborative Research Centre (CRC) 805 “Control of Uncertainty in Load Carrying
Structures in Mechanical Engineering” of Technische Universitit Darmstadt.
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Nomenclature

The first column of the following table shows the symbols utilized for physical and mathematical quantities. The
second column shows the meaning of each quantity. The dimension of each physical quantity is denoted in the
third column, based on the generic quantities length (L), mass (M), time (T) and temperature (©).

Variable  Description Dimensions
|4 Volume L3
0 density ML
t Time T
Q Volume flow rate 37!
Mperm Mass flow rate due to permeability MT!
C, Heat capacity LT20"
T Temperature [C]
Cp Isobaric heat capacity L7720
k Heat transfer coefficient MLT3@"!
A Surface Area L2
Ty Ambient Temperature 0
Pressure MLT2
R Gas constant LT

n Rotational speed T!
0, Internal leakage flow rate LAT!
v Kinematic viscosity LTt
P Relative gap 1
Nvol Volumetric efficiency 1
Re Reynolds number 1
o Specific internal leakage 1
Ap* Specific pressure difference 1
m Empiric parameter 1
L Empiric parameter 1
Id Loss coefticient 1
Nmn Hydro-mechanical effiency 1
Ky Dimensionless compressibility 1
C Empiric pump parameter 1
R, Empiric pump parameter 1
R, Empiric pump parameter 1
P Shaft power MLAT-
K Compressibility M-ILIT?
Qp Volume flow rate of the Pump LAT!
Qv Volume flow rate of the valve LAT!
h Valve lift L
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This study comprises testing of RoHS-compliant axial sliding bearing materials, including bronzes, brasses,
thermally sprayed coatings and PVD coatings, in a pin-on-disc tribometer and bench testing in an axial piston
pump. The aim was to compare and benchmark these materials against commonly utilized leaded bronze with
respect to durability and tribological mechanisms and to derive principles for axial sliding bearing material
suitability in hydrostatic components. By evaluating the test results, some fundamental understanding was gained
about characteristics which materials must exhibit to achieve sufficient tribological performance and durability in
hydrostatic components including, but not limited to resistance against friction-induced material transformation

and sufficient ductility to withstand pressure-induced part deflection.

Keywords: Axial piston pumps and motors, axial sliding bearing materials, RoHS-compliance, tribology
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1 Introduction

Leaded bronze has been a long-established material applied in axial sliding bearings for hydraulic applications due
to its outstanding performance under starved, mixed, and fully lubricated conditions. However, among other things,
environmental restrictions described for example in EU directive 2011-65-EU (Restriction of Hazardous
Substances Directive aka. RoHS2) drive the substitution of leaded bronze by novel materials in certain
applications. For automotive applications, alternative materials like non-leaded bronzes and brasses, thermally
sprayed coatings and physical-vapour deposited thin films have been already successfully implemented.
Nonetheless, for hydrostatic components, a potential substitute with equal or better wear protection like leaded-
bronze is still being pursued. The aim of this study was to compare and benchmark these materials against
commonly used leaded bronze with respect to durability and tribological mechanisms and to derive principles for

axial sliding bearing material suitability in hydrostatic components.

2 State of the art

In a hydrostatic axial piston pump, in particular a swashplate type, there are several interfaces that are tribologically
loaded during operation, i.e. several parts are sliding and/or rolling against a counterpart while being fully or
partially separated by a (usually fully formulated) hydraulic fluid. For those interfaces, which might see severe
metal-to-metal contact during operation, sufficient wear resistance of the material is needed for both normal
operating conditions like break-in as well as in abnormal conditions, i.e. intermediate local fluid film breakdown
because of fluid foaming or else. One of these bearing interfaces is the pair comprising the rotating piston-
containing cylinder block and the valve plate (sometimes called differently depending on component design and
manufacturer). As the (slightly tilted) block is rotating with rotational velocity of up to several thousands of rpm,
corresponding to a speed of up to 40 m/s, and as an intermediate fluid film breakdown can happen in certain
conditions, the valve plate material must withstand very high metal-to-metal sudden impact energies without losing

its bearing function for the rest of the component’s lifetime.

Figure 1: Exploded view of the rotational kit of a swashplate type axial piston pump

A material that has been successfully used for decades to fulfil this emergency bearing function is leaded bronze,
sometimes as bulk material, often as thick layer on a steel part. The copper in that alloy exhibits good oxidation
resistance, sufficient strength and ductility. The function of lead itself in bronze is not fully understood in detail,
but several hypotheses have been published. The solid insolubility of lead within a copper microstructure, leads to
segregations of large lead particles along the grain boundaries. /1/ Due to the low melting point of lead of 327.5°C,
near-surface particles will melt under frictional heating and smear across both tribological partners, thus separating
the solid metal parts from each other and preventing fatigue wear. /2/ At the same time, the near-surface removal
of lead leaves voids which can act as supplemental fluid reservoirs in addition to the existing valleys of the original
surface finish. Despite the excellent tribological properties as axial sliding bearing material in axial piston pumps,
lead exhibits some disadvantages of which especially the environmentally hazardous properties have gained
significant attention in the recent past, as mentioned in the introduction.

For many years, alternative materials have become commonly available and are being successfully utilized, for
example, by the automotive industry. However, these materials have not reached full market penetration in the
mobile hydraulic machinery yet. As an example, amorphous carbon coatings commonly known as diamond-like-
carbon (DLC) are widely used in industry as coating for tappets, piston pins, and in diesel injection systems. /3/
However, DLC films have shown issues when applied on hydrostatic components. Besides common and
potentially resolvable technical problems such as ductility to withstand the pressure-induced part deflection or
substrate bonding issues, other obstacles including the insufficient heat transfer capability, the low thermal stability
up to 300°C /4/ and the resulting heat-induced graphitization with accompanying low wear resistance, have
principally prevented a successful application in hydrostatic components thus far.

Further examples of substitutes for leaded bronze are lead-free bronzes and brasses. Several groups are
investigating the performance of different lead-free bronzes in comparison with leaded bronze, showing e.g. for
CuSn12Ni2 alower wear level /5/ or a strong speed/pressure dependency on the performance of aluminium bronze.
/6/ However, previous tests (not published) did also show that some of these materials did not achieve similar
performance levels while tested in hydrostatic components. To improve the performance level of lead-free copper
alloys and to mimic the beneficial effect of lead described above, several groups have published experiments with
bismuth containing bronze. /7/ On a laboratory scale, some promising results were achieved, however no
experience is currently available with applications in actual hydrostatic components or even field use.

Other lead-free materials such as polymers or composite materials have several issues with the thermal stability as
well. Polyetheretherketone (PEEK) is a high-performance polymer with excellent mechanical, chemical and
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thermal properties. Additionally, this material exhibits low coefficient of friction and low wear rate in comparison
to other polymers. Its properties allow an application in journal bearings and piston rings. However, its low glass
transition temperature of 143-162°C and melting temperature between 343-387°C are limiting factors for its

application as a valve plate component. /8/

Another wear resistant material system that is being utilized successfully in automotive applications are thermally
sprayed coatings based on iron and molybdenum. This coating system is used in internal combustion engines as

liner materials that carries piston and piston ring loads./9/ It has not been tested as an axial sliding bearing material

thus far.

3 Experimental details

3.1 Materials

10 different materials from three different classes have been chosen (ref. Table 1) for the purpose of comparison

with the leaded bronze.

) L o . ’ Layer Carrier
Class Designation | Material type Processing type Hardness thickness material
Cu- i Sintering on steel | 106.0 + 4.0
based CuSnPb Leaded bronze strip HBW 1/5/30 358+ 8 um | C22
Cu- Lo ) Casting on steel 117.0+£25
based CuNiSi Copper alloy strip HBW 1/5/30 1032 +4 ym | C22
Cu- . Sintering on steel | 789+ 1.3 C22 or
based | CUSn Tin bronze strip HBW 1/5/30 | >H0EIHM | G
Cu- . . Sintering on steel | 75.7 + 2.6 C22 or
based CuSnBi Bismuth bronze strip HBW 1/5/30 504 +£7 pm similar
Cu- . 92.1+0.5
based CuZn Brass Ingot casting HRB - -

Cu- Brass with Ingot casting + 92.1+0.5
based CuZn+MoS; coating cold spraying HRB (CuZn) 8um CuZn
i . Atmospheric
ghe'rrndl Fe-base Thffrrn;llly ati plasma spray on 4H3\(;)0i322 1317 pm | C22
pray SPrayec coatiig | gieel substrate )
i . Atmospheric
Thermal Mo-base Thermally . plasma spray on 573 £ 43 102+5pum | C22
Spray sprayed coating HVO0.3
steel substrate
PVD Nitride Cathodic are 42CtMod
ati Cr-base ilz deposition on 19GPa 54 um HH+QT
coatimg muttiayer steel substrate
Cathodic arc
PVD. Ni-base Metal layer deposition on 7 GPa 5.9 um 42CrMod
coating HH+QT
steel substrate
Cathodic arc
PVD. Al-base Oxide layer deposition on 25 GPa 4.6 ym 42CrMod
coating HH+QT
steel substrate.

Table 1: Overview of tested valve plate materials

Based on the investigated material, different carrier materials are selected, depending on the requirements of each
bearing material. The influence of the backing material on the performance of the material is not part of this study.
The roughness of the tested hardware is adjusted to the current standards in the automotive and bearing application
and thus is not comparable among the samples. The same is valid for physical properties, such as the hardness of

the coating.

The counterpart for the valve plate is a cylinder block, manufactured out of powder metal material, infiltrated with

copper. Some of the parameters of the steel surface are listed in Table 2.

Hardness Rpk [pm] Rk [um] Rvk [pm]

89 HRB 13 0.65 0.55

Table 2: Parameters of the cylinder block

3.2 Testing procedure

According to DIN 50322, every test can be categorized into one of six classes, depending on their complexity.
Field-testing in real machines as the test with the highest comparability to the real application is considered as
category one. On the other end of the scale (category six), tribometer tests show the lowest comparability as
simplified special parts and test conditions are used. These tests are conducted to understand the material properties
in loaded conditions and to become a first indication of the performance in real application by comparing with the
known material. The test stand is located between the field-testing and the tribometer testing in category three.
With this test, real components under laboratory conditions on a test stand are tested.

For this study, pin-on-disc tribometer tests and full-sized Danfoss pump tests are used for benchmarking the
alternative materials against the standard leaded-bronze.
3.2.1 Tribometer tests

For the comparison of the materials properties such as abrasive and adhesive wear resistance, a pin-on-disc
tribometer setup with a UMT-3 tribometer (Bruker) is taken. The tested material is applied on discs. The surface
parameters of the tested materials are listed in Table 3.

Material Rpk [pm] Rk [um] Rvk [pm]
CuSnPb 0.55+0.1 1.18£0.05 0.69 £ 0.06
CuNiSi 0.56 +0.08 1.10 £0.03 0.62 +0.06
CuSn 0.45+0.03 0.96 £0.02 0.51+0.03
CuSnBi 0.42 £ 0.06 0.95+0.07 0.60 £ 0.07
CuZn 0.16 £ 0.04 0.7+0.1 05+02
CuZn+MoS, 21+3 185 28+0.5
Fe-base 0.008 + 0.001 0.028 + 0.001 0.8+0.1
Mo-base 0.008 + 0.001 0.026 + 0.001 0.8+0.3
Pin 2+1 3+1 242

Table 3: Surface roughness of the tested tribometer samples

For the counterpart, pins manufactured from powder metal material, similar to the material of the cylinder blocks
are manufactured. To ensure that no rapid contact area changes due to a tilting of the pin are possible, and to
increase the contact pressure by reducing the contact area, a half-sphere shape with a diameter of 10 mm is fine-
turned at the test end of the pin. Lubricated conditions during the test are realized by a splash lubrication with a
non-additivated group II mineral oil based hydraulic fluid VG 46. Using the base oil excludes the impact of the
additives, which might influence the performance of various material classes differently. To analyse the steady-
state behaviour of a tested material, a long-term test under a steady load is carried out. The test conditions are
shown in Figure 2.
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Figure 2: Test conditions of the tribometer steady state test

After a 10 s running-in period at a load of 100N, the load is increased to 500 N within 60 s and then held for 6000 s
at a circumferential speed of about 0.5 m/s. The rotational speed is chosen to ensure mixed lubrication conditions
during the test. The tests starts at ambient temperature (22+1°C). The temperature is neither controlled nor tracked
during the tests.

One of the main results from the tribometer testing are the Coefficient of Friction (COF) curves. The COF of a
system depends on many parameters, such as surface roughness, hardness of contact partners, chemical bonding,
etc. The behavior of the COF curve during the test indicates the performance of the material and the stability of
the chosen pairing. A high coefficient of friction in a real component causes decreased efficiency and additionally,
increase of frictional heat, which consequently results in shrinkage of the fluid film separating the surfaces,
subsequent breakdown of lubrication and at the end, damage of components.

3.2.2 Component testing procedure

For component testing, axial piston pump was utilized and operated with the same conditions at the same test
bench for each material. In every test run, the complete rotating kit, including the stationary valve plate, copper-
infiltrated steel cylinder block and the pistons, were replaced to avoid influences from previous test runs (e.g.
break-in, contamination). The test sequence consisted of ten consecutive steps of pressure and speed increase,
finally exceeding rated values by approximately 20%. During the test, several parameters were observed to be able
to stop the test in case of detected irregularities. The component testing sequence was considered as successfully
passed, if all steps of pressure and speed increase had been executed without any occurrence of abnormal pressure
drop or case-flow increase during the overall testing time of 90 min, which would indicate leakage between valve
plate and cylinder block due to wear. For statistical analysis of the results, three tests for each material were
performed. For the comparison of the results, PV-factors for different materials achieved during the test were
calculated. Therefore, for materials with strong variation of the test results, the minimum achieved value is
selected. The PV factor represents the product of the pressure P (case pressure during the test) with the sliding
velocity V (rotational speed of the kit) of the latest successfully passed testing stage and gives information
regarding the contact lubrication severity. /10/

3.3 Wear characterization

For evaluation of the wear volume on the tribometer samples, 2D and 3D profilometry is used for the discs and
pins, respectively. Thereby measurements with a tactile profilometer are taken perpendicular to the wear track
using a Zeiss Surfcom 5000. For the calculation of the total wear volume over the disc, the wear area, determined
on the 2D wear profile, shown in red in Figure 3, is multiplied with the total length of the wear track (eq. 1).

V,=2nR-A (1)
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Figure 3: Wear area measurement

For statistical evaluation, the wear area is measured on three different positions of the wear track. For calculation
of the wear volume, which is defined as the total material loss, the material accumulations at the edges of the wear
track need to be subtracted from the calculated value (see green areas in Figure 3). For the pins, the wear volume
was calculated using the confocal microscope Neox-S of Sensofar and by using the software SensoMaps.
Therefore, the measured wear area at the tip of the pin is converted into a cavity and the volume of it is calculated

(see Figure 4).

Figure 4: 3D wear volume measurement on the pin

Regarding the tribological analysis of the component hardware, both valve plate and cylinder block were analysed
using a Zeiss-made Scanning Electron Microscope (SEM) with Oxford-brand Energy Dispersive X-ray detector.

Deep dive analysis of the microstructure is carried out by using the Leica DMi 8 A optical microscope.

4 Results and Discussion

4.1 Tribometer test

One key response from the tribometer testing was the coefficient of friction (COF) during the constant load test.
The summary of all curves is shown in Figure 5. The pin-on-disc test has shown significant principal differences

in the progression of the COF of above mentioned materials.
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Figure 5: Coefficient of friction curves for different materials

The reference CuSnPb shows a continuous increase of the COF up to 0.2 and some fluctuations of the curve.
CuNiSi material, in contrast, shows very stable COF progressions until a sudden increase to over 0.5 occurs, which
triggered a stop of the test, indicating adhesive wear and tribological failure. CuSn and CuSnBi have comparable
behaviour as the leaded bronze with slightly higher increase of the COF up to 0.3 during the test. The fluctuations
of the curve, which can be seen as a sudden increase of the COF with immediate decrease are interpreted as a result
of temporary welding of the two contact partners or temporary accumulation of larger amounts of wear debris in
front of the pin. CuZn and CuZn+MoS; show different results respectively. While the CuZn samples have a stable

behaviour throughout the test with a constant COF of 0.1, the CuZn+MoS; samples show a strong increase of COF
at the end of the test but without exceeding a value of 0.3, which is likely attributed to larger amounts of wear
debris of the topmost MoS; coating. Thermal sprays of Fe-base and Mo-base show, in addition to uncoated brass,
demonstrated the most stable behaviour of the COF in comparison with other tested materials, reaching a maximum
value of 0.1 and 0.12 respectively, indicating only a very slight change in material or surface properties. In case of
the PVD coatings, the test had to be halted after only a few seconds due to premature coating failure, which is
related to the initially contact pressures applied during this test. Therefore, these coatings needed to be excluded

from evaluation.

The respective calculated wear volumes for the discs and the pin are shown in Figure 6. The reference bronze
shows the highest average wear of the pin of 0.27 mm?®, compared to other tested materials. The calculated value
for the average wear on the disc amounts to 1.31 mm?’. Other copper-based materials, besides the manganese
silicide fortified brass materials, show similar wear volumes as the reference. It must be noted that the calculated
wear volume of CuNiBi is not comparable with the other samples, since the tests were prematurely stopped and
are marked red for this reason. CuZn and CuZn+MoS; show different wear volumes, of which CuZn shows a lower
materials loss compared to the reference. Even if the composite hardness of CuZn was measured to be lower than
that of the leaded bronze, the embedded (hard) manganese silicide particles, which are oriented parallel to the
running surface, significantly improve the wear resistance. CuZn+MoS,, including soft carbon-based coating at
the top apparently shows the highest material removal on the surface. However, this result is misleading because
it includes material removal of the sacrificial MoS; layer, which is intended. This soft layer is easily removed by
abrasive wear due to the locally applied initial high contact pressure by the pin. The two thermal sprays (Fe-base
and Mo-base) resulted in the lowest material loss in this study as well as for the disc (0.43 mm?®and 0.35 mm?®) as
for the pin (0.01 mm? and 0.03 mm?). This is mainly related to relatively high hardness, resulting in high abrasive
wear resistance (Archard’s law), smoother surfaces, causing less material removal during break-in and
manufacturing-process-related high density of pores in the surface, which act as fluid reservoirs thus improving
the lubrication.
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Figure 6: Wear volumes after the constant load test for Disc (left) and the Pin (right, different scale)

4.2 Component test

As described in the experimental details, all materials were benchmarked against the leaded bronze by calculating
the PV factor of the last sequence step prior to test abort, if occurred. The bi-metal leaded bronze reference valve
plate was one of the materials that successfully passed the sequence, therefore achieving the highest possible PV
factor in the last step of this test sequence. The normalized PV factors for all tested materials are shown in Figure
7.
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Figure 7: PV factors reached before test stop/abort (normalized)

All copper-base materials, highlighted in orange, are showing large variation in achieved PV factors, ranging from
25 to 100% of the reference bronze, i.e. only one material (brass+MoS,) besides leaded bronze ran though the
complete testing sequence without test abort. Both thermal sprays, shown in green, remain below 43%, while the
PVD coatings, highlighted blue, range from 25 to 64%. To interpret this high variation of results, which is not
meeting the performance expectations based on successful usage in automotive and other bearing applications, a
detailed analysis of the wear tracks on the valve plate and the cylinder block was performed.

Therefore, scanning electron images of the plates’ raceways are shown in Figure 8. The reference bronze CuSnPb
shows only mild polishing with removal of some surface peaks. The valleys of the initial surface finish are still
present. No other major wear mechanisms beside minor abrasive wear (scratches) were detected.

For all other copper-based material, except the MoS;-coated version, strong deformation, material transfer, chunk
formation and signs of fatigue were detected. For non-coated CuZn brass and CuNiSi, clear indications of adhesive
wear were observed. In these cases, the original surface was no longer even partly visible. The cross-sectional
microstructure analysis of these parts (Figure 10) shows a material transformation below the raceway, resulting in
finer grains. In the case of CuSn and CuSnBi, this transformation leads to embrittlement of the microstructure,
formation of microcracks and subsequent delamination of the transformed sublayer. Alloying with bismuth, which
arranges along the grain boundaries is said to weaken those and enhances the forming of microcracks additionally.
11/

This detrimental friction-induced material transformation happens in metal-to-metal contact situations, because
the (naturally slightly tilted) rotating cylinder block locally touches the (naturally slightly deflected) valve plate
with speed of several thousand rpm (up to 40 m/s) and high resulting contact energy that converts very locally into
friction, heat and/or material deformation. This detrimental effect has been earlier identified for amorphous carbon
coatings (DLC) as well which transform to graphite under frictional heating within seconds.

The addition of MoS; coating to the brass material surface results in a significant improvement of the performance
over the non-coated brass, also seen in the achieved PV factor. The raceway shows only a slight decrease of the
film thickness in areas of the highest contact.

For the Fe-based thermal spray, the appearance of the affected surface does not indicate any enhanced wear. Only
a mild polishing of the surface can be observed, which is corresponding to the results from tribometer testing.
However, on a macroscopic scale, this coating exhibited a significant issue with the coating bond to the substrate

at the edges of the kidneys in the high-pressure area of the valve plate, leading to partial coating delamination (not

shown) finally resulting in a significant change in hydrodynamic/hydrostatic balance and leakage.

Figure 8: SEM images of the wear tracks

Concerning the Mo-based thermal spray, adhesive wear can be detected in the wear track. Additionally,
delamination in the edge areas of the kidneys (shown in Figure 9) is observed for this coating as well.

Figure 9: Delamination in the edges of the kidneys for thermal sprays

The investigated three PVD coatings are showing different wear mechanisms in this application.

In the case of the Cr-based nitride PVD coating, cracks were observed all over the raceway. This is in relation to
shear stresses caused by a high coefficient of friction exceeding the coatings ductility. In addition, the relatively
low temperature resistance of this coating (300°C), which is exceeded in certain spots of the surface, will likely
lead to a detrimental change of coating intrinsic properties.
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For the Ni-based PVD coating, a strong adhesion tendency to the counterpart has been detected, leading to massive

material transfer, surface roughening (formation of scales) and wear of the counterpart.

The Al-based oxide PVD coating shows formation of very fine floes that are separated by fine cracks or larger
voids of absent coating. These voids expose the underlying substrate and lead to subsequent adhesive wear (present
in other locations of the valve plate, not shown). It is believed that this failure mode is a direct consequence of
insufficient substrate hardness for this coating leading to an eggshell effect, which might be improved by

modifying the substrate material or heat treatment.

Summarized and categorized, several main failure mechanisms were identified:
e Insufficient shear stress stability due to weakened grain boundaries and/or transformed material
e Insufficient bonding strength of coatings on the substrate resulting in delamination of the coating

e Insufficient ductility of coatings leading to crack formation and subsequent delamination of the coating

Figure 10: Microstructure of the copper-based tested materials

Comparing these results with the pin-on-disc tribometer results, a significant difference becomes obvious. Even if
statements concerning materials-related coefficient of friction will remain identical, the component tests showed
a completely different wear performance and durability, e.g. thermally sprayed coatings which have shown
excellent performance during the tribometer test, failed in very early load stages of the component test. This can
be explained by the higher grade of complexity of the dynamic system and contributing factors like fluid pressure-
induced part deflection, tribological interface geometry with resulting break-in behaviour and fully formulated

HLP-class fluid usage in comparison with the static system of a tribometer.

5 Summary and Conclusion

One goal of this study was to benchmark commonly available RoHS-compliant bearing materials against the
current state-of-the-art leaded-bronze for application in hydrostatic axial piston pumps and motors. In addition to
that, indications towards a more systematic approach to optimize that interface by materials choice were needed.
Therefore, the tribological performance and durability of leaded-bronze (CuSn10Pb10) on a steel backing has been
compared with the behaviour of potential substitutes, namely lead-free copper-based bi-metals and bulk materials,
thermally sprayed coatings and PVD coatings, in a pin-on-disc tribometer and a full-sized axial piston pump test
rig. For both testing methods, a major focus was on the actual wear mechanism and progression to identify

principally influencing (and limiting) factors on durability in hydrostatic components.

The pin-on disc test results are strongly dependent on material properties such as hardness and surface roughness
of both contact partners and can successfully be applied to determine basic material properties. During this study,
the pin-on-disc test has shown significant principal differences in the progression of the coefficients of friction of
different materials, which are explained by sample properties like hardness and surface texture. In the end,
however, indications for superior wear performance, like constantly low coefficients and minor wear of wear
tracks, were not transferable to component tests. This was explained by the higher grade of complexity of acting
factors like fluid pressure-induced part deflection, tribological interface geometry with resulting break-in
behaviour and fully formulated HLP-class fluid usage. For future material developments to be used in hydrostatic
components, it is therefore almost mandatory to increase the complexity level of tribometers from level three (DIN
50322) to a higher level by adapting component properties like similar interface geometry (i.e. ring-on-ring instead
of pin-on-disc to mimic the valve plate / cylinder block interface) and maybe even including the balancing of
hydrodynamic and hydrostatic lubrication by adding kidneys into the rings and pressurized lubrication. By doing
that, the tribological conditions in such a tribometer would become more similar to the actual conditions in a
hydrostatic pump or motor. Then, in the end, the high effort and costs of component tests would be lessened or
could even be completely avoided when testing alternative materials for the axial sliding bearing interface to
improve durability.

From a wear analysis perspective, the component tests resulted in a new fundamental understanding of critical
characteristics that materials must exhibit to achieve sufficient tribological performance and durability in
hydrostatic components, including, but not limited to low adhesive wear tendency and low coefficient of friction
in mixed lubrication conditions, sufficient bonding strength in the case of coatings and certain fatigue resistance.
One big difference to automotive bearings, which explains important additional requirements, is the fact that the
tribological interface not only functions as a sealing and lubricating gap but also as a load-carrying element, which
results in parts deflection and very high metal-to-metal contact pressures in case of fluid-film break-down. One of
these additional requirements was found to be the material’s ability to withstand detrimental friction-induced
material transformation in high-speed metal-to-metal contact situations, already known from amorphous carbon
coatings (DLC), but now also shown for certain copper-based bearing materials. Another key element identified
is the material’s ductility to withstand high stresses caused by pressure-induced parts deflection and vapour
cavitation effects.

All findings together generally, show the difficulty to directly transfer well-established bearing material solutions
from automotive applications to hydrostatic pumps and motors. However, with further holistic optimization of all
the above-mentioned factors and therefore tailoring of material properties to the demands of axial sliding bearings
in hydrostatic pumps and motors, it will become possible to fully substitute and even outperform the leaded bronze
in the long term for even the most demanding operating conditions. As an outlook that would finally enable
component and machine manufacturers to further optimize machine performance and efficiency while using
environmentally acceptable materials at the same time.

Nomenclature
Variable  Description Unit
Vi Wear Volume [mm’]
R Radius of the wear track [mm]
Ay Wear area [mm?]
pv PV factor [i]

ms
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Axial piston pumps are universal displacement machines that are used in a vast variety of applications. Their
high pressure resistance and ease of operation make them very popular, especially in mobile applications and
aerospace. The lifetime of axial piston pumps is depending on the design of the rotating kit, the application and
its overall robustness to external loads. The fluid film between the moving parts is responsible for bearing the
loads and sealing the displacement chambers. Its design is the most complicated part for a pump designer. All
pumps to this date have been designed in a trial and error process, which is not only costly, but doesn’t yield an
optimum in terms of efficiency and robustness. This paper aims to investigate the influence the fluid film has on
the lifetime of the pump. From the three main lubricating interfaces of an axial piston pump, two - cylinder block
/ valve plate and slipper / swash plate - were analysed in terms of temperature for both interfaces and gap height
for slipper only by means of measurements and simulation. The simulation tool that was used for the analysis is
called Caspar FSTI, developed by Purdue University. It is capable of calculating the resulting gap height
between all three main interfaces resulting from force balance calculations between external and fluid film forces
due to the pressure distribution in the gap and taking both deformation due to temperature and pressure into
account. The simulation will be used to understand the behaviour of the pump while the measurements will give
a deeper look into the actual steady state conditions as well as transient behaviour of the parts including wear in.

Keywords: Axial Piston Machines, Lifetime, Lubricating Gap Design, Temperature Field
Target audience: Mobile Hydraulics, Mining Industry, Component Design, Design Process

1 Introduction

Axial piston pumps are positive displacement machines that are used in a vast variety of applications. Their high
pressure resistance and ease of operation make them very popular, especially in heavy duty applications. Some
applications require more robust pumps with an extended lifetime, particularly those that operate in remote
environments such as the marine type or mining operations.

To understand the physical phenomena that can cause premature failure, it is necessary to take a closer look on
the sealing gaps in these positive displacement machines. The lubricating gaps in piston pumps are the primary
source of the power losses and also produce particles due to wear. These gaps have been in the focus of many
researches over the last 30 years /1, 2, 3/. In the last 15 years vast improvements in the computational power
have paved the way to more complex simulation models of these lubricating gaps /4, 5, 6, 7, 8/. One particular
simulation model, Caspar FSTI, has proven itself to be a highly reliably and capable model for swash plate type
axial piston pumps /5, 6, 7/. The model predicts the lubricating film thickness in all major lubricating gaps and
considers all major physical effects such as deformation of the parts due to temperature and pressure. This
simulation model was used in this research to evaluate the pump before any measurements were done, in order to
place the sensors at the right locations, as well as to understand the measured phenomena including the gap
height. The authors published two previous publications, validating the software for both interfaces /9, 10/.

For this research, a unique test stand has been developed, which is capable of measuring fluid film thickness
using eddy current gap height sensors, while simultaneously measuring temperature using thermocouples, which

were placed directly in the sealing interface of the valve plate and the swash plate (see Figure 3). Previous
researchers have measured gap height or temperature in these interfaces before /6, 7, 8, 11, 12/. However, none
have measured both the temperature and the fluid film thickness at the same time, and none have looked at two
interfaces simultaneously. The two most noteworthy were Zecchi /7/ and Schenk /6/. Zecchi placed
22 thermocouples directly underneath the running surface of the valve plate and used it to validated his research
work, which ended up being the cylinder block/valve plate model in Caspar FSTI. The slipper/swash plate model
of Caspar was developed by Schenk, who validated his model using fluid film measurements using eddy current
mounted in the swash plate, measuring the gap to the slippers across the entire shaft rotation.

Building on all of this prior work, the “transparent pump” test stand was developed, which enables a deeper look
into the inner workings of an axial piston pump. The goal of this paper is aimed to show how the pump reacts to
different operating conditions both in transient and stationary form, as well as how the wear-in can change the
pumps behaviour. This was determined using measurements and simulation. In this paper, the measurement
results will be in the primary focus.

2 Research goal and approach

As described in the introduction, there are many publications that performed research in the area of lubricating
gaps within piston pumps. The goal of this research is to build on those and develop a holistic approach for the
lifetime prediction and eventually life time extension of axial piston pumps. In order to achieve this, the lifetime
limiting factors such as wear, were observed during measurements and analysed using different parameters such
as temperature and particle generation. As already described, this paper focuses on two of the three main
interfaces of axial piston pumps, as shown in yellow and red in Figure 1.

Swash plate / Slipper

Cylinder block
Fluid film

Fluid film

Figure 1 — Studied sealing gaps in the axial piston pump

The measurements will have two purposes, one to measure transient behaviour, and second measure steady state
conditions, which can then be used to validate the simulation. The simulation model was used to place the
sensors in the appropriate positions, predict problematic operating conditions, and explain observed phenomena.
In addition, the measured wear-in behaviour was used to improve the simulation model, by incorporating a
simulation based wear prediction /3/. The used test rig set up is shown in Figure 2. The pump’s outlet and drain
port are equipped with temperature, pressure and particle sensors. The inlet port is also equipped with



LL

(3.1

temperature and pressure sensors, as well as two filter elements, one fine 4 pm filter as well as a metal filter,
which works with permanent magnets. The purpose is to be able to measure the particles generated by the pump
itself, without recirculating the particles through the tank. The inlet line is pressure controlled by a supply pump,
which guarantees a cavitation free environment, by keeping the pressure at 1.8 bar. The pump is a 92 cc open
circuit axial piston pump, rated to 350 bar nominal and 420 bar peak pressures with a maximum speed of
2300 rpm. The test conditions were chosen to be 500-1800 rpm and pressures up to 300 bar. A full list of the
measured operating conditions can be seen in the bottom of Figure 5.
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Figure 2 — Test stand “Transparent Pump” schematic

3 Prediction of lifetime affecting conditions with respect to temperature

The next section shows the measurements results over various operating conditions. The pump was tested in
stationary as well as in transient conditions. In order to reach true stationary conditions, each temperature
gradient was zero while the tank temperature was at 40+1°C. This took about 30 min per operating condition.

3.1 Measurement set up

A total of eight measurement series were performed. The first four measurement series were focusing on
capturing the slipper gap height and swash plate temperature. The slipper measurement set up is shown in
Figure 3 on the right. The shown sensor plate (outlined in red) was removable and axis symmetric, therefore
there were two positions this plate could be mounted. The first position (oriented as shown in Figure 3) captured
the gap heights on the high pressure side, and the second position the gap heights on the low pressure side. Series
1 & 2 were measuring with the sensor plate in position I and the series 3 & 4 in position II. The way the
temperature sensors were located, a complete temperature field could only be achieved using data from both
plate positions, totalling in 28 unique measurement spots, where some locations were measured in both plate
positions in order to compare the measurements.

Series 5 & 6 focused on the temperature measurements on the valve plate only, here no slipper measurements
were performed. A total of 26 thermocouples were placed 0.5 mm underneath the running surface at the
locations shown in Figure 4 top left. Series 7 and 8 were used to repeat the run-in process for the cylinder block
valve plate interfaces. Series 7 used a different run-in pattern (only low pressures), whereas Series 8 repeated the
measurement order of Series 5 and 6. In Series 8 both interfaces, slipper / swash plate and cylinder block / valve
plate were analysed. Therefore 2 of the 3 main lubricating gaps were measured at the same time, giving a deep
look into the pumps performance and being able to estimate the power loss contribution of each interface. An
overview of all 8 series can be seen in Table 1.

Cylinder Block

Valve Plate//‘ (

Figure 3 — Sensor instalment for the two interfaces:

Temperature on valve plate (left), gap sensor swash plate (vight)

Table 1 is listing the measured interfaces, the sensors used, as well as the new parts if any were exchanged. It
also shows the Swash Plate Position (Position I — gap measurements on the high pressure side and BDC or
Positon II — gap measurements on the low pressure side and TDC).

In addition, starting at Series 5 particle sensor were placed in the high pressure and drain line as shown in
Figure 2. These particle sensors were Argo-Hytos OPComll sensors, capable of measuring particles ranging
from 4 pm to 21 um in size. They are mounted in a by-pass configuration and output oil cleanliness and particle
concentration in particles/ml. The
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Table 1 - Overview of the measurement series

Series  Measured Interface =~ Swash Plate Measured Sensors in Pump New Pump parts
Position
1 Slipper / Swash Plate | Position I 6 Eddy Current, 17 Everything new, but run-in
Thermocouples (TC) by the manufacturer,
besides the swash plate

2 Slipper / Swash Plate | Position I 6 Eddy Current, 17 TC N/A

3 Slipper / Swash Plate | Position I1 6 Eddy Current, 17 TC One new slipper

4 Slipper / Swash Plate | Position II 6 Eddy Current, 17 TC N/A

5 Cylinder Block / N/A 26 TC, Particle Sensors New valve plate, new
Valve Plate cylinder block

6 Cylinder Block / N/A 26 TC, Particle Sensors N/A
Valve Plate

7 Cylinder Block / N/A 26 TC, Particle Sensors New valve plate. New
Valve Plate Block

8 Slipper + Cylinder Position I 6 Eddy Current, 17 + 26 TC, New valve plate
Block Particle Sensors

Based on the previous publications /9, 10/, it can be concluded that the temperature field captures the gap
behaviour in an excellent fashion. Problematic areas are where high temperatures occur, which indicate low fluid
film thickness, high viscous friction and low leakage, whereas lower temperatures are due to higher gaps when
higher leakage occurs. A sample temperature field for a low speed high pressure applications can be observed in
the top of Figure 4. Here the temperature field is shown for both interfaces at 300 bar, 500 rpm and 100 %
displacement. The swash plate temperature is shown on the top right. It can be seen that the there is a region of
higher temperature shortly after the transition from low to high pressure (Top Dead Centre — TDC), indicating
that in this region the gap height is low. Then there is a region of low temperature at the bottom dead centre
(BDC), indicating higher gap heights and higher leakage. The corresponding simulated and measured gap
heights are shown in the figure in the middle of Figure 4. The simulated fluid film at ¢ = 180" is shown on the
bottom with the three sensor positions. The min and max gap heights are a simulation output, whereas the blue,

red and green lines are measured outputs for sensor 1-3 or sensor 5-6 correspondingly.

Similarly, the valve plate temperature, gap height and simulated fluid film is shown on the left side of Figure 4.
Here the highest temperatures are around the outer sealing land of on the high pressure side, as well as at both
TDC and BDC. On the low pressure side, the gaps are larger and therefore less heat is being generated while
more cooling through leakage is introduced. From Figure 4 it becomes clear that the gap height measurements
only give a small glimpse at the overall picture, they don’t capture the maximum or minimum gap height, rather
they output a snapshot of the orientation of the measured part at one instance in time. This is true for both

interfaces. The temperature field however delivers a great overview of potentially life time critical conditions.

Valve Plate in 0.5mm depth Swash Plate in 1.5mm depth
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Figure 4 — Example Temperature field (top), measured and simulated gap height (middle) and 3D fluid
film (bottom) at 300 bar, 500 rpm and 100% displacement for both interfaces along with the thermocouple

placement.

3.2 Steady State Temperature Trends

(qV]
I
o
Bk
=
O
x,
Q
73




LL

(3,1

This section discusses the measured temperature trends, across the entire operating field of the pump. A total of
30 operating conditions were measured in each series, varying pressure, speed and displacement of the pump.
Each operating point was held constant until no changes were observed in any of the temperature sensors. The
temperatures were then recorded for 2 minutes and averaged over the steadiest period in these 2 minutes. To
achieve repeatability between each measurement, the tank temperature was regulated to be 40°C, yielding in
roughly 35-38°C inlet temperature, depending on the operating condition. It is also necessary to mentioned, that
the measurements were afterwards adjusted to an inlet of 35°C, to make them comparable to each other. The 30
operating conditions can be seen in the bottom of Figure 5. Here the minimum (blue), mean (green), median
(black) and maximum (red) valve plate temperatures of the 26 thermocouples are shown across all operating
conditions. The shown values are average values from series 5 & 6. It can be observed, that the mean
temperature level of the valve plate increases with speed and pressure. The median temperature level is very
close to the mean, indicating an evenly distributed temperature field, rather than a few outliers. The effect of the
displacement change on the mean temperature level is small, but can be observed. Larger displacements tend to
have lower temperature levels than lower displacements. This effect can be explained by rather steady losses but
lower volumetric flow, which yields to less cooling of the valve plate. This is confirmed by the fact, that the
difference between the min and max temperature stays almost the same when displacement changes occur,
indicating that the temperature distribution remained similar, just with a different temperature level. However,
there are also other influences on the mean temperature level during the displacement changes besides the
change in flow. By taking a look at 500 rpm, 300 bar and 25%, it can be seen that the temperature lever is higher
than the general trend. Here the influence of the other interfaces can be observed. At this particular point, the
slippers generate higher losses (see Figure 6), which increase the case temperature and therefore influences all
parts of the rotating kit. Higher case temperature means that the parts such as the valve plate can dissipate less
heat towards the surrounding oil, increasing their temperature. This illustrates the complexity of the physical
phenomena that occur in these pumps, and how important it is to take all influences into regard when trying to
model these gaps.
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Figure 5 — Min, mean, median and max temperature of the valve plate across 30 operating conditions

Another trend that can be observed in Figure 5, is that the temperature spread, the difference between min and
max, increases with pressure but more so with speed. The larger the spread, the higher the thermal strain on the
valve plate and the larger the gap height difference.

Figure 6 shows the temperature distribution of the swash plate in a similar fashion. The shown values are the
average of Series 1 -4. It can be clearly observed, that the trends are different on this interface than on the
cylinder block valve plate. What is the same is the general trend that the mean temperature increases with speed,
with a few outliers. However, the pressure dependence is different. Medium pressure levels tend to have lower
temperatures than higher or lower pressures. The influence of the displacement angle is also not as clear. For
some pressure and speed levels the lower displacements have higher temperatures than at higher displacements,
but this is not true for all operating conditions.

The spread between min and max varies drastically between operating conditions, with no clear trend visible.
The highest spread seems to be at low displacements with a high or low pressures. The missing points for the
three 25% displacement operating conditions are due to faulty or incomplete data at these points.
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Figure 6 — Min, mean, median and max temperature of the swash plate across 30 operating conditions

In general, these temperature trends can be used to analyse the behaviour of the interfaces at each operating
condition. For example, it becomes clear that 500 rpm 300 bar and 25% displacement is a difficult condition for
the slippers, while 1800 rpm 300 bar and 100 % displacement is a tough one for the cylinder block / valve plate.
Overall the slippers of this pump tend to work better at medium pressure levels.

A different analysis of these temperature trends can be seen in Figure 7. Shown on the left is the maximal
measured valve plate temperature for varying pressures and speeds at 100% displacement. The grey lines
indicate the measured power lines. It becomes obvious that the temperature contour lines are crossing the power
lines, which means that the cylinder block valve plate heat generation varies within the same power output. In
case of the 20 kW power line for example, the highest point is at 1800 rpm 80 bar with 64°C (purple circle),
while the lowest temperature occurs at 750 rpm 200bar with 56°C (green circle), a delta of 8K.
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Figure 7 — Max. temperature contour field with measured power lines for both valve plate and swash plate

The right side of Figure 7 shows the maximum temperature on the swash plate also at 100% displacement. The
trend is very similar. For example, looking at the 20 kW power line the lowest temperature is at 57°C (green
circle) at 200 bar 750 rpm, while the highest is at 64°C (purple circle) at 80 bar and 1800 rpm, yielding a 7 K
temperature difference.

Looking at both interfaces, it can be concluded that this particular pump should be operated rather in lower
speeds and higher pressures in order to keep the maximum temperatures lower. These shown maximum
temperatures were measured at steady state, the transient temperatures were usually higher. Higher hot spots
(max temp) usually mean higher viscous friction, which can lead to higher wear. Therefore, if life time extension
is desired, lower temperature levels are desirable. For this particular pump, this means running at lower speeds
and higher pressures is advantageous.

3.3 Transient effects
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Figure 8 — Transient valve plate temperature for 500 rpm from a cold start and warm transient change

Next to the steady state findings, the transient measurement data gives great insight into dynamic effects such as
wear. In contrast to the steady state temperature measurements, during dynamic conditions, such as pressure
changes, the pump parts do not have time to heat up or cool off from the previous operating condition.
Therefore, it does play a role in which order these measurements have been taken. For the initial run-in phase,
the first couple of operating conditions, the order for each series was kept the same. The difference in terms of
maximal temperature occurring in the cylinder block / valve plate gap can be seen in Figure 8. The upper part of
the figure shows a cold start, meaning it’s the first operating point of the day, when the oil is still cool. Shown is
the pump running at 500 rpm 0 bar with a sudden increase to 300 bar. A steep increase in temperature by roughly
20 K can be observed. The final steady state temperature was reached after 2000 s. Note that the temperature
spike during a cold start did never surpass the steady state temperatures. The ups and downs after roughly 1300 s
are due to cooling of the tank. The bottom of Figure 8 is the same operating condition, but when the pump is
already heated up. The initial spike is lower, however the temperature level is already at or even higher than the
steady state level. For this particular operating point the impact of the initial temperature spike doesn’t seem too
obvious, however during some operating conditions the initial spike is very high, which can indicate wear as
shown in the next section.

3.4 Wear in behaviour of the valve plate

Temperature

-
> Q1
0o

-
o

15 20
Time

Temperature

(4]

I-‘Ilgh Pressur‘e and Speefj 1820

@ bar / 1 ke rpm
3 200 ‘ PRS) N S——. TP ‘ ‘ W . 1800
e

o 0‘ Il L L i L Il 780
0 5 10 15 20 25 30 3B s 40

Time
Particles Drain

Speed

; 300 ; 1500 ¢
§P/ml~~~ — g 1 e P/ml §
24um ‘ ‘ o

% 100~ s AR SOV SN, SSSSOUU. SR TN - 2 14”m ,,,,,, 22 1ﬂm 1500 %
.“E“ o; s s T | | | 3 | n‘_“
o 0 5 10 15 20 25 30 35 s 48 E
Time =

2 ‘ Paniclgs HP 10 2
gP/mI 24um ml" i §
3 1= YL R BT s ] g
@ ©
s 5 ‘ : ( : i &
5 0 5 20 25 30 3 s 40 E
Time =

Figure 9 — Valve plate temperature at first time wear in along with particle generation in series 8

Figure 9 shows the measured transient data for a change in pressure at 500 rpm 100 % displacement, going from
50 to 360 bar. The top figure shows the temperature curves, the one below that the high pressure signal, and the
bottom two figures show the data from the particle monitors both in the drain and the high pressure line. They
output the particle concentration in parts/ml for four particle sizes: >4 pm, >6 pm, >14 pym and >21 pm. The
>4 um is shown on the right y-axis due to a different scaling. The important detail here is that both the cylinder
block and valve plate have never seen a pressure above 300 bar before this.
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The first thing that is quite astonishing, is that temperatures of multiple temperature sensors drastically increased
to well above 100°C, as soon as the pressure was increased. After about 12 seconds at this high pressure the
pressure was reduced to 300 bar. After that the temperatures dropped again to a normal level. During this period
of very high temperature the particles increased drastically in all four particle sizes in both the high pressure and
drain line. This behaviour was document before in this pump and published /9/, the resulting temperature curve
can be seen in Figure 12 on the left. The previous trend was measured during series 5, when both valve plate and
block were new and the pressure was raised to 300 bar for the first time. Unfortunately, during that measurement
series the particle monitors were not set up correctly and it was not possible to record the shown particle trend.
However, the pump was opened afterwards and the locations that experienced these high temperature levels had
significant wear. The above trend in Figure 9 occurred by accident in series 8, it was never planned to increase
pressures above 300 bar, however an error in the load valve controller cause this pressure spike. This time the

particle sensors were working properly and gave the shown trends.
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Figure 10 — Wear in temperature in series 8 for valve plate only

The mentioned temperature spike at 300 bar, which occurred during series 5, was not repeatable in series 5 nor 6.
This suggested that it was due to a one-time wear-in process. Series 8 had a new valve plate installed, hence it
was expected that a similar effect can be observed. The measured valve plate temperature and high pressure as
well as drain particle concentration can be seen in Figure 10. Clearly the temperature spike was not nearly as hot
as in Figure 9 or the previously published temperature spike, however the particles monitors in both lines clearly

saw a large spike, which slowly decreased with time. The particle concentration levels are very comparable to

the ones in Figure 9 and even higher. The fact that there was significant wear but the temperature rise was not
above 60°C needs to be further investigated. One theory is that the temperature increase in Figure 9 resulted from
both brass and steel wear, where steel wear would only occur at the cylinder block since the valve plate is made
from brass. The cylinder block was not replaced for series 8, therefore the cylinder block should be already run-
in. Another interesting aspect in Figure 10 is the duration of the particle generation. Even after 1600 s (30 min)
and with a steady state temperature level reached, the particle generation has not completely ceased. When the
operating point was repeated for a second time in series 8, the particle generation died down significantly, as can
be seen in Figure 11.
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Figure 11 — Valve plate temperature and particle wear for re-rerun of 500 rpm 300 bar 100% in series 8

The initial temperature rise for the re-run is not as high as in the first run (Figure 10), even though the steady
state temperature level of the previous operating condition had similar temperature levels. There still is a spike in
particle generation, however the concentration levels are much lower than in the first run. A more detailed
temperature analysis of the three transient measurements for 500 rpm 300 bar is shown in Figure 12. The figure
shows 3 temperature graphs from left to right: The temperature transient temperature for the new valve plate
(VP) and new cylinder block (CB) from series 5, the measurement for a new VP from series 8 and the second
time the new VP from series 8 experienced the 300 bar. The temperatures are shown for the same time frame,
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which makes them more comparable. What becomes obvious is that the temperature levels are different and the
sensor that experiences the max. temperature change as well. Above the three graphs is the top 3 max
temperature after stationary conditions were reached (adjusted to 35°C inlet). The physical sensor locations are
shown in Figure 4 top left.

For the new VP and CB (left graph) the top 3 transient temperature sensors are S5, S7 and S3. After roughly
30 min run-in the max stationary temperature top 3 are: S5, S25 and S3. In series 8 the transient and stationary
order changed to: S25, S26 and S4. One outlier is S5 in the right graph, which has here the highest temperature,
however this is due to the fact that S5 was the highest in the previous operating condition. Not only the transient
temperatures levels are different between the three measurements, but also the final stationary temperature
levels, which are decreasing from left to right. The cylinder block is the same for all 3 measurements, therefore it
is possible that the more the cylinder block wears-in, the colder the temperatures on the valve plate become.
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Figure 12 — Transient valve plate temperature rise for 500 rpm 300 bar 100%

Another interesting trend that was noticeable, was that not every operating condition experienced such a strong
run-in. It rather seemed that each pressure level independent of speed had to be run-in, as well as every speed
level independent of the pressure. For example, after completing the run-in for 500 rpm 300 bar, the effect of
increasing the speed to 1800 rpm caused more particle generation, than increasing the pressure from 50-300 bar
at the higher speed level. This effect is shown in Figure 13. Here the initial condition is 750 rpm, 50 bar and
100% displacement. Then the speed is increased to 1800 rpm while maintaining the pressure level. After the
speed is reached the pressure is increased to 300 bar. This is the first time the valve plate has seen this high speed
and high pressure, however the effect on the particle generation by increasing the speed is larger than the
pressure increase.

An overview of the max particle concentration for each of the four shown cases, can be seen in Figure 14. The
two bar charts show the max. recorded particle concentration for the different particle sizes. The blue bar
represents the first time the new valve plate in series 8 has experienced 300 bar. The green bars show the max
particles for the second time the valve plate experienced 300 bar in series 8. The orange shows the 360 bar case
(first for both valve plate and cylinder block see Figure 9) The red bars show the additional particle
concentration caused by the pressure increase from 50-300 bar at 1800 rpm as seen in Figure 13. The trend

shown is that the particle generation drastically decreases after the first time the pump parts have experienced a
new pressure level. This is true even if the speed changes.
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To conclude, it can be said that a run-in occurs every time the pump either experiences a never-before seen
pressure or speed level. However, the two can be seen independently from each other. The pump run-in can take
about 30 min per operating condition for the cylinder block valve plate interface. A direct connection between
temperature rise and particle generation can be seen, but cannot be quantified at this point, since a similar
particle generation caused two different transient temperature curves.

4 Summary and Conclusion

This paper presented both transient and steady state measurement from a novel “transparent pump” test rig. The
measurements included surface temperature measurements of the valve plate, swash plate as well as the fluid
film thickness of the slipper. Combined with particle sensors the data was used to analyse wear patterns and the
run-in of the valve plate interfaces. A state of the art simulation program was used to analyse the pump and
interpret the measured data. Especially the gap height measurements are greatly enhanced when combining them
with the simulation findings.

The novel findings are that changes in pressure and speed have significant impact on the valve plate surface
temperatures, whereas changes in displacement are rather insignificant. The surface temperature of the swash
plate has a similar speed dependency; however, the slippers react differently to pressure or displacement changes
than the cylinder block. Medium pressures tend to have lower temperatures than very high or low pressures. It
was also shown that the CB/VP interface can be influenced by the other interfaces, by being affected of elevated
case temperatures, which were caused by increased slipper losses. Figure 7 illustrated that the examined pump
operates at lower temperature levels at low speed and higher pressure for both the slipper/swash plate and
CB/VP interface.

Tt was also shown that the run-in of the cylinder block and valve plate are accompanied by temperature changes
in the transient regime. It was also shown that the run-in is not always the same and is influence by other factors
that need to be studied in more detail. A typical run-in phase was about 30 min, after that time the particle
generation was significantly reduced.

The next steps in this research are to show the slipper wear and its effect on the performance of the slipper /
swash plate interface. The fluid film measurements of the cylinder block / valve plate will be published in future
publications. The slippers experience a much longer run-in period than the cylinder block. Furthermore, the
simulation tool will be further enhanced by incorporating the wear-in, something that showed already

tremendous potential for the cylinder block / valve plate interface.
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Nomenclature
Variable  Description Unit
B Pump Displacement [%]

BDC Bottom Dead Centre

CB Cylinder Block
Ap Difference between High and Low Pressure [bar]
HP High Pressure [bar]
LP Low Pressure [bar]
n Rotational Speed [rpm]
[} Shaft Rotational Angle []
Tcase Temperature in Drain Line [rC]
Tup Temperature in High Pressure Line [rC]
Trp Temperature in Low Pressure Line [rC]
Tax Maximum Temperature ['C]
TC Thermocouple

TDC Top Dead Centre

VP Valve Plate
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Reducing the wall thickness of the cups and pistons
in Floating Cup pumps and motors
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The rotational speed of slipper type, axial piston pumps and motors is limited. One of the most important reasons
for this limitation is the barrel tipping torque, which is (amongst others) affected by the centrifugal forces of the
pistons. The force of the barrel spring is needed to overcome the tipping of the barrel, and thus preventing the
malfunction of the pump or motor. The hydrostatic pressure can create an additional hydrostatic force, pushing
the barrel to the port plate, and thereby preventing the barrel to tip. But, at low operating pressures, the
hydrostatic force is insufficient, and the tipping torque can only be counteracted by the central barrel spring. Due
to the limited strength of this spring, the barrel will tip above a certain operating speed. At that point, the face
seal of the barrel will no longer make a full contact with the port plate, and the pump or motor cannot any longer
be operated, due to excessive leakage and wear.

Floating cup (FC) pumps and motors have the advantage that the pistons are press-fitted into the central rotor.
Therefore, the pistons can’t create anymore any tipping torque load on the barrel. But, unlike in conventional
axial piston designs, in FC-machines, the cylinders are no longer integrated and machined inside the cylinder
block or barrel. Instead, they are separated and have become cup-like cylinders which are floating on, and
supported by the remaining barrel plate. Being isolated from the barrel itself, these ‘cups’ will create another
tipping torque load on the barrel. The weight of the cups is however small, much smaller than the weight of the
pistons in an equally sized slipper type machine. Furthermore, the centrifugal tipping torque is reduced by the
short cup-stroke in the floating cup machine.

Nevertheless, it is desirable to further reduce the mass of the cups, not only to increase the maximum operating
speed, but also to reduce the force of the central barrel spring, which would further increase the overall
efficiency. The best way to reduce the mass of the cups, is by means of a reduction of the wall thickness of the
cups. It needs to be considered that the cups expand when being pressurized. Therefore, in order to maintain a
tight sealing between the cups and the pistons, the piston crown needs to expand as well, thereby following the
radial expansion of the cup. Consequently, the wall thickness of the piston crown needs to be reduced as well.

The question is whether these conditions can be met when the wall thickness of the piston crown and cup wall is
reduced. In this paper, the effects of a 50% reduction of the wall thickness are investigated and described. The
deformation is calculated by means of FEM analysis of the piston and the cup.

Keywords: Floating cup, FEM-analysis, barrel tipping torque
Target audience: Hydrostatic pump and motor designers and manufacturers

1 Introduction

Hydrostatic piston pumps and motors are positive displacement machines. In Floating Cup (FC) pumps and
motors, the displacement is created by cup-like cylinders. These ‘cups’ are translating on pistons, which have a
ball shaped, spherical piston crown. Unlike in other axial piston designs, the pistons are press-fitted into the
rotor. Compared to slipper type and bent axis machines, the FC-design is therefore more or less inverted: the
pistons are locked, and the cylinders, the ‘cups’, are free to move on the barrel plate. One of the advantages of
the new design is, that the centrifugal forces of the pistons no longer create a torque load on the barrel. This so-
called ‘tipping torque’ is one of the most important reasons why axial piston machines cannot be driven above a
certain operating speed [1-3].

However, in the FC-principle, the cylinders are isolated from the barrel. The ‘cups’ can slide and translate on the
remaining barrel plate. But, due to their degree of freedom, they will also create a new tipping torque on the
barrel. To make things even worse, the FC-principle is a multi-piston principle, typically having around 12
pistons and cups per barrel. This is more than the average 9 pistons, that cause a tipping torque load in slipper
type machines, and the larger number of cups will increase the tipping torque load. The barrel tipping torque is
also strongly influenced by the radius of the pitch circle of the pistons. However, the FC-principle does not
increase this radius [4], and therefore there does not have any effect on the tipping torque in comparison to
slipper type machines having the same geometrical displacement.

On the positive side, the FC-principle has a swash angle of around 8°, which is less than halve the swash angle
of most slipper type machines. This is advantageous for reducing the tipping torque, since the small swash angle
results in a small stroke of the cups. In other words: the center of mass of the cups is always close to the
midpoint of the piston head, which results in a smaller arm for the centrifugal forces to create a torque load.

But the most important effect is the difference between the mass of the cups and the mass of the pistons of a
comparable slipper type machine. Figure 2 shows the cup of a floating cup machine and the piston of a slipper
type machine, both having a displacement of 28 cc. The mass of the cup is 13.1 gr, being only 23% of the weight
of the piston of the slipper type pump, which has a mass of 56.2 gr.

&— 0

Fig. 1.: Piston of a 28 cc slipper type pump (56.2 gr) and cup of a 28 cc FC-pump (13.1 gr)

The combined effect of the reduced stroke and the lower mass of the cups results in a strong reduction of the
tipping torque [3], even including the detrimental effect of the large number of cups. Nevertheless, at some point,
the centrifugal forces of the cups still limit the maximum operating speed of the FC-pumps and motors. In order
to further reduce the tipping torque load, i.e. to increase the maximum rotational speed, this study investigates
the opportunity to reduce the mass of the cups by means of a reduction of the wall thickness. In a 24 cc
prototype, the wall thickness of the cups has been reduced from 2.25 mm to 1.1 mm, a reduction of about 50%.
FEM-analysis have been performed to calculate the effect of the reduced wall thickness on the deformation of
both the cup and the piston crown.
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2 The effects of centrifugal forces on the tipping torque

The cups create several loads on the barrel, many of which result in a tipping torque load on the barrel. Figure 2
shows the forces acting on the cup, excluding the hydrostatic forces. The most dominant forces are the
centrifugal force Feentr and the friction force Fr1 between the cup and the piston. The last-mentioned friction force
is an indirect effect of the centrifugal force. The centrifugal force creates a lateral reaction force in the contact
between the piston and the cup, thus causing a friction force. Since the centre of mass of the cup (point B in
Figure 2) differs from the point A of rotation, there is a reaction force Fr2 in the contact between the cup and the

barrel plane. All these reaction forces of the cups together create a tipping torque on the barrel.

piston

point A

Fig. 2: Forces acting on the cup. Point A is the center of the sphere of the ball-shaped piston crown. Point B is

the center of mass of the cup and ots oil contents.

The effects of these forces on the tipping torque can be calculated. First of all, there is the direct effect of the
centrifugal forces of the cups on the tipping torque. These create a torque load on the barrel in the x-direction
(see Figure 3). In the y-direction, the sum of all centrifugal torque loads amounts to zero: the torque loads are
cancelled internally. Figure 3 also illustrates how the torque vector is influenced by the cup position on the
piston crown. In the Top Dead Centre (TDC) the centre of mass of the cup, point B, is to the right of the point of
rotation A. In the Bottom Dead Centre (BDC), point B has shifted to the left of the point of rotation A. The result
is that all torque vectors are pointed towards the minus-x-direction. The resulting torque tends to tip the barrel
towards the TDC. This is independent of the direction of rotation of the pump or motor.

The second cause for the tipping torque is the friction between the cups and the pistons. This force is directly
related to the centrifugal force. In the case of solid or mixed friction, the centrifugal load of the cups is taken in
the contact between the cup and the piston, thereby creating a friction force. Even when hydrodynamic
lubrication is assumed, the centrifugal force will push the cup towards one side of the piston, thereby reducing
the gap height of the oil film, and increasing locally the viscous friction.

It is important to realize that the FC-principle does not create any hydrostatic load between the piston and
cylinder, as is the case in slipper type machines. The only remaining lateral load on the piston is created by the
centrifugal force of the cup. Although the magnitude and direction of the centrifugal load can be calculated
accurately, the magnitude of the friction force very much depends on the unknown tribological conditions.

However, the direction of the friction force is well defined: when moving from TDC to BDC, the friction force
pushes the cups onto the barrel plate. From BDC to TDC the friction force is in the opposite direction. The
resultant tipping torque will therefore be on the y-axis. The direction of this torque vector is dependent on the
direction of rotation of the main shaft. The magnitude of the friction tipping torque strongly depends on the
friction coefficient. Assuming a value of around 0.1, the friction force itself is much smaller than the centrifugal
force. But, since the friction force creates a tipping torque around an arm which is about 10 times larger than the
centrifugal tipping torque, both tipping torques have about the same magnitude.

A
A

Fig. 3: Barrel tipping torque generated directly by the centrifigal forces of the cups
(TDC = Top Dead Centre, BDC = Bottom Dead Centre)

The third tipping torque is caused by the friction between the rotating barrel and the stationary port plate. Due to
the previous two torque loads, the barrel will already slightly incline towards a certain direction. At the point
where the gap height is smallest, the friction between the barrel and the port plate will be higher, which will
generate another tipping torque.

Figure 4 shows all three torque vectors, as is calculated in the simulation model for pump operation and
projected on top of the port plate. The high-pressure side is on the right side of the port plate. The calculation has
been performed assuming a near to zero pump pressure. Pressure dependent torque loads are therefore not
included. The figure shows that the resultant torque load tends to tip the barrel towards the high-pressure side of
the port plate, having the smallest gap height around 45° before the TDC. If a barrel would start tipping, this is
where it would make contact with the port plate.

This has been confirmed with a number of experiments. Figure 6 shows a test of about 5 minutes, in which a 24
cc constant displacement pump has been operated at the lowest possible pump pressure, while gradually
increasing the speed. At around 250 seconds, the pump reached a speed of 4920 rpm. At that point, the case
drain flow suddenly increased and the pump pressure dropped to zero. The test was performed on a 4-quadrant
hydrostatic machine which demanded a pre-charge pressure level at the supply side during pump operation.
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After mspectl()n of the pump, a clear mark of the barrel edge was found (see Flgure 5) This mark can O nly be

explained by the tipping of the barrel. The mark was visible on both port plates of the floating cup pump,
indicating that the critical tipping speed was the same for both barrels. Since both barrels are identical, this was

expected.
TDC

torque due to point of contact

friction between

pistons and cups

torque resultant

torque due to

centrifugal forces
torque due to
friction between
barrel and port

plate

Fig. 4: Centrifugal and fiiction tipping torque acting on the barrel

point where the barrel
touched the port plate
after tipping

Fig. 5: Port plate showing the tipping mark of the barrel
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3 Reducing the wall thickness of the cups

The centrifugal force of the cups is the root cause of the barrel tipping at low operating pressures. The barrel
tipping could be reduced by increasing the strength of the central spring, which pushes the barrel towards the
port plate. But this would create an additional bearing load in the contact between the barrel and the port plate,
thereby increasing the friction losses. The most adequate way to reduce the centrifugal tipping torque is to
reduce the mass of the cups.

The centrifugal tipping torque T, is linearly dependent on the mass of the cups:

Tee = Meyp * n? (6]
Without a hydrostatic load, the tipping torque can only be counteracted by the central barrel spring, which has a
certain spring force Fy,. The barrel will tip whenever the centrifugal tipping torque is larger than the

counteracting torque generated by the barrel spring. Consequently, there is a critical rotational speed n.,., which
is dependent on the spring force and the cup mass:

r, 6)

Meyp

Ney =

In this study, the mass of the cups of a 24 cc FC-pump is reduced from 12.3 gr to 5.16 gr, a reduction of 61.3%.
This would result in an increase of the maximum speed of 54.4%. With the original cups, a critical tipping speed
of 4920 rpm has been measured. With the new, light cups, the critical speed would (in theory) be increased to
7600 rpm.

original design with
large wall thickness

new design with
reduced wall thickness

Fig. 7: Old and new designs of piston and cup

The weight reduction has been achieved by reducing the wall thickness of the cups. Figure 7 shows the original
and the new design, side by side. The thickness of the wall has been reduced from 2.25 mm to 1.1 mm. The cups
have an inner diameter of 12.5 mm. Also, the thickness of the cup base has been reduced from 1.5 mm to 1 mm.

Figure 7 also shows, that, aside from the cup design, also the piston design has been adapted. This is necessary to
keep the gap between the piston crown and the cup small, even when the components are being pressurized [4].
The reduced wall thickness reduces the stiffness of the cup. Consequently, the thin-walled cups will expand
more in the radial direction when being exposed to the internal hydrostatic pressure. In order to follow this
expansion, the stiffness of the piston crown needs to be reduced as well.

4 FEM-analysis

FEM-analysis have been performed to investigate the deformation of the new cup and piston design. Several
designs have been reviewed. Each design configuration requires a number of FEM-analysis at various positions
of the cup on the piston crown. The analysis not only involves the radial expansion of the cup and the piston
crown, but also calculates the axial deformation of the cup base. The cups are floating on the barrel plate (hence
the name Floating Cup), and the cup base acts as a face sealing and bearing interface. The deformation of the

sealing area strongly influences the sealing and bearing capacity between the cups and the barrel plate. Figure 8
shows the (enlarged) calculated deformation of two different cup designs. In the left design, the deformation of
the cup base results in a convergent gap profile, whereas the right design creates a divergent gap profile. Both
calculations are made for the same piston position and pressure load.

Fig. 8: Local deformation of two cup designs

The deformation of the cup changes with the position of the cup on the piston crown:

e The part of the cup cylinder which is pressurized depends on the position of the sealing line between the
piston crown and the cup. The pressurized area of the cup wall is therefore variable;

e The inner shoulder of the cup base increases the stiffness of the cup. Therefore, the cup expansion is
smaller close to the TDC-position.

By means of the FEM-analysis, a number of piston and cup designs have been evaluated for a 24 cc pump, being
operated at a maximum pressure of 500 bar. Figures 9, 10 and 11 show the axial deformation of the inner
diameter of the cup base shoulder, the radial expansion of the cup at the sealing line, and the maximum Von
Mises stress. In each diagram, the final new design is compared to the original design having a wall thickness &

of the cups of 2.25 mm, at various positions of the piston crown inside the cup.

The FEM-analysis clearly shows the larger expansion and the deformation of the thin walled cups. The
mechanical stress is also increased. The axial deformation of the cup shoulder is somewhat less, especially
between the BDC-position and half of the piston stroke. In this part of the stroke, the axial deformation has a
positive value, meaning that the shoulder is bent away from the cup base, thus resulting in a divergent gap
profile.

The most important result is the radial expansion of the cup at the location of the sealing line with the piston
crown. Obviously, the thin walled cup expands considerably more than the heavier original design. The

maximum value is increased from 2.8 um to 4.6 um, which corresponds to an increase of 66%.
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Fig. 9: Axial deformation of the cup base at p =500 bar (positive values result in a divergent gap profilc

radial cup deformation [um]
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piston position relative to the cup base [mm]

Fig. 10: Radial deformation of the cup cylinder at the sealing line with the piston (p = 500 bar)
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Fig. 11: Maximum value of the calculated Von Mises stress (p = 500 bar)

One of the advantages of the thin walled cups is that the radial expansion of the sealing line is almost constant
during the entire stroke. In the original cup, the radial deformation varies between 1.9 and 2.75 pm. It is
important to consider that the pressurized area of the piston crown is independent of the cup position.
Furthermore, at any position of the cup, the piston expansion should be smaller than the cup expansion. Hence,
the piston crown must be dimensioned as such that it matches the smallest radial expansion of the cup, i.e. the
radial expansion at the TDC-position. Consequently, the gap between the expanded cup and the expanded piston
crown widens when the cup moves to the BDC-position, since the cup expansion will become larger, whereas
the piston deformation stays the same.

This effect cannot be seen with the new, thin walled cups, for which the radial expansion stays almost constant.
This helps to reduce the gap height between the piston crown and the cup, but also creates the opportunity to
shift the stroke closer to the cup base, thereby reducing the cup length. The shift will also improve the average
position of the centre of mass of the cup, bringing it closer to the midpoint of the piston crown. This will further
reduce the centrifugal tipping torque.

The reduction of the wall thickness will also create new opportunities for cost reduction, since the reduced wall
thickness facilitates the use of mass production manufacturing technologies, such as deep drawing and stamping.
The reduced tipping torque allows the pumps and motors to be operated at higher rotational speeds. This is
important for many motor applications, but it also allows the application of high speed electric motors in electro-
hydraulic actuators.

5 Test of the new cups and pistons

The original thick-walled cups and pistons have been replaced by the new cups and pistons having a smaller wall
thickness. As before, the pump has been tested at minimum pump load in a speed range up till the point where
the pump operation is no longer stable, or the maximum speed of the test bench has been reached. Unlike with
the original cups, the pump operation remained stable. Due to the electric motor of the test bench, the pump
could not be operated at higher rotational speeds than 5000 rpm. It is therefore not possible to verify whether,
with the new cups and pistons, the pump can be operated up to the theoretical limit of 7600 rpm.

— light cups
< heavy cups

Q_drain [I/min]
N

0 1000 2000 3000 4000 5000

n [rpm]

Fig. 12: Measured drain flow at minimum pump pressure
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6 Conclusions and further outlook

This study investigates a subtle, but nevertheless important design change of the floating cup pumps and motors:

the wall thickness of the cups has been reduced by about 50%, resulting in a weight reduction of 61%.

Simultaneously, the wall thickness of the piston crown has been reduced as well. This was needed in order to

maintain a tight sealing between the piston crown and the cup when being pressurized. The new cups and pistons

have been successfully implemented in a 24 cc prototype. With the new cups and pistons, pump operation has

been stable across the entire speed range up till 5000 rpm.

Aside from the improved high-speed stability, the new design offers a number of additional advantages:

The new cup design has a more constant radial expansion, allowing a better match between the
expansion of the piston crown and the expansion of the cup, even when getting close to the TDC;

The new cup design reduces the outer diameter of the cups, thereby allowing a smaller pitch circle of
the pistons i.e. a smaller design of the pump or motor;

The reduced mass of the cups reduces the centrifugal tipping torque, thus allowing a higher rotational
speed of the pump or motor;

The new design allows a reduction of the wall thickness of the cup base, thereby reducing the length of
the cup and thus the length of the entire machine;

The reduced wall thickness reduces the width of the sealing land of the cup base, thereby allowing a
larger diameter of the bore in the base of the cup, and thus a reduction of the flow losses;

The reduced cup mass reduces the lateral centrifugal load of the cups. This reduces the friction between
the cups and the pistons.

The reduced wall thickness also paves the way for further improvements of the cup and piston design. The aim is

to produce these components by means of deep drawing, stamping and other low-cost, large series production

and manufacturing technologies.

Nomenclature

Variable  Description Unit
§ Swash angle [’]

b Wall thickness [mm]
Feoner Centrifugal force [N]
Feont Contact force between cup and piston [N]
Frrq Friction force between cup and piston [N]
Frrs Friction force between cup and barrel plate [N]
Frq Reaction force between cup and barrel due to the hydrostatic balance [N]
Fp Reaction force between cup and barrel due to the cup tipping [N]
Fop Force of the barrel spring [N]
Meyp Mass of the cup [N]

n Rotational speed [1/minute]

Critical rotational tipping speed [1/minute]

p Pressure [bar]

Ter Critical rotational tipping torque [Nm]
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Noise and vibration reduction
for an acrospace secondary controlled hydraulic motor
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During flight, passenger comfort is affected by noise emissions from various aircraft systems. Apart from jet
engines one of the main sources of noise within the fuselage is the power control unit (PCU) for high-lift actuation.
In preparation for take-off and landing this hydraulic motor is responsible for the extension and retraction of the
slats and flaps. Along with the increase in operating pressure from 206bar (3,000psi) to 345bar (5,000psi) noise
and vibration induced by fluid power systems became more striking. Consequently the aim of the BMWI founded
research project “Move On” was to reduce the emissions of Liebherr’s power control unit. The results of these
research activities are presented within this paper. It is shown how the noise emissions could be reduced in a
secondary controlled hydraulic motor by means of a valve-plate and structure optimization. In addition the results

of a noise measurement campaign, conducted by Airbus on an A350, are presented.

Keywords: Noise, vibration, hydraulic motor, fluid power systems, axial piston motor, valve-plate optimization

Target audience: Aerospace application, commercial aircraft, pumps & motors

1 Introduction

Fluid power systems are used on Aircraft (AC) since many decades. They drive actuation systems, such as primary
flight controls, secondary flight controls, landing gear and utility actuation, e.g. door actuation. Fluid power

systems on AC are well proven for excellent reliability, low weight and reasonable cost.

In order to further benefit from its high power density, the working pressure of fluid power systems within some
commercial AC was recently raised form 206bar (3,000psi) to 345bar (5,000psi). This shift has made two of the
main drawbacks of fluid power systems, namely noise and vibration, even more noticeable. At the same time the
noise requirements have become more restrictive. Therefore jet engines as the main source of noise on AC have
made advancements in noise reduction. As a consequence, the noise emitted by the fluid power system has become
more relevant as regards passenger comfort. One of the components responsible for cabin noise is the hydraulic
motor driving the high-lift system. Slats extension and retraction are driven with Slat Power Control Unit (SPCU).

The investigated SPCU is a hybrid design and comprises an electric and a hydraulic motor.

Within the BMWI founded research project “Move On” Liebherr-Aerospace Lindenberg GmbH and Liebherr
Machines Bulle SA together with Airbus Deutschland GmbH have developed a noise reduced variable
displacement hydraulic motor. As a boundary condition for this project the weight of the hydraulic motor should
not increase, the envelope should not be affected and the performance characteristics should be equal or better

compared to the reference motor.

Accordingly in section 2 the considered type of hydraulic motor and possible means for noise reduction are

described in detail.

In a next step several concepts for noise reduction have been analysed with the aid of a simulation models. Results

of the simulative analysis are given in section 3.

Subsequently the most promising concepts have been realized within a prototype PCU /2/. This prototype was then
tested in a laboratory environment at Liebherr-Aerospace, Lindenberg GmbH in comparison with a reference PCU.
Test data is provided in section 4.

Finally a noise and vibration test was conducted inside an AC cabin, which exemplifies the improvements within
a real AC environment. Airbus performed these vibro-acoustic measurements on an A350 test AC in July 2015.
Respective results are depicted in section 5.

2 Means for noise reduction

In axial piston pumps and motors the timing and the geometry of the swash plate are crucial for noise generation.
A careful design of the swash plate is therefore one of the most important ways of reducing noise /1/. However,
the performance that can be achieved by only optimizing the swash plate is highly sensitive to any variation in
operational conditions. One way to mitigate this sensitivity is to use a design with a cross-angle. Johanson et al.
/2/ describe the cross-angle as “a fixed small (~1-4°) displacement angle of the swash plate in the direction
perpendicular to the traditional displacement [implying] that the piston top and bottom dead-centres [...] vary as
functions of the displacement angle, which gives varying cylinder pre-compression and decompression”. While
cross-angle designs have been mainly used in pumps, it is also mentioned in the literature as a mean to reduce
noise of hydraulic motors /3/.

The swash plate axial piston motor developed by Liebherr takes advantage of both a cross-angle and an optimized
valve plate geometry to achieve significant noise reduction. It features a maximum displacement of 16cc/rev that
can be adjusted in both positive and negative directions.

Figure la : picture of the 16cc/rev Liebherr

Figure 1b : cross-angle y machined in the bearing

aerospace hydraulic motor supported swash plate

As shown in Figure 1b, the cross-angle is machined directly in the swash plate of the Liebherr motor. The cross-
angle is compatible with both pumping and motoring modes, this as long as the high- and low-pressure ports
remain fixed. Actually, if the high and low pressure ports were reversed, the cross-angle direction would have to
be reversed as well. The Liebherr motor is therefore particularly well suited for secondary control with one port
being supplied by a constant pressure network.
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3 Simulation of motor-induced excitations

3.1 Simulation model

The goal of the simulation is to model motor-induced excitations that may lead to noise emissions in order to
minimize them. Due to fluid compressibility and dynamic effects taking place in the piston chambers, the pressure
profiles are not trivial to describe analytically, therefore a simulation model is used, based on a control volume
approach that is common in literature; see for instance /4/ and /5/. The simulation model has been developed with
the commercial simulation package Amesim /6/.

From the kinematics of the hydraulic motor, the model first computes the piston stroke y; and the fluid volume
V; of the ith piston chamber as a function of angular position ¢;.

Z, Zy

piston chamber

swash axis

Valve plate kidney

Valve plate kidney

to channel A to channel B

Swash plate

Valve plate

Figure 2: Sketch of motor kinematics (cross-angle not represented)

The displacement angle is referred to as the angle o around the x,, axis. This first rotation transforms (x,, ¥y, 29)
into an intermediate coordinate system (xy, ¥1, z;). Then the cross-angle is referred to as the angle y around the

axis z; and transforms (x4, yy, z1) into (X3, ¥, 22).

zy 40

V1 X2

a Y
Yo X3
X0, X1 21,22

Figure 3: displacement angle (left) and cross-angle (right)

The piston stroke, i.e. the displacement of the piston along the y, axis, follows as:

tan
.8 sing; — R - tana - cos¢;

Yi= R cosa (1)

Then the model computes the pressure-rise rate in the piston chamber as:

ar(¢) _
dt

Qia +Qip + Quarw
Vi(:)

B ()

This quantity is integrated to get the pressure profile for each piston at each simulation time step. It is then possible
to compute Q;4 and Q;p, the flow rates exchanged between the control volume of the ith piston and the channels
A and B respectively. It is assumed that these flow rates occur in turbulent regime and can be computed as:

2|P,— P, 2|Py— P,
Qia=sign (Py—P)-CyAia % and Qiz = sign (Pg — P;) - Cq Aip % 3)

Qix;w 1s the piston motion-induced flow rate that relates to the piston axial velocity ¥, according to

Qixiv = Ap Y (4)

In Equations (1) to (4):
P, and Py are the pressures in the channels A and B respectively.
f and p are the bulk modulus and the density of the hydraulic fluid respectively.
Cq is the flow coefficient of the considered flow rate.

A;4 and A;p are the flow areas between piston chamber and channels A and B.

3.2 Optimization objectives

We are primarily concerned about the audible noise in the cabin of the aircraft. However this sound can be
generated through two main paths:

e  Through pressure pulsations generated by the hydraulic motor and transferred to the hydraulic circuit,
also known as “fluid borne noise”

e  Through the vibrations of the motor structure, transferred to the rest of the aircraft structure, also known
as “structure borne noise”

Since the noise transfer path is typically difficult to identify in an aircraft and because the developed hydraulic
motor should not be aircraft-specific, both pressure pulsation and vibrations have to be optimized at the same time.

Unfortunately, both pressure pulsation and vibrations are system dependent. Exactly like positive displacement
pumps, positive displacement motors generate a flow rate pulsation, the pressure pulsation being only the
consequence of the flow pulsation for one given hydraulic circuit. Similarly, the motor generates forces and
moments pulsation. The vibration of the motor itself is depending on its own structure but also on the impedance
of the structure it is mounted on.

Therefore the value to be monitored for assessing the general tendency of a hydraulic motor to generate pressure
pulsation is the flow pulsation at its inlet port (high pressure port). Assessing its tendency to generate vibration is
slightly more complicated because forces and moments in all three spatial directions are involved. Nevertheless
Skaistis has shown that the swash plate moment My typically shows the greatest potential as a noise source /1/

and to the best of our knowledge, this proved to be true for many practical cases.
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Choosing which quantity to monitor is still not enough and precise optimization objectives should be determined
both for flow pulsation and swash plate moment pulsation. Again, since the quietness of the motor should not
depend on the system it is used in, it is not possible to target amplitude reductions at specific frequencies and we
chose two equally weighted optimization objectives consisting of the normalized peak-to-peak amplitude of time
signals simulated for the consumed flow-rate @, and the swash plate torque My, .

(max(QA(t)) _ min(QA (t))) . (max (MXD (t)) — min (MXD (t)))
mean(QA(t)) mean (MXD (t))

(5)

objective =

Following constraints have been added to the optimization objectives to avoid cavitation resp. low efficiency:
e  Minimum acceptable pressure in the piston chamber

e Maximum acceptable internal leakage due to valve plate underlap

3.3 Simulation results

A set of optimal parameters for both the cross-angle value and the valve plate geometry has been obtained by

running the optimization on the simulation model described earlier.

In the figures below, simulation results show the comparison between the reference motor initially used for the
high lift actuation and the Liebherr motor presented in this document in terms of flow rate and swash plate moment

pulsations.

Figures 4a and 4b show that the choice of the flow rate peak-to-peak amplitude as an optimization function has
given very good results in the time domain with a reduction of a factor 2.0 of the peak-to-peak amplitude compared
to the reference. In frequency domain, it is interesting to see that it has led to significant improvements at harmonic

frequencies but not necessarily at the fundamental frequency.

—— Reference motor - normalized flow @75% disp.
=~ Liebherr motor - normalized flow @75% disp.

—— Reference motor - normalized flow @25% disp.
—— Liebherr motor - normalized flow @25% disp.
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Figure 4a: Normalized flow rate generated by motors — Figure 4b: Normalized flow rate generated by motors
at inlet port in time and frequency domain for 25% of  at inlet port in time and frequency domain for 75% of

max. displacement max. displacement

The figures 5a and 5b show a massive improvement for the peak-to-peak amplitude of the swash plate moment
with a reduction of the peak-to-peak amplitude by a factor 4.0 to 7.0. It indicates that the swash plate moment was
most probably not considered when the reference motor was designed, thus probably leading to important vibration

of the surrounding structure and consequent audible noise emission.

~— Reference motor - normalized Mx @25% disp.
—— Liebherr motor - normalized Mx @25% disp.

—_ e motor - nor d Mx @75% disp.
—— Liebherr motor - normalized Mx @75% disp.
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Figure 5a: Normalized swash plate moment
generated by motors in time and frequency domain
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Figure 5b: Normalized swash plate moment
generated by motors in time and frequency domain

Jor 75% of max. displacement

4 Noise and Vibration Reduction in Laboratory Environment

In the following test data is presented which demonstrates the achieved reduction regarding noise and vibration.

In a laboratory environment the noise emission of the PCU is compared to the reference device /7/. It is further

clarified to what extend the improvements affect passenger comfort.

4.1 Structure borne noise

In order to measure the structure born noise emitted during operation, both PCU have been equipped with six tri-
axial acceleration sensors. In figure 6 the positioning of these sensors is illustrated. The spectrum of vibration was

then measured in various load conditions /8/.

Figure 6: Positioning of acceleration sensors.

Bagsically all sensors indicated similar characteristics regardless of the sensor position and axis of motion.

Therefore the results shall be discussed using the example of the y-axis of the sensor located on the gearbox (refer

to figure 6).
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The frequency spectrum that occurs during operation of both PCU is depicted in figure 7. While the characteristic
frequencies of both units are similar, the vibration amplitude of the Reference PCU (red) exceeds the Liebherr
PCU (blue). Both devices are characterized by a fundamental frequency of 790Hz and a first harmonic at 1590Hz.
In general the Liebherr hydraulic motor has significantly decreased the structure borne noise for the fundamental
and the following harmonics.
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Figure 7: Acceleration amplitude over frequency range of 10Hz-5kHz for varying load conditions.

4.2 Air borne noise

In addition to the structural vibration the sound pressure amplitude spectrum emitted by the PCU was recorded.
Microphones were installed at a distance of 1m from the unit. The results are illustrated in figure 8. Thereby the
sound pressure was A-weighted according to the international standard IEC 61672:2003, in order to account for
the relative loudness perceived by the human ear, which is indicated by the unit dB(A).

Similar to the vibration data a fundamental frequency of 779Hz and a first harmonic at 1558Hz are apparent. Again
there is a reduction in the signal amplitude of the Liebherr PCU in comparison to the reference unit.

It is further noted that a sound pressure amplitude increase of 10dB is equivalent to a doubling of the subjective
sound level. Therefore according to figure 3 the fundamental frequency with 103dB(A) and its first harmonic with
90dB(A) will have the most disturbing impact to the human ear. The sound pressure of the subsequent harmonics
does not increase past 75dB(A). Hence the subjective sound level will be less than half compared to the first
harmonic frequency.

Consequently in figure 9 the focus is on the fundamental frequency and its first harmonic. Here the A-weighted
sound pressure level of both PCU is depicted in dependence on the load condition. Apparently the Liebherr
hydraulic motor has significantly decreased the air borne sound pressure for both the fundamental and the first
harmonic frequency. Corresponding to the difference of more than 10dB(A) a subsequent reduction of the sound
level in AC environment is expected.
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Figure 8: Sound pressure level (A-weighted) over a frequency range of 10Hz-5kHz for varying load conditions.
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Figure 9: Comparison of sound pressure levels (A-weighted) for different load conditions.

5 Noise and Vibration Reduction in Aircraft Environment

Based on the results in laboratory environment in July 2015 Airbus performed vibro-acoustic tests on an A350 test
AC comparing the Liebherr hydraulic motor with the reference unit /9/. Therefore nine microphones have been
installed in the cabin for this test campaign (refer to figure 10). Additionally one rotating boom microphone is
positioned in the aisle between row 10 and 11.

<
I

al
o
=
O
o
O

103




LL

(3.1

Figure 10: Microphone test setup for sound pressure level measurement within an A350.

Afterwards several configurations have been tested featuring slat extension and retraction in both a stepwise and
complete progression /9/. Thereby the PCU has been powered alternatively by the ground cart and an electromotor
pump (EMP). In the following test data with ground cart is presented.

In figure 11 the A-weighted frequency spectrum of the cabin sound pressure level recorded with the rotational
boom microphone is illustrated for full slat extension. Again the fundamental frequency in the region of 800Hz
and a first harmonic in the region of 1600Hz are apparent. Beyond S00Hz there is a difference in sound pressure
level of about SdB(A) between the Liebherr PCU and the reference unit. This visualizes the subjective perception
of noise within the cabin, which is lower when the Liebherr PCU is used.
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Figure 11: Static sound pressure level (A-weighted) for the rotating boom microphone during slat extension.

Furthermore compared to the laboratory measurements, which have been recorded at a distance of 1m from the
source, the sound pressure in the cabin is reduced. Especially higher frequencies are naturally damped, while low
frequencies are better transmitted though the fuselage. As mentioned above the subjective perception of sound
level is logarithmic to the sound pressure level. Hence again the sound pressure at the fundamental frequency was
considered for a detailed comparison between the Liebherr PCU and the reference. The resulting difference of
10db(A) correspond to a subjective sound level reduction by a factor of two.

In figure 12 a surface map illustrates the noise reduction in the A350 cabin and the specific seats. The sound
pressure recorded by the rotating boom microphone is indicated by the circle in the aisle between row 10 and 11.
The colour scheme represents a pressure between S5dB(A) and 80dB(A) by colours of blue to red. Except for seats
10A and 11D a significant reduction of noise of 5-10dB(A) is apparent. The numeric difference in sound pressure
is given in table 1.

s0 dBA

Liebherr - Fundamental dB(A) Reference - Fundamental dB(A)
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Figure 12: Surface map.: Comparison of cabin sound pressure level (fundamental, A-weighted, slat extension).

Microphone Difference - dB(A)
Seat 11D 04

Seat 10A 8.6

Seat 11H -10.5

Seat 10G -15.5

Seat 10E -149

Seat 10L -6.4

Seat 9D -5.0

Seat 9H -8.4

Rot. boom mic -9.9

Table 1: Difference in cabin sound pressure (fundamental, A-weighted, slat extension,).
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6 Conclusion

It has been demonstrated that effective noise reduction of a hydraulic motor is possible without affecting weight,
cost or performance. As the vibration level of the motor was also reduced together with the reduction of the noise
emission, the reliability of the unit was improved.

This improvement was not achieved by the typical secondary means, for instance rubber isolation or thicker or
more noise absorbing housings; it was achieved by reduction of hydraulic pressure variation between the primary
parts of the motor, which are cylinder-block, swash plate and pistons. Thereby the optimized motor produces less
noise and vibrations compared to the reference motor. Since no additional parts are necessary, this is the favoured
method of noise reduction.

Such an improvement is only possible if the physics inside the motor is properly understood and a verified
simulation model is available to support the development activities. Therefore appropriate simulation models are
the key for the next generation of low noise, high efficiency hydraulic pumps and motors.
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Nomenclature
Variable  Description Unit
y Cross-angle [rad]
o4 Displacement angle [rad]
X; Displacement of the ith piston on x axis [m]
Vi Displacement of the ith piston on y axis [m]
Z; Displacement of the ith piston on z axis [m]
Vi Fluid volume of the ith piston chamber [m"3]
o} Angular position of the ith piston [rad]
mp Mass of piston [kg]
Ap Area of piston [m"2]
R Cylinder-block pitch radius [m]
P; Pressure in ith piston chamber [bar]
Qia Flow rate between piston chamber and port A of motor [m*3/s]
Qi Flow rate between piston chamber and port B of motor [m*3/s]
Py Pressure in port A [bar]
Py Pressure in port B [bar]
B Bulk modulus of fluid [bar]

D Density of fluid [kg/m*3]

Cq Discharge coefficient of valve plate opening [-]
Aja Valve plate opening area between piston chamber and port A of motor [m”2]
Ajg Valve plate opening area between piston chamber and port B of motor [m”2]
Myo Swash plate moment around the X, axis [N.m]
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myCro

Downsizing of hydraulic power units by revolutionizing the design
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Industrial technology is confronted with the constant demands for a reduction in investment and operating costs.
Especially hydraulic power units as a core element for supply of flow and pressure for hydraulic actuation
systems have a big influence by minimization of the required oil quantity used as well as by optimizing the
targeted fluid condition. In addition to the reduction in the required size and weight, the cost of steel fabrications
can also be significantly reduced by a smaller tank and the oil quantity during initial filling and maintenance can
be reduced. With the innovative engineering-package “myCro” presented here, these advantages can be
exploited by the customer.

Keywords: Downsizing, Hydraulic power unit, Degassing, Oil conditioning
Target audience: Design, engineering and usage of hydraulic power units

1 Introduction

Hydraulic power units (HPU's) represent as capital goods the energy or power supply of hydraulic drive
technology where low initial and operating costs are an important main focus. The initial costs of an HPU are, in
addition to the attached and built-up components, largely influenced by the hydraulic oil tank and the amount of
oil stored there, while the maintenance and repair costs make up a large part of the operating costs. In both cases,
the percentage of initial or operating costs varies depending on the requirements of an HPU and can therefore not
be generalized.

HPU's are generally characterized by a large variety of sizes and shapes that arise from the requirements they
need to meet such as the available footprint or space, the hydraulic power to be provided, the pendulum volume
or attached peripherals. In the following picture, three different HPU's are shown in order to make the broad

variance clear.

Figure 1: Variance of HPU s in terms of size and shape

In order to use hydraulic units in confined spaces in manufacturing plants or to apply them in narrow installation
spaces of higher-level machines, the demand for a further increase in the power density of HPU's (downsizing)
is made more frequent.
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2 State of the art in the consideration of the oil conditioning by the design of
HPUs

Since the size and shape of HPU's — and therefore also costs - are very much influenced by the tank, it is
advantageous to size this as small as possible. In addition to the reduced initial costs due to the smaller tank,
there are also lower costs for the initial oil filling. The quantity of hydraulic oil to be used also has a recurring

aspect, since it occurs during the initial filling and at the change intervals.

For the regeneration of the fluid (e.g. degassing), a necessary resting time in the tank is usually defined in order
to allow the air bubbles in the oil to rise from out of the fluid and to outgas. This process can be relatively slow
depending on the size of the air bubbles as well on physical and chemical properties of the fluid. The necessary
tank size is thus derived from approximately 3-5 times the circulated oil volume flow /1/. For example, in the
current state of the art in the engineering of HPU's, this would result in a2 minimum size of the oil tank of 600-

1000 1 in an HPU capable of permanently delivering a maximum flow rate of 200 1 / min.

If the relationship between the circulated oil volume flow and the size of the tank and a corresponding oil
conditioning are not taken into account, damage - and thus increased maintenance and repair costs — will result.
In addition to contamination of the oil with solid particles, the contamination with air and water must be

considered.

Air that is in dissolved form in the hydraulic oil is bound in the molecular structure which is initially
unproblematic. The proportion of air dissolved in oil is largely dependent on pressure, less on temperature and
viscosity, and not on base oil, refining or additives /2/. Major problems are caused by undissolved air that forms
- depending on the type and viscosity of the oil - in a proportion of about 10% in the form of bubbles. For
example, it leads to foaming at a proportion of about 30% /2/, which among other things adversely affects the
dissipation of heat from the oil and worsens the lubrication of friction surfaces. Other negative characteristics
due to undissolved air are accelerated oil aging due to the diesel effect or cavitation phenomena in hydraulic
components. The same applies to water in hydraulic oil, which can also occur in dissolved form - bound in the
molecular structure of the oil - or undissolved in the form of water droplets. The negative effects of water in

hydraulic oil are corresponding to the problem with air.

3 New approach for the efficient design of HPU's

However, the reduction of the required amount of oil represents an extraordinary challenge, since the hydraulic
oil is a decisive factor for meeting demanding tasks in addition to power transmission, such as lubrication and
corrosion protection of moving parts. Water and air deteriorate the required properties of the fluid by phenomena
such as e.g. oxidation, corrosion, and diesel effect which reduces the life of oil and components and leads to

undesired effects such as noise, erosion damage and a lack of system stiffness during operation.

From this it can be concluded that HPU's can be dimensioned much smaller in principle if the above described
phenomena can be treated by suitable fluid conditioning. This can be achieved by controlling the air and water
content, the cooling and filtration or by a targeted management of the oil flow or tank design. Since these
measures can vary greatly depending on the area of application and the application of the unit, Bosch Rexroth
has developed the complete engineering package myCro - consisting of active and passive measures - to
counteract the complex and multi-layered problems and reliably ensure appropriate oil conditioning. The
following table shows the definition of myCro.

my individual

Customized Customer specific engineered

reduction to build small and cost-efficient power units
option Via optional add-on equipment

Table 1: Definition of myCro

As shown in the following illustration, the modular engineering package myCro essentially consists of 4
different approach categories, which must be used according to the individual application.

P Optimized
components

p Innovative methods
and tools

p Effectiveness and efficiency combined p Scientific knowledge and

established experience

Figure 2: myCro enhanced intelligent fluid management and downsizing of HPU'’s

In principle, myCro can be divided into measures for active oil conditioning and measures for passive oil
conditioning. For a suitable oil conditioning by means of active measures, the desired parameter to be
conditioned in the oil must be measured / interpreted and then possibly improved.
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Here systems are available with myCro which operate a controlled degassing and dewatering of the hydraulic oil
by means of suitable sensors. The systems work independently of the pendulum volume and have a scalable
degassing and dewatering rate which makes a wide range of applications possible. In the same way, the filtration
can be solved as usual via the secondary circuit. As an example, the degassing of an oil volume can be seen in
the following picture.

Figure 3: Exemplary degassing of an oil volume as an active myCro measure

In passive measures, the HPU is designed in such a way that by means of a targeted flow characterization or
guidance an enrichment of the hydraulic oil with air or water is prevented or at least slowed down. For an
optimized flow and the resulting tank design, modern simulation methods such as 3D CFD simulation are
available.

Figure 4: Exemplary 3D-CFD-Simulation of tank interiror as an passive myCro measure

The effort for the additional hardware or the intelligent tank design is often not justified, why trained and
experienced sales staff carry out a corresponding initial evaluation and plausibility check. Thus, in the beginning

technical discussions with the customer decisions in favor of smaller and cheaper HPU's can be made.

Since all elements in myCro are modular and flexible (e.g. tank design using 3D CFD simulation, degassing
module, etc.) they can be used optionally as needed, depending on the requirements of the HPU and the
customer. Although the usage of further elements increases the effort - and thus the production costs - it opens
up further potentials for miniaturization of the unit - and therefore a reduction of the production costs. Thus, the
technical / economic optimum for each design case of the HPU can be determined individually with the customer
and allows the optimal design of the hydraulic unit to the application with significantly less restriction from the
above relationship between tank size and the desired oil condition. In the following the main focus areas of the

defined myCro levels are described.

Optimized components Innovative methods and tools

« Standalone controlled degassing module * 3D-CFD Simulation

* Sensors » Initial assessment by myCro-Tools and experienced

. sales engineers
* Water separation module &

e Hydraulic components suitable for vacuum

pressures

Effectiveness and efficiency combined Scientific knowledge and established experience

By combining all the components and processes | ¢ Optimized internal tank design
relevant to the degassing process, it is possible to TR Lo . .

. & . & P o B * Scientific investigation of air separation
optimize the hydraulic power unit in terms of tank
size, oil volume and components in the shortest * Deriving customer-specific solutions

possible time » Simulation and evaluation criteria of tank design

Table 2: Focus areas of the myCro levels

For better comprehensibility and usability, myCro is subdivided into 3 different states of expression in which the
possibilities of a reduction of the HPU are correspondingly exhausted by an increasing utilization of the

individual elements of the modular engineering package.
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The lowest state of expression is the package myCro, in which the oil tank is downsized with the least possible

effort and only passive measures like described below.

myCro

« Initial evaluation of an application for oil tank downsizing by trained sales staff and supporting tool

* Passive measures (intelligent tank design) improve natural degassing to the desired level

The next or middle stage of expression is the package myCro+, in which the options for reducing the size of the

tank are further exploited with additional active measures like the degassing module.

myCro+

» The degassing module further actively improves the oil conditioning and thereby enables even smaller

power unit design

* Regulation and monitoring of the oxygen content in the operating medium

At the highest level of expression through package myCro'H', the additional use of the 3D-CFD-Simulation

allows the possibilities of a tank reduction to be completely exhausted.

myCroH

* 3D-CFD-Simulation of tank interior

4 Summary and Conclusion

Considering the technological change in industrial hydraulics towards electrification and electronification Bosch
Rexroth offers with the modular engineering package myCro option a completely new approach for the efficient
design of optimized system solutions using the latest technologies in terms of numerical methods, computational
system assessment as well as newly developed fluid technologies and controls. Projects where myCro was
implemented could achieve a reduction in tank size of up to 70% and the required floor space by up to 50% with

an immediate return on investment (ROI), which underlines the efficiency of this approach.
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Model-based control and regulation concepts will become increasingly important due to their specific
advantages, for example in respect of performance, stability, consideration of nonlinearities etc., for hydraulic
drives in particular. The fundamental prerequisite for their application is sufficiently precise knowledge of the
system's response characteristic. The prerequisite for their acceptance, however, is the availability of computer-
supported tools, methods and algorithms, which enable a case-specific identification and controller design. This
article presents a concept for achieving these goals on the basis of an innovative nonparametric identification

method, which has proved to be extremely efficient in initial applications.

Keywords: hydraulic presses, characteristic diagram, operating point, model based control, self-learning control

Target audience: stationary hydraulics, industrial applications

1 Introduction

1.1 State of the art

Demands in terms of drawing cushion pressure control increasingly require a highly dynamic control behavior,
which cannot be satisfactorily achieved using a classic PI controller based on control error (feedback controller)
alone. Model-based approaches on the one hand and progress in the field of digital technology on the other have
enabled new concepts in the control of hydraulic drives in recent years. Rather than generating the actuating
signal exclusively via a feedback controller, the basic idea of these concepts is to additionally generate the signal
via a process model calculated in real time in a precontrol circuit (feedforward controller). This is known as a
two degrees of freedom control concept (2DOF control concept, see Fig. 1) which was first introduced by
Horowitz /1/. Generally speaking: The higher the quality of the basic model, i.e. the better the model represents
reality, the better the ultimately achievable control quality. In this concept the feedback controller essentially
only has the task of compensating for inaccuracies in the precontrol model, but the main contribution to the
overall actuating signal should be generated via the precontrol circuit. There are several approaches to design
such a linear or nonlinear feedforward control. In /2/ the feedforward control algorithm for an injection moulding
machine was based on the linear transfer function for example. In the field of drawing cushion pressure control,
use of the nonlinear stationary drive characteristic diagram in the form of a nonparametric look-up table has
proven itself time and again as a precontrol model /3/4/. Nonparametric means that no model equations are
present, which must be parameterized through corresponding quantitative system parameters (surface areas,

orifice coefficients, overlaps ...). Instead, the look-up table only contains numerical values which, although they

describe the static response characteristic with sufficient accuracy, no longer have any explicit functional
correlation /5/. A purely theoretically derived characteristic diagram (white box characteristic diagram), which
are essentially based on the datasheet values for the components used, are generally too inaccurate for the
increased demands on control quality, which is why the actually existing drive characteristic diagram must be
determined metrologically (black box characteristic diagram). Previous experiences show a connection between
the effort involved in creating or identifying the real characteristic diagram and the quality of the feedforward
control, i.e. the ultimately achievable control quality. The determination of a sufficiently accurate characteristic
diagram is therefore generally associated with considerable measurement and commissioning effort. In
particular, the execution of operating points in the limit ranges of drive systems frequently leads to difficulties.

Ram Axis XRser Ram Axis
Velocity Velocity Controled
Trajectory elocity Controle
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“1 Diagram
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Feedforward Controller
A 4
Cushion Axis u
e U ) . |Pact
Pressure #C?—P Pl-Controller LBy ()| Cushion Axis - >
Trajectory DPser A—
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2DOF Pressure Control

Figure 1: 2DOF structure for pressure control of cushion axis - state of the art

Use of the characteristic diagram-based feedforward control enables the actuating signal component of the PI
controller in the sum actuating signal to be reduced to a fraction of 5%-10%, with a measuring scope of around
100 to 150 stationary points to be identified for determination of the characteristics. This not inconsiderable
effort necessary for commissioning the feedforward control is also reflected on the maintenance side: Due to the
wear on the flow edges of the valve, the system image generated during commissioning and the real flow
behavior of the valve drift apart over time. At this point the maintenance engineer is forced to readjust the
feedforward control with considerable measurement effort, which is why this adjustment is generally only
performed after a valve replacement and poorer control characteristics are accepted in the meantime.

1.2 Motivation

The concept presented in this article presents an innovative method of identifying the drive characteristic
diagram for the feedforward control, which uses both theoretical white box and metrologically obtained black
box information. With even just a few stationary measuring points, however, this is able to deliver very good
results during actuating signal generation, i.e. to represent the real characteristic diagram. As a result of the
concept presented here, the commissioning and maintenance effort involved in hydraulic control should in
principle be significantly reduced. The characteristics and results of the identification method are demonstrated
using the example of the pressure control of a hydraulic try-out press of the type MW ZE2100 /6/. The
identification method was performed offline, i.e. measuring data were recorded first of all and then the
characteristic diagram identification was performed on the basis of the entire data material. When designing the
identification method the fundamental requirement was set right from the beginning, however, that the process
could in principle also be implemented in the form of online and real time-capable algorithms on a digital control
computer, which can process the periodically occurring measuring data in the controller cycle, thus enabling an
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adaptation/optimization of the precontrol model in virtually regular operation of the system. However, real-time
implementation of the method has not been implemented yet.

A second concept for operating point-dependent adaptation of the feedback control parameters is also presented,
which is again based on the (identified) drive characteristic diagram. Even if the feedback controller in the 2DOF
concept no longer has the same fundamental importance as that of classic concepts for the reasons mentioned
above, the feedback controller can now be parameterized to the precise operating point on the basis of the
identified system model. Thus, in addition to the compensation of interference effects which cannot be acquired
in the stationary characteristic diagram, corrections of the dynamic behavior can also be performed effectively
and accurately. The entire 2DOF control design can therefore be considered as a coherent and logical overall
concept. The design or parameterization of such a control no longer requires expert knowledge, but can also be
algorithmized and automated. At present, however, this is still a theoretical concept, whose implementation and
validation have not yet been performed on a real system.

2 Observed drive system

The concepts presented in the following for modeling the drive characteristic diagram for the feedforward
control and the design of the feedback control parameters are derived and demonstrated using the specific
example of a hydraulic 8-axis try-out press of the type MW ZE2100 /6/. This drive system will be described first
of all and relevant model equations provided, which are necessary or helpful for the derivation and
understanding of the methods described below. A single drawing cushion axis from the entire press is considered
in the following.

2.1 System description

As shown in Figure 2, a drive axis essentially consists of a plunger and a highly dynamic (dual-flow) directional
control valve of the type Moog D663 /7/, via which the discharged volume flow Oy and consequently the
relevant chamber pressure p can be regulated.

)&R | Cushion Axis
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x=0-1-7] Plunger Control Valve
d'=200 mm ¥leeg [DEEE
<d | 71=350 mm 25% positive overap
xx Y -
-=- ug ky K
{ I AV v 7 RY
4 4 ¢ ¢
e Q e pr=0
i Cushion Plate
¢ ¢ ¢ \ I
¥ 2 u

Figure 2: Drawing cushion drawing and technical diagram

The plunger with piston area 4 = 314em? is externally impressed by the ram with speed xz and it is always
assumed in the following that Xz = x. The directional control valve is modeled as a simple discharge valve,
whose degree of opening can be adjusted via the control voltage u = 0...+10V. The valve has a positive overlap
of 25% (uy= +2.5V). Under the assumption of an ideal linear valve characteristic, the corresponding orifice
coefficient follows from the datasheet values Q,.r = 350 l/min and p,.,= 5 bar, with ky = 15.65 Ipm/(V -bar’).
The movement impressed on the drawing cushion axis by the ram is an essential functional feature of drawing
cushion drives. Only through the ram movement does a fluid compression and thus a pressure build-up in the
chamber take place. From the point of view of the pressure control to be executed via the discharge valve,

however, this impressed movement or the corresponding kinematic volume flow Qy;, = ¥-4 should be understood
as the essential disturbance variable, which must be compensated almost constantly in order to maintain the
required pressure pi,;.

2.2 Model equations

The following four essential model equations can be specified for the volume flows Qy (volume flow discharged
via the valve 2> orifice equation) and Q;, (kinematic volume flow), the chamber pressure p and the chamber
volume V-

sz{kv'%'ﬁ for WoSu=l

o<z, Qun =A% =A% M

1 Ep

p= m . anmp = W “(Qin — Q) V(x)=A-(1—x)+ Vgeaq 2)

The valve dynamics is at first deliberately ignored at this point. The influence of the valve dynamics is discussed
in section 4 in the design of the feedback control parameters.

3 Modeling, identification and optimization of the drive characteristic diagram

3.1 Definition of operating point and characteristic diagram

All stationary operating points accessible from a drive axis are ideally mapped in the drive characteristic
diagram. An operating point OP is defined as the triple of a power flow variable (here speed x), a power
potential variable (here chamber pressure p) and the actuating variable (here valve voltage u). A specific
operating point can be seen as an individual element of the characteristic diagram CD. The flow variable is
usually applied in the characteristic diagram depending on the potential and actuating variable. Therefore X can
here be formally regarded as on output variable dependent on the input variables p and u, where x = (p,u)"
describes the so-called input vector in the following. In summary, it can be stated that:

OP = (p,u, %) OP € CD %= f(x) 3)

Comment: It should be noted that ¥ = f{x) = flp,u) is a purely formal and, for the following relationships,
advantageous representation of the facts. From the viewpoint of the drawing cushion axis or the control task in
accordance with Figure 1, the ram speed Xz = ¥ forms an input variable (disturbance variable) and the chamber
pressure p forms the output variable (target variable) of interest in the controlled system.

3.2 White box characteristic diagram — Theoretical modeling

A theoretical white box characteristic diagram can be calculated for any drive system on the basis of
corresponding model equations. As the characteristic diagram is a stationary model, dynamic effects (state
changes) can and must be ignored in the model equations, therefore p = 0 applies in the present case. In concrete
terms this means that compression volume flows are ignored in the stationary observation. This is often a valid
assumption, however, if the kinematic volume flows are dominant in relation to the compression volume flows
in the relevant application. Under the assumption Qp = Oy, the speed x depending on the pressure p and the
actuating variable u results in the following, without further derivation:
k_V. . uy<u<li
gy =7 NP for 05150 @
0

The additional index W indicates that this is a theoretical white box description. This is a parametric (2>
formula-based) representation of the characteristic diagram. If the p-u input space is suitably rasterized, for each
of the possible p-u input variable combinations the relevant speed value can be explicitly calculated and stored in
the form of a two-dimensional nonparametric look-up table with m rows and »n columns.
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Figure 3: Look-Up Table and White Box Characteristic Diagram

From this look-up table, through specification of the set points p,,; and X, the actuating variable uzy of the
precontrol circuit can basically be calculated using suitable algorithms, e.g. bilinear interpolation, in accordance
with Figure 1:

Upp = [ (Dsets Xrset) (5)

Comment: The actuating signal component which is necessary in a defined load situation for compensation of
the (expected) kinematic volume flow Qp, = Xgrerd, is therefore calculated de facto via the characteristic
diagram. The characteristic diagram-based feedforward control can thus be seen quasi as a load-dependent
disturbance variable compensation. Compression volume flows, which are required for a change in the pressure
of the fluid (= dynamic process), are ignored by this stationary model as a matter of principle. These model

errors must therefore be compensated by the feedback controller in a 2DOF control concept.

3.3 Black box characteristic diagram — measurement-based identification

The theoretical white box characteristic diagram inevitably contains a multitude of inaccuracies or errors.
Possible causes can, for example, be a non-ideal linear valve characteristic, effects not taken into account in the
model (e.g. friction/leakage), non-ideal model assumptions (e.g. no ideal root-shaped relationship between
volume flow and pressure) or deviations from the datasheet values due to manufacturing tolerances and wear. In
the specific case of the MW ZE2100 deep drawing press, valves with a special piston were also used which,
although they have a volume flow signal function that is advantageous for the application, differ considerably
from the relevant datasheet value in terms of quantity. In this case the white box characteristic diagram is so
flawed, that it is de facto unusable for the precontrol circuit.

Due to the resulting inadequate quality of the white box model, a measurement-based identification of the real
characteristic diagram of each individual axis is generally performed instead. Previously this identification took
the form of a classic point-for-point identification. That is, the largest possible number N of stationary operating
points are approached and the identified operating points OPp = (pp,upXp) are stored in a look-up table, similarly
to the white box characteristic diagram. Index B stands here for observation/measurement = black box
Information. The advantage of this approach is that the resulting characteristic diagram maps the real response
characteristic of the drive system quasi optimally. The use of a nonparametric look-up table for mapping the
static response characteristic has the fundamental advantage, in comparison to any parametric (equation-based)
approach, that each data value in the table represents virtually any chosen degree of freedom. On the one hand no
system parameters have to be determined from the measured data (no parameter fitting or similar identification
methods necessary), and on the other hand it is irrelevant whether corresponding effects have been mapped
incorrectly or not at all in the white box model equations: In the observed response characteristic in the form of
an actually measured operating point OPj, all technical and physical effects which lead to the observed
combination of power flow, power potential and actuating variable at this operating point are cumulatively
mapped. For a control it is irrelevant why this particular combination is present at the observed operating point; a
control only has to generate the correct actuating signal for the respective operating point. The disadvantage is,

on the one hand, that this method is very time-consuming, as previously mentioned, since the largest possible
number of operating points (N = 100-150) should be approached, as part of the real characteristic diagram, for an
accurate identification. On the other hand, however, many relevant operating points cannot even be approached,
as due to the system dynamics in real operation and the limited cylinder stroke in limit ranges, no secured
stationary state can be adopted and the measured data cannot, or rather may not, be interpreted as part of the real
characteristic diagram.

3.4 Gray box characteristic diagram — measurement-based optimization

An innovative method for determining the real characteristic diagram is described in the following, which
effectively combines the advantage of white box modeling (quickly accessible) and black box identification
(highly precise) into a so-called gray box model. It is assumed that the white box characteristic diagram
represents a qualitatively plausible description of the stationary response characteristic, even if this is not
quantitatively correct on account of the modeling errors. This qualitatively approximately correct model will be
corrected by a few (N = 10-15 or even less) additional black box observations, as a result of which the
measurement and commissioning effort can be reduced to around 10% of the original value. This is therefore not
a classic measurement-based identification method, but can rather be seen as a measurement-based optimization
method. This method basically comprises two steps: First, all transient system states must be reliably separated
out from the accumulated measured data, so that reliable measured black box operating points, which can
effectively be interpreted as unique "fingerprints” of the real characteristic diagram area, can be specified as a
result. To this end a method based on time-discrete filter algorithms was developed, which will not be explained
in more detail here, however. For all such operating points reliably identified as stationary, the error between the
black box observation and the white box model must then be determined in a second step. If this error is related
to the original white box data value, a corresponding relative/percentage error can be specified at the respective
operating point defined through the input variable combination Xz = (pp, uz):

% (Xp) — Fw(Xp)
F (Xp)

(6)

€rel (XB) =

As only a few selected operating points OPp = (pp,up.xp) will be specifically identified in principle, the
measurement-based information relating to the model errors must be suitably generalized for the entire
characteristic diagram area, i.e. across the entire input space x. Assuming this is possible, a gray box data value
can be calculated at each point x of the input space (i.e. not only at the specifically observed points x3) in
accordance with the following rule:

5 = ty@®) -([1+eu) )
Gray Box White Box Black Box
In short, this means that each original white box data value adapts on the basis of the relative model error
determined at this point, ie. the look-up table numerical value is increased or decreased accordingly. The
question is therefore how the few relative model errors explicitly known at the points Xz can be generalized. It is
plausible to assume here that in the local environment of a specifically identified operating point the relative
model error is likely to be of a similar quantity to that at the identified operating point itself. However, as you
move further away from this reliably identified point in the input space, this assumption becomes increasingly
unreliable, or rather, more improbable. The model errors must therefore be meaningfully interpolated between
the explicitly known points. A Normalized Radial Basis Function Network (NRBF), a special class of Artificial
Neural Networks (ANN), is used for this purpose (see e.g. /8/ for further theoretical explanations and
derivations). Each individual identified operating point OPjy effectively forms a neuron of this network, where xp
forms the basis of the respective neuron (= position in input space) and e,,(X3) the so-called neuron weight. The
model errors at each point of the input space are calculated in accordance with the NRBF interpolation rule:
_ B=1€rer(Xp) - Pp(x)

era () = =W . ® =
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With basic function ¥ and distance d:

d(x)?
> d(x) = [Ix—xgll = y(x—x5)T - (x — xp) ®

Pp(x) = exp <ﬁ

The parameter op is the so-called form or expansion parameter of a neuron, which expresses the expansion of an
individual neuron and thus the degree of overlap of all neurons. This must be defined using suitable algorithms
for each neuron, based on the number and distribution of all existing neurons. In the present case this parameter
tells us, put simply, how far an identified operating point OP; may disseminate the information relating to "its"
model error e,,(Xp) in the input space and thus influence/correct other points x. Figure 4 illustrates the NRBF

structure as a block diagram according to equation (8).

weights
= observed
model errors

neuron 1

sum of
weighted
base functions

»{ X

normalization o[ catcutatear €(X)
® | estimated
Xo=u model error
€rei(Xy) sum of
> unweighted
yn(x) = base functions
input layer hidden layer output layer

Figure 4: NRBF structure

On the observed deep drawing press, N = 10 example operating points were approached, identified as stationary
black box operating points and used for the characteristic diagram optimization. The resulting NRBF network
consequently has N =10 neurons. Figure 5 shows the original white box model CDy, the black box database OPy
and the resulting gray box characteristic diagram CDg. On the one hand the specifically identified operating
points are clearly very well "matched” by the gray box characteristic diagram, and on the other hand the relevant
information is meaningfully generalized for the entire input space.
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Figure 5: White Box and Black Box Characteristic Diagram

3.5 Control results with black box and gray box characteristic diagram

Comparison measurements were performed on the real deep drawing press, where on the one hand the originally
implemented black box characteristic diagram and on the other hand the gray box characteristic diagram
determined with the new NRBF optimization method were used as the precontrol model in the 2DOF control

concept, and the PI feedback controller was also identically parameterized in all tests. The results of one of the
eight axes of the deep drawing press are shown in Figure 6, where a) shows the results with reference variable
step change and b) shows the results with disturbance variable step change.

It was expected that the control results would be virtually identical in the ideal case, with the advantage of the
gray box characteristic diagram consisting almost exclusively in a reduced identification effort. It was observed,
however, that with the gray box characteristic diagram even slightly better results could be achieved in the static
and dynamic control behavior than previously. This could be due to the fact that the valve wear occurring since
the original black box identification is reflected better in the more recent data used for the gray box characteristic
diagram. In any case, however, it can be said that the gray box characteristic diagram generated through the
NRBEF interpolation can be achieved even with only a very approximately correct white box model as the starting
point, and that a very good mapping of the real static response characteristic can be achieved based on a small
number of measured data. Any nonlinearities implicitly present in the measured data, which were not included in
the original white box model, are also recorded and mapped.

a) alternating pressure setpoint: p,., = 80 bar = 160 bar
constant ram velocity: x = 200 mm/s

Black Box Characteristic Diagram Gray Box Characteristic Diagram
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Figure 6: Control Quality with Black Box and White Box Characteristic Diagram

4 Operating point-dependent adaptation of the feedback control parameters

For the complete design of a control according to the 2-DOF concept, in addition to the feedforward control the
classic feedback controller (PI controller) must also be parameterized, even if this no longer has the dominant
role in the overall concept with a precisely tailored feedforward control. However, if one of the great advantages
of the 2-DOF concept should be that the dominant nonlinearities of the system can also be taken into account via
the precontrol circuit, then with distinctly nonlinear systems like hydraulic drives, the design of the feedback
controller according to the classic methods of linear control theory (see /9/ for example) represents a certain
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fracture within the overall concept, as the system must be linearized at a selected operating point. The
consequence is that the feedback controller must either be designed based on the worst-case operating point and
sub-optimal solutions must therefore be accepted at other operating points, or that the parameters of the
controller must be adapted in real time operating point-dependently. In this last section we will show, using the
example of the deep drawing press, that with in-depth knowledge of the response characteristic of the control
system, which must in any case be available in model-based controls, the control parameters can also be adapted
operating point-dependently in real time.

4.1 General observations

As explained above, the actuating signal component of the precontrol circuit ensures the provision of a volume
flow component, which ideally largely compensates for the pressure-changing effect of the kinematic volume
flow completely and in real terms. However, if this actuating signal component is generated without the
involvement of the feedback controller, the following situation results:

1. From its perspective the piston is stationary, as the feedback controller obviously does not have to
provide/compensate for any kinematic volume flow.

2. The pressure adapts to the set course "miraculously by itself", thanks to the feedforward control.

3. The hydraulic capacity nevertheless changes over the time Cy = Cg(?)

4.2 Nonlinear pressure build-up equation

For a further mathematical analysis the differential equation specified at the outset for the pressure build-up is

considered:

EFl yields V(x) (10)
5 — - NN H= A% —kou-.S
14 V(x) (ka QV) EFl 14 X v u 14

Term 2 Term 3

Term 1

This is a first order differential equation, where two of the three occurring terms, terms 1 and 3 are nonlinear. A
linear model of the control system - i.e. of the pressure build-up in the chamber in this case - is required as the
basis for the design of the feedback controller. This occurs in principle by linearizing the above pressure build-
up equation. The following facts can be recorded first of all:

1. The prefactor V(x)/Ep of the first term relates to the hydraulic capacity of the chamber. This should
represent a constant for the respective linearization range. If we assume, as is customary and acceptable
in a first approximation when designing a linear controller, that the effective bulk modulus Ep is
constant, then on account of J{(x) the prefactor must normally be permanently adapted stroke-
dependently.

2. The second term relates to the kinematic volume flow, which is ideally completely provided or
compensated for via the feedforward control. As mentioned above, this can be interpreted from the
perspective of the feedback controller as meaning that the piston is stationary and x = 0 can therefore be
assumed in the following, as a result of which the entire term can be omitted for further considerations.

3. The third term relates to the flow equation for the valve Qu(p,u) with a dual nonlinearity: The root
function itself represents one and the product of the time-varying root function as a signal with another
time-varying signal represents the other nonlinearity. The linearization of this relationship must occur at
a suitable stationary operating point OP. The respective current operating point must be used as such
for logical reasons. This is therefore defined by the current actuating variable u for the kinematic
volume flow and the current chamber pressure p.

4.3 Linearized pressure build-up equation

The linearization of the flow relationship Qp (Term 2) at an operating point OP = (pop,ugp) (defined by the
kinematic volume flow!) follows mathematically according to:

Y . Y (1)
o= (5 )50
Kp Ky

With the two resulting linearization factors

Ky = ky - \Pop (12)

ky-u
K. = v Uop

? _2'\/P0P

The pressure build-up equation at the operating point is therefore, in deviation variables (indicated by the
additional hat above variables)

e L N B e 49

Or with the substitutions

D P4 (14)
Epp - Kp KP

the differential equation follows:

Ts-p+p=Ks- (15)

This is the linear differential equation of the pressure build-up in the chamber for the speed-compensated case.
The control must reduce the valve opening degree at a given kinematic volume flow in order to increase the
pressure, and vice versa. This intuitively obvious fact is expressed in the differential equation in the sign reversal
in the coefficient K of the excitation term on the right-hand side of the differential equation. With (15) a first
order differential equation is now available, which describes the dynamic behavior of the control system, at least
as long as the operating point is sufficiently close to the operating point defined by dead volume, kinematic
volume flow and chamber pressure.

The following fact is important for the considerations below: Both parameters of the control system 7T and Kg
are dependent on the linearization parameters K, and K,. These were determined by linearization of the
parametric white box model equation at a stationary operating point OP. However, the linearization parameters
are de facto nothing more than the gradients (dQ/dp and dQ/du) of the stationary characteristic diagram at that
operating point. The numerical determination of the gradients from a numerical look-up table is almost trivial,
however, and can easily be performed in real time. The current gradients or linearization parameters can thus
also be determined from the gray box characteristic diagram, which reflects reality very well, in any controller
cycle, and be assumed as known for further considerations.

4.4 Design of the feedback control parameters
The transfer function of the control system follows from (15):

p(s) Ks (16)

G = e T T s 1

A PI controller can be used to control such a PT system: This is permissible and sensible in system theory terms
on the one hand, as the present case relates to a system with self-regulation and therefore in principle an integral
controller component is necessary for the complete compensation of control errors that remain stationary. On the
other hand it is dynamically sensible, as the respective operating point is mostly impressed by the feedforward
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control in principle, and does not have to be assumed through large-scale integration of the integral controller
branch. With the transfer function of a PI controller

Typ+s+1 17
GR(S):KR'% an

it therefore follows for the open control loop

T 1 K.

The zero point (time constant) Tz of the controller is freely selectable in principle. If in accordance with

V(x) 19
Ep - K,

Ty =Ts =

this is selected as being equal to the system time constant 7, in order to compensate the latter, these formally
cancel each other out in the open control loop:

K, - K.
Gou(s) = % (20)

After closing the control loop, the controlled pressure chamber (again) has a PT; structure:

K, - K. 21
Goy(s) _ % _ 1 _ 1 @
1+ Gou(s) K -Kg 1 . T Ty cs+1

1478 (KR~K5) s+1

Ger(s) =

The time constant Ty = 1/(Kx'Ks) can theoretically be arbitrarily small and the system can thus be made
arbitrarily "sharp”. This is possible in real terms but only provided that no significant limitations occur in the real
system, which limit this dynamic behavior. This would be the case e.g. if a step response were required to a unit
step of the control signal « via the time constant of the control loop, which the system cannot provide because
the valve cannot supply the necessary volume flow quantity. Even if the value K (from the characteristic
diagram) can be assumed as known, the question remains of how great a controller gain K can then be selected,
through which the time constant 7; is ultimately defined:

__ 1 __ K (22)
Tey - Ks Tey - Ky

K

Within the framework of the linear theory any PT; system can be made arbitrarily fast, and first-order systems
cannot become unstable as long as no gradient reversal (= change of sign of a parameter of the transfer
function) occurs. The limit is therefore predefined by reality-based limitations alone. Such a limit should,
however, always exist if the valve dynamics were not taken into account in the previous considerations, i.e. it has
been assumed that the valve is infinitely fast and can therefore make the transition to a new operating point
within an infinitely short time. This is of course not the case in reality. The dynamics of the pressure change are
therefore, in the present case, predefined solely by the fastest possible volume flow change which the existing
valve can provide. A dynamic limitation, as results in other systems, for example, due to the maximum possible
pump rotation speed, is not present here. However, the build-up of the volume flow in the valve requires a
certain time, which is for example described operating point-dependently via the valve time constant 7} (rate of
rise Q= dQ;/dt of the volume flow step response of the valve) and can generally be taken or estimated from the
valve datasheet (Figure 7 a) /7/).

The time constant Ty of the actuator should be faster by a factor & (usually e.g. k£ = 10) than the time constant T
of the controlled system. The time constant T¢; = k- Ty of the controlled system must therefore be selected
depending on the valve dynamics. From this, the required controller gain follows:

1 K,

_TCL'KS__ (k'TV)'Ku

(23)

K

In summary it can be stated that both PI control parameters 77 and K can be designed/adapted meaningfully or
optimally with the help of the (measured) piston position x (= current hydraulic capacity) and the characteristic
diagram gradients K, = dQ/dp and K, = dQ/du (linearization parameters). The dynamics of the closed control
loop are ultimately only limited by the dynamics of the actuator, i.e. the valve (valve time constant 77):

V(x) K, (24)

Tyr(Kp. x) = K, Ke(Ky Ky) = kT, K,

a) Estimation of valve timeconstant b) Calculation of linearization parameters / gradients
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Figure 7: Determination of the feedback control parameters

4.5 Outlook: Model-based compensation of compression volume flows

The volume flows in a hydraulic system can in principle be divided into kinematic volume flows, i.e. the volume
flows necessary for movement, and compression volume flows, for changing the pressure in the chamber. As
mentioned above, the characteristic diagram-based feedforward control ideally applies exactly the actuating
signal necessary for compensation of the kinematic volume flow. This is interpolated from the look-up table
according to (5):

Ui = f(Dgers Xser) (25
The feedback controller must consequently compensate for the (remaining) model error in the feedforward
control on the one hand, and on the other hand generate the actuating signal necessary for the compression
volume flows. If we think the entire model-based situation through logically to the end, however, the provision
of an actuating signal component necessary for the compression volume flows is also possible in principle using
a model-based approach, with a further parallel precontrol circuit. The linearized differential equation for the
pressure build-up is considered again for this purpose:

Ts-p+p=Ks-0 (26)

If we assume that the current pressure pop corresponds to the current setpoint value py., (current control goal
reached, control error ¢ = 0) and there is no pressure change at the current operating point pop= 0 (assumption of
a stationary state), then this follows for the deviation variables resulting from the linearization:

Dset = Dset — Pop = 0 @7

ﬁset = Pses — Pop = Pset — 0 = Dser (28)
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The differential equation is thus simplified as follows
Ts Pser = Ks - 0 (29)
By releasing the actuating variable we then get:

U = 2 e G0
s

This actuating signal component is exactly the component that is necessary for a further pressure change, and
which is therefore necessary to leave the operating point currently assumed as stationary (= dynamic process).
This is de facto nothing more, however, than the necessary compression volume flow to achieve the required
pressure change according to the reference trajectory py.. In addition to the parameters to be determined
operating point-dependently on the basis of the characteristic diagram Ky and 7, only the setpoint value change
Dser 18 necessary, which directly follows from the reference trajectory p.;, provided this is differentiable at least
once, i.e. a pressure ramp is predefined as setpoint profile. The maximum achievable rate of rise of the pressure
ramp is naturally once again dependent on the actuator dynamics. A further improved control behavior can be
achieved through this additional operating point-dependent model-based precontrol term, as the actuating signal
component necessary to realize the compression volume flows no longer has to be generated via the feedback
controller and thus the control error.

5 Summary and conclusion

In principle, very good control results can be achieved using the stationary characteristic diagram in a 2DOF
structure as model-based feedforward control. A method has been presented, which allows the drive
characteristic diagram existing in reality to be reliably identified using just a few measured data. This method is
essentially based on radial basis function networks, a special class of artificial neural networks. Using this
method, the effort involved in characteristic diagram identification can be reduced to around 10% of the original
value, and equivalent or even better control results can be expected than originally. In addition, a method also
based on the drive characteristic diagram was demonstrated, which enables the feedback control parameters to be
adapted operating point dependently. Both methods can in principle be implemented as real time-capable
algorithms. The entire 2DOF control design can therefore be considered as a coherent and logical overall
concept, which is based on the knowledge of a sufficiently accurate stationary model in the form of a
nonparameteric look-up table. Both methods were described using the concrete example of an industrial deep
drawing press. These are not limited to this specific drive system in principle, however, but can also be
transferred to other drive systems. The characteristic diagram optimization in particular is a universally valid
systematic concept which can be applied to any drive system, provided appropriate sensors are available for
measuring stationary system states.

Nomenclature
Variable  Description Unit
A Area [m?]
Cy Hydraulic Capacity [m?*/Pa]
d RBF Distance -
e Control/Model Error -
Em Bulk Modulus Fluid [Pa]

ky Valve Coefficient [lpm/V -bar®*]

K Gain Factor -
l Length [m]
p Pressure [bar]
u Control Signal/Voltage [V]
T Time Constant [s]
14 Volume [m?]
Q Volume Flow [m¥/s]
x Position [m]
x Velocity [m/s]
ch Characteristic Diagram (Look-Up Table) -
OoP Operating Point -
X Input Space -
o RBF Form Parameter -
P Base Function -
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This paper presents a Dynamic High-Torque Test Stand with hydrostatic drive technology. The topics
discussed within the scope of this paper are the mechanical design and the hydraulic characteristics as well
as, detailed solutions implemented in this test rig using innovative technology. The evaluation methods

used to determine the test specimen properties are also described in more detail.
Keywords: elastomer coupling, test rig, hydrostatic drive, torque sensor, correlation method, ellipse
identification

Target audience: test rig building, measurement technics, mechanical design

1 Introduction

Couplings with elastomer components are widely used machine elements. Their dimensioning for a given
drive train is usually carried out according to DIN 740, whereby the characterizing coupling properties,
stiffness and damping, are used for the design.

Couplings with high natural rubber content are subject to production fluctuations, which requires con-

tinuous testing of these properties.

K Coupling

SK Coupling H Coupling

Figure 1: Coupling types

The measurement of stiffness and damping is performed dynamically by way of a harmonic angular
motion and measuring of the moment at a frequency of 10 Hz.

For the acceptance test of coupling elements over three torque ranges of magnitude, IgH has developed, in
close cooperation with Voith Turbo, a test rig, which provides dynamic testing from 25 Nm to 50.000 Nm.
Also within the scope of this paper, other topics discussed are, the characteristic properties of the test

specimens and the design and interesting technical aspects of the test bench.

2 Test Specimen

As the compensation of alignment error is usually one of the main tasks of elastomer couplings, the
couplings addressed here are mainly used for torque oscillation damping and for reducing high impulse
loads. One of the main operation areas is the linking of combustion engines to drive trains of e.g. mobile

machinery or in railway trains driven by diesel engines.

The high rotational speed variations of a diesel engine, if coupled more or less rigid to the drive train,
results in high torque levels, which can be reduced efficiently with highly flexible couplings. These
couplings reduce the natural frequency, requiring more damping effects. Within the design process the
selection of the right coupling for a given drive train is an important task. It especially needs to be
taken into account that the resonance region must be passed quickly and also that the drive train is to
be operated over-critically, meaning the minimum excitation frequency has to be above the first natural
frequency of the system. Figure 2 shows an example of the frequency response of a two-mass oscillator,

which is the simplified model of a drive train with a highly elastic coupling.
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Figure 2: Frequency response of a two mass oscillator

The stiffness of the coupling - with the rotational inertia - is the dominant factor for the natural frequency
of the drive train because it is usually the most flexible component. The damping is influencing the

amplitude rise at the resonance frequency.

The elastomer element within the coupling is the determining factor of the entire coupling!. A good
example would be a simple spring in parallel with a viscous damper. Stiffness and damping coefficients
are of course dependent on temperature, excitation frequency and, with some materials, the amplitude
of oscillation.

dp+ Co=M )

: dissipative work
: reference work
. torque

: damping coefficient

Qs g =S

: dynamic stiffness

: angle

RS
™

: half axis of ellipse

1The coupling usually has, besides the elastomer element, also a friction damper,bearing, housing...



While deforming an elastomer element the deformation work can be split into:

e elastic energy: W, this can be reconverted into mechanical energy on the reverse movement

e viscose energy: Wy, this energy is converted into heat and then lost.

A typical torque angle characteristic curve of an elastomer element at sinusoidal torque excitation can

be seen in figure: 3.

Figure 3: Torque angle characteristic of an elastomer element

Wp is the dissipative work, which can be calculated from the area of the hysteresis ellipse.

Wp=m-a-f (2)

W is the - so called - reference work, which is calculated from the surface area of the triangle which can

be seen in figure 32.

1
W= 3 “Omaz - M (Pmaz) (3)

The characteristic material damping is defined as the quotient of the dissipative and reference work /2/.

p="2 ()

The determination of the hysteresis ellipse and resulting parameters as stiffness and damping is the task
of the test rig as part of the quality assurance process. Figure 4 shows a typical reading of torque and

angle during a test.

During a test the coupling is loaded up to the permissible continuous alternating torque. Prior to the
actual test a so called preconditioning takes place where the coupling is loaded up to the rated torque
which is approximately three times the test torque. This prepares the coupling material for testing and
allows its properties to stabilize. After the test the characteristic coupling parameters are calculated from

the measured series of torque and angle (This is described in more detail in chapter 3.6).

2if the centre of the ellipse is moved in the coorinate origin

0.2

mounting test preconditioning @ 0.5Hz measuring @ 10Hz

40

Torque/kNm
angle/rad

40 H H H H H 0.2
20 40 60 80 100
Time/s

Figure 4: Time series of a acceptance test

3 Test Rig

Relevant for the design of the test rig are the parameters: torque range: 25 Nm - 50.000 Nm, a test
frequency of 10 Hz with sinusoidal excitation and an angle range:> +30° - 4-60°. Moreover, it is required
that the installation and deinstallation of the coupling should not take too much time. A low energy
consumption is also desired. Besides the testing of coupling parameters, the test rig is designed to perform

endurance tests, where couplings are tested at high torque rates until they fail.

3.1 Mechanical setup

As the main drive for the coupling, the principle of a hydraulic swivel motors is used.

The test specimen is mounted via the inner ring by means of an adapter without an intermediate support.

This results in parasitic bending torque, axial and radial forces which act on the swivel motor bearing.

Torque is measured with a reactive sensor. The sensor is not rotating and measures the reaction torque
at its support. Compared to a rotating sensor, this has the advantage that no flexible cabling needs to
be guided to the sensor. Also, a compensation of rotary inertia is not necessary.

Mounting of the angle sensor is done in such a way that the deformation of the torque sensor is not
relevant for the angle measurement.

Overall, this results in a compact design, which is best realized in a vertical direction. Vertically is ideal

because the handling of large couplings is made easier and the customer was already equipped to handle

the parts in this way.

3depending on coupling type
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hydraulic
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Figure 5: Concept drive train

3.2 Torque sensors

The requirement that the torque should be measured with an absolute accuracy of 1 % over the entire
torque range resulted in the neccessity of having several test stations with torque sensors of different
sizes. The angle range spread is a moderate +£30° up to £60°.

The requirement that preconditioning and measuring must be done on the same station complicates the
design of the torque sensors. To realize a sensor with high sensitivity, which withstands high torque, a

design with mechanical end stops was chosen.

overload range
station C | |
station B il ]
station A |
| | !
10 100 1.000 10.000 100.000

required torque / Nm

Figure 6: Torque sensor with overload range

The partitioning of the sensor ranges is shown in figure 6. The overload areas are marked in red. A
torque reading in the overload range is carried out by means of calculating the torque from the hydraulic

pressure difference at the swivel motor.

Figure 7 shows the design of the torque sensor with end stops for overload protection.

MeRstege -
beam

Figure 7: Torque sensor with end stops

The sensors are specially designed and are integrated optimally into the overall mechanical setup. Figure
8 shows the biggest sensor for the torque range, 500 Nm — 15.000 Nm, with an overload range up to
50.000 Nm. For torque sensing, the bending of the beams is used and the radial and axial force is
measured by shear deformation. Using different deformation for torque and force allows there to be an

individual influence on deformation and for an optimal design of the sensor.

Figure 8: Torque sensor for 50.000 Nm with endstops during application of the strain gauges

Figure 9 shows the functionality of the mechanical end stops. It can be seen that the end stops are
reached at a torque of 24,5 kNm. For the transition between the torque signal from the sensor and the

torque signal from the pressure difference of the swivel motor, a zone of 15 kNm to 16 kNm is defined.
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Figure 9: Functionality of the end stops

3.3 Hydraulic concept

Hydraulic swivel motors operating in the hydrostatic circuit are driven directly via a variable displacement
pump?. A total of three different motors are used. In contrast to the otherwise usual resistance control,
due to the hydrostatic transmission, in conjunction with the variable displacement volume of the hydraulic
motor, the rated power usage of the test rig can be reduced to 1/4 while maintaining the same test
capacity. In particular, the displacement control allows, as a matter of principle, the recovery of a
portion of the work stored in the deflected clutch.

pump controlled valve controlled
station A (up to 50.000 Nm) station B (up to 5.000 Nm) station C (up to 500 Nm)
swivel motor with swivel motor swivel motor

switchable chambers

e

| J
TT
servo valve
switching valve |7-| X | n ”NV
for high speed and
low torque
O—+—
pump:
pressure controlled
— f '
pump: pump:
servo hydraulically servo hydraulically
controlled in 4Q mode controlled in 4Q mode

(same as station A)

Figure 10: Hydraulic concept

As a special feature, the largest motor has a discrete variable displacement in order to be able to realize
both the great moment for the preconditioning and a high adjustment speed for the measurement of

the dynamic properties. The motor has three vanes, two of which can be switched off hydraulically

4at two of the three stations

via a switching valve. Due to the fact that the torque ratio from preconditioning to measuring is also
approximately 1/3, this results in a dramatic reduction of peak supply power. The motor shaft support is
realized with roller bearings to withstand high radial forces in high-speed mode. The motor was specially
designed and built by the project partner Hense Systemtechnik GmbH & Co. KG who also delivered the
two smaller motors.

Hense swivel motor Typ: HSL 09 SG ANH
variable displacement: 1/3
M =52.000 Nm

max

G7: Motor A
I
| M QmM72
MM70 !
fm M b
4'1 ANE—— Y

BG70

------ AL

switching value

|7_| X | for high speed
QM70 low torque
BP72 |ZG 14

G 1/4
BP71 IZI— | —

G1/4

A,
YWY

QZ70

i

S

SAE 1" 6000 psi G114 G

LR %R

Figure 11: Swivel motor with adjustable displacement, Source: Hense

3.4 Clamping coupling

In comparison to the actual measuring time, the setup time is substantially longer. This means that for

a quick coupling exchange the amount of screws needed to be reduced. For every test specimen a set of
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adapters and hubs is delivered. The coupling is screwed, with help of the adapters, to the test bench
and onto the hub. Torque transmission to the drive shaft is done over the hub which can be expanded
hydraulically to transmit the torque via friction to the adapter. Pressure is supplied for this clamping
system via a central hole in the motor shaft. Max clamping pressure is 700 bar. Figure 13 shows the

setup for two different coupling types and a cross-sectional view of the clamping system.

D-element coupling

K-element

hub

adapter plate

shaft hub

motor

clamping
supply

Figure 12: Cross-sectional view of the clamping system

The clamping system was designed according to Barlow’s formula for thin-walled components with a
comparative FEM calculation for two load cases to confirm the accuracy of the assumption. The design
of the clamping system is an optimization problem with the parameters: wall thickness, clamping length,

tolerances and required clamping pressure for a given torque and material parameters.

ipper=Zustend:X SECO004

Figure 13: Clamping with FEM-Result

The following conditions have been used for the calculations:
e material: 42CrMo4
e max. allowable von Mises stress: 300 N/mm?
e max. clamping pressure 700 bar
e tolerance between adapter and hub: H6-f6

e friction coefficient: 0.1

3.5 Test rig design

All three test stations are placed radially around a central column. This is also the housing for the
hydraulic aggregate and the electrical cabinets. The test stations have transparent protection covers,
which can be moved down and up for assembly and disassembly. Although the transparent covers are
open at the top, they were designed to be at such a height that no one can access the test item during

testing.

Figure 14: View of the test rig

The frame is made from welded steel profiles and all the doors and cover panels are equipped with sound

insulation material to limit the noise emittance.

Figure 15 shows the steel contruction of the test rig.

main frame

cover sheets
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frame

Figure 15: Steel frame
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Figure 16: Main hydraulic circuit for station A/B

With the switching block (G6) the main pump can be connected to either motor A or B, which can only
be operated alternately. This block also has a control valve for flushing the closed circuit. The variable
displacement pump is controlled by a high flow servo valve which allows operation up to a frequency of
10 Hz.

Of course the hydraulic aggregate also has an additional feed oil supply circuit, a control oil circuit as
well as a filter and cooling circuit. Details may not be addressed in the scope of this paper. Also, the
hydraulic supply of the third motor for the small test station is not shown because this was realized

conventionally as a servo-hydraulic axis.

3.6 Test evaluation

The base for the analysis is the time series of torque and angle as shown in figure 4. For evaluation the
steady state at 10 Hz excitation is used.

Three different algorithms have been investigated for calculation of the coupling characteristics.

The correlation method is a quick and easy method to implement in order to calculate the frequency
response for harmonically excitated systems. This method is the best choice especially if only discrete

frequencies are analyzed.

U=cos{t Yu
Prozess >y

Ussingoy ><

Figure 17: Correlation method

A stable, linear and time invariant system is excitated with a harmonic input signal.
u(t) =U-cos(w-t) (5)
After a settling period the system output is also harmonic.
Yu(t) =Y, - cos(w -t + ) (6)

Amplitude Y,, and phase shift ¢ can be picked directly from the frequency response

GG = 2 = VRE GG+ I 6] Q
= arcian Im[G(‘]W)]
o oo | GO )

If the frequency response is calculated from torque to angle, the result for stiffness and damping are:

1

Cc = G(jw)ilJr(ww)? (9)
L [ImlGUe)
¢ =2 {Re[GwJ 10

To limit measurement errors it is necessary to integrate over a period of more than 10 cycles.

Another advantage of the correlation method is that it can be evaluated while the test is running. New

results for stiffness and damping can be updated and displayed online.
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With the integration method the area of the ellipse is geometrically integrated.

M

M(e+At)

M Wo

o) et+dy @
o

Figure 18: Numeric integration of the ellipse area

Wp = j[Mdp (11)

Elastic energy W (see figure: 3) can be calculated from the stiffness C', which can be evaluated via linear

regression from the torque and angle reading.

In a third procedure a direct approximation of the ellipse is made via a regression method /4/. This

procedure is well known and used in software-supported pattern recognition.

A comparison of all three methods can be seen in figure 19.
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Figure 19: Comparison of three evaluation methods for stiffness and damping

-300

All three methods evaluate the same results with linear material properties. This is as expected. There
are differences if nonlinear material behaviour or real world influences of the test rig are present, resulting
in degenerated ellipses. The maximum deviation from one another is about 10%. In accordance with the
standard {(DIN 740), the integration method is finally implemented into the test rig software.

3.6.1 Signal acquisition

Common coupling materials have damping properties in the range of d = 0.65 — 1.15. This results in a
phase shift between torque and angle of about: 5.9° - 10.4° at a frequency of 10 Hz. Subsequently, this
results in a time shift of 1.6 ms — 2.9 ms between torque and angle.

If the damping calculation is expected to be accurate within an error of 5%, the maximum allowed jitter
or time shift between the signals must be smaller than 80 us.

EtherLab /5/ is used as the automation system. The real time Ethernet: EtherCAT has the DC feature
(distributed clocks), which can ensure that the jitter between individual samples of a channel, as well
as between the channels themselves, is better than 1 ps. The angle signal is determined by a sin/cos
encoder and the torque is measured via a signal amplifier with integrated A/D converter.

Both acquisition systems have unknown time shifts in the signal path, which is in the same dimensions
than the allowed range. The actual time difference had to be determined by an experimental setup and

is evaluated to 110 ps.

4 Summary

This paper presents a dynamic High-Torque Test Stand with hydrostatic drive technology used for
production-related testing of elastomeric couplings. Aside from the properties of the test specimen, the
hydraulic concept, detailed solutions, such as a torque sensor with end stops, a hydraulically operated

clamping system, as well as the evaluation of the obtained measurement results are being addressed.

The test rig has been in operation, ensuring quality products, since April 2017.
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Electro-Hydrostatic Drive Concept for the Ring Rolling Process
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Rising electricity costs are forcing machine builders and plant operators to find solutions for how energy-
intensive machines can be operated and produce more efficiently. Large potentials lie in the drive technology
used. The example of the electro-hydrostatic drive concept for the ring rolling process demonstrates how a
higher productivity with minimized power consumption and at the same time simplified and cost-effective
installation brings competitive advantages. Together with Moog GmbH, SMS group GmbH has developed a new
generation of ring rolling machine, the RAW ecompact, with a modern electro-hydrostatic drive concept.

Keywords: Power on demand, speed-controlled electro-hydrostatic drive, radial piston pump, ring rolling
Target audience: Industrial hydraulics, design process, metal forming industry

1 Motivation

“The most eco-friendly and cheapest kilowatt-hour is the one we don’t consume in the first place. And the more
consciously and efficiently we use heat and electricity, the less we have to generate. That saves money, at the
same time increasing the security of the supplies and contributing to us achieving our climate targets.” /1/

With this in mind, the German Federal government implemented the European Community’s ECO Design
Directive 2009/32/EC with the act governing the ecodesign of energy-related products (Energy-related Products
Act - EVPG). Whereas initially the primary goal was to reduce the energy consumption of hand-held tools such
as circular saws, vacuum cleaners, lighting, etc., further product groups such as the ENTRS, machine tools, have
now been added.

The SMS group’s answer to these demands from the market is EcoPlant Design. Criteria for an EcoPlant
solution are the following four requirements:

e  Significant reduction in the use of energy and process media

e  Significant reduction in the use of raw materials

e  Significant reduction in emissions

e  Significant improvement in the recycling quota

As long ago as 1987, studies were conducted at the IFAS Aachen into reducing the energy losses of a
conventional hydraulic system (throttle control) through the use of a direct pump drive (hydrostatic drive)
(Figure 1). With the current pressure to save energy and the reduced costs of variable-speed drives, various
suppliers have now come onto the market offering such components.

throttle control

po=315bar

power P

throttle losses

10§

zero flow,
leakage, friction

hydraulic-mechanical losses
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30 | hydro-static gear
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hydraulic-mechanical losses

0 40 80 120 baor 160

load pressure Ap.

Figure 1: Performance of hydrostatic drives at constant volumetric flow /2/

2 R&D Goals

The goal was to develop a new series for a RAW ecompact radial-axial ring rolling machine that meets the SMS
group criteria for an EcoPlant machine.

RAW ecompact

Figure 2: 3D View of the RAW ecompact machine series

The main objectives of this new development were

e Increased energy efficiency with process-related widely differing working points
e Drastically reduced central hydraulics and pipework in the field
e Cost optimisation through reduced erection and commissioning times

e  Built-in condition monitoring
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3 Ring Rolling Process

The ring rolling process (Figure 3) for the production of seamless rings is a very complex forming process with
two roll gaps (radial and axial forming). By contrast with straight rolling, the infeeds change continuously. After
a 360° ring rotation, the run-out geometry enters the roll gap again as the inlet geometry. The radial and axial roll
gaps influence one another during rolling by changing the geometry of the rolled product. The very sensitive
centering rollers ensure a stable rolling process. Due to the increase in the ring diameter, the axial stand has to be
continuously repositioned.

Radial Force

Axial Force

Figure 3: Principle of the ring rolling process

In addition to the main roll drives, there are up to 9 position or force-controlled axes that interact in parallel
during the process. Traditionally these axes are designed as cylinder units with control valves that are supplied
from a central hydraulic power pack.

4 Electro-Hydrostatic Drive Concept

Development of the new drive concept is based on the Moog electro-hydrostatic pump unit (EPU) product
family. This unit consists of a dual-displacement radial piston pump with a maximum working pressure of 350
bar and a servo motor bolted to the pump by means of an adapter flange. These EPUs are available as a modular
system, scalable from 19 ccm to 250 cem (Figure 4).

Q max [I/min] p max [bar]

19 85 350
32 118 350
80 216 350
140 322 350
250 450 350

Figure 4: Moog EPU product family

The pump drive is optimised for variable-speed driving in 4-quadrant mode. There are no limitations in pressure-
holding mode (high pressure with low volumetric flow). The pump is flanged directly to the servo motor without
rubber or plastic coupling, resulting in both a reduction in costs and installation space and in an improvement in
the dynamic behaviour. The drive concept selected here is based on a variable-speed pump drive with a douple
rod cylinder (Figure 5).

Pos.1 Pos.2
-

Figure 5: Electro-hydrostatic drive concept

All axes are centrally preloaded with approx. 10 bar (green lines) by a small, central hydraulic power pack. This
unit serves at the same time to filter and cool the oil. The dual-displacement pump has two working positions:
Position 1 with approx. 5 cem displacement for rolling (max. 350 bar, 2000 rpm) and position 2 with 19 ccm
displacement (max. pump delivery at max. 40 bar, 4400 rpm). The typical working points (torque over speed) are
shown in Figure 6 for the “radial rolling force™ axis.

e Torque vs. speed
\
== = Tmax motor
20 \ Tmax fw motor
\ == = Tnom motor
\ s TnOM drive+motor
Tmax fw drive +motor
\ e Tmax drive + motor
100 —
\
forming speed A
425 rpm/104 Nm %
E 0 @ 19ccm ( theoretical working point) \
@
g
E
forming speed
1700 rpm/26 Nm
o - @ 5ccm
rapid speed
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20— @ 19¢ccm
0 | i I ] |
0 1000 2000 3000 4000 5000 6000
Speed [rpm]

Figure 6: Typical working points of the drive unit
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The term “rapid speed” corresponds to the opening and closing of the machine for loading and unloading, i.e.
fast movements with low pressure. This point was set in the field weakening area of the motor above the S1
curve for continuous operation. The working point “forming speed” is below the curve for the rated torque (S1
mode for motor and converter), i.e. it can function under continuous load. If the displacement of the pump were
not variable (e.g. a constant displacement pump with 19 ccm), this point would lie above the maximum torque
curve (S3 intermittent duty, max. 10 sec overload) and would therefore be inadmissible for the rolling process. In
this case a more powerful motor and converter would have to be used, leading to higher costs.

regenerative
power supply unit

servo-drive units (650 V DC-Bus)

SMS
Motion

Controller

Figure 7: Communication structure of drive system

The servo drives of each EPU are powered by a regenerative power supply unit (PSU) via a 650 V DC bus
(Figure 7). Communication is via an EtherCat field bus. The PSU and the drives operate as EtherCat slaves in
closed loop. The motion controller as master performs the process control for the position and force control of
the axes and transmits the speed settings digitally to the drives (Figure 8). The speed control for the servo motors
is realized in the drives. The current process values, such as speed, current, power, temperature, etc. are feed
back into the motion controller.

SMS group
motion controller MSD drive

piston pump

position and o servomotor and cylinder

force control lser Nact

T_ 1 s e Gals) Gpds)
Nact >
Pact Sact

Figure 8: Structure of closed-loop control (simplified)

5 First Results and Feedback

Figure 9 shows a typical production cycle for the ring rolling process. After loading of the ring rolling machine
with a pierced blank, the machine is closed to rolling position under no load at rapid traverse speed. The rolling
process starts. The rolling forces are then set by the process according to the geometry and weight of the ring. If
power or torque limits are reached, the roll feeds are reduced by the process controller so that rolling can be

performed continuously in the limit range of the drives (S1 mode). The end of the rolling process is generally
followed by a calibration phase in order to reliably achieve the ring dimensional tolerances, such as outside
diameter or ovality. All the axes are then retracted to the unloading position at rapid traverse speed. Due to the
extremely high pump speeds of up to 4500 rpm (“swirl effect”), the overall efficiency at rapid traverse speed is
less than 20%. For the rolling process we achieve an overall efficiency of 40 to 50% even under partial load.
This value corresponds to the expectations shown in Figure 1.

‘s P_active hydraulic power w— P_power losses (calculated)

e P_power supply unit wwws W_power consumption (energy)
40000 h 160
35000 - 140 _
- z
2 30000 e 120 &
K :
<, 25000 j 100 &
& — - 1 H
20000 f—! — - 80
15000 4 60
10000 44— 40
5000 ' 20
0 f’\,_ Lo
20 40 = 80 100
5000 ime [ sec] 20
-10000 -40
rapid speed ring rolling forming cycle rapid speed

to rolling position to loading position

Figure 9: Typical production cycle for the ring rolling process /3/

A further critical point is the influence of pressure pulsation on the control quality of the axes. The pressure
pulsation is caused by the physics of the radial piston pump and the speed of the drive (Figure 10).
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Figure 10: Measurement of the pressure pulsation /3/
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Due to the friction in the cylinder and the relatively large oil volume of the cylinder in relation to the pump
volume, the damping of the pressure pulsation is sufficient to allow the required positioning accuracy of +/- 0.1
mm at the end of rolling to be achieved (Figure 11). At rapid traverse speed, a positioning accuracy of approx.
+/- 0.8 mm was achieved.

= position Z1 (measured) === deviation of the position control
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Figure 11: Measurement of the positioning accuracy /3/

The temperature behaviour plays an important role for the selection and dimensioning of the drive motor. The
very compact design and the direct connection of the pump to the servo motor make a theoretical calculation of

the temperature behaviour very difficult. Furthermore, the temperature of the motor is greatly influenced by the
ambient temperature (hot forming) and the working cycle. In order to keep the drive concept as simple as Figure 13: Ring Rolling Mill RAW ecompact, SMS group GmbH
possible, a purely convection-cooled motor was chosen for the design. Figure 12 shows the measured
temperature behaviour of the servo motor in pressure holding mode (approx. 80 bar at 220 tpm, 7 Nm). For high- The benefits of the electro-hydrostatic compact drives can therefore be summarised as follows:
load applications with very short cycle times, water cooling can be used as an option for the motor.

e  The basic design of the machines can remain unchanged

ww temperature piston pump —_— flange

o Installed power is approx. 60% of the standard hydraulics (230 kW = 137.5 kW)

— motor il - - motor

e Reduced oil volume in the machine (2000 litres > 200 litres)

e Reduced noise level thanks to “power on demand”

e Elimination of the hydraulics room = reduced demands on the foundation

o  Significantly reduced piping work = simpler erection

Temperature [°C]

e No flushing necessary at the erection site > commissioning times reduced by approx. 3 days

e Reduced number of components > reduced maintenance work

o  Test operation before delivery possible

e Safety: Thanks to the modern converter technologies with SS1 (Safe Stop 1), STO (Safe
Torque Off) and SLS (Safely Limited Speed), compliance with the Machinery Directive is
easier than with conventional hydraulics.

30 T T T T T "
0 2000 4000 6000 8000 10000 12000
Time [sec]

The first experience with the electro-hydrostatic compact drives shows outstanding controllability (position and
force) of the axes. The reduced number of components results in a very sturdy and fault-resistant system. The
Figure 12: Temperature behaviour during pressure holding mode (80 bar, 220 rpm) /3/ lowering of the energy consumption by up to 70% and the reduction in the noise emissions by approx. 30%

make the machine an environment-friendly EcoPlant.
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Systematic Data Analysis for Optimal System Design
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As part of the trend towards greater digitalization the number of sensors installed in mobile machinery is
increasing each year. OEMs are consequently now capable of collecting large amounts of component
measurement data, which they unfortunately do not have time to analyze or are not capable of interpreting. This
is quite a pity, because when used in the right way such information can be used to develop a much better
understanding of the machine and to develop new systems with lower fuel consumption and improved
performance. The following paper introduces an approach used at Linde Hydraulics to analyse and assess large
amounts of data with the goal of systematically identifying potential and designing new and improved hydraulic
systems.

Keywords: Mobile hydraulics, excavators, data analysis, system optimization
Target audience: Mobile machine manufacturers

1 Introduction

When an OEM decides to bring a new excavator to the market, the design of the machine is usually based on that
of the previous generation. Rarely, is such a development started from scratch. In order to decide which changes
should be made to the hydraulic system, OEMs need a fast and systematic approach to not only analyze but also
optimize the hydraulics. Judging the effect of small changes on performance and fuel consumption is not simple,
as the physical relations are all highly nonlinear /1,2/. Such effects are even more pronounced when the
interfaces between the individual subsystems are changed, for example the diesel engine or the kinematics.
Performing real-life tests with different machine setups is far too time and cost intensive. Only an approach
based on data analysis coupled with system simulations is feasible. This paper presents an overview of the
approach used at Linde Hydraulics to quickly and effectively help OEMs find and define a hydraulic system that
meets their requirements.

The approach is shown in Figure 1 and can be summarized as follows. To begin with, measurements of the
typical duty cycles are collected. The measurement data must include hydraulic actuator pressures, actuator
displacements (cylinder translation and swing rotation), pump pressures and the joystick commands. Using this
data, the flow of power through the machine and the location and extent of the individual loss mechanisms are
determined and visualized in a series of histograms, allowing a more systematic and intuitive interpretation of
the data. This analysis is followed by a simplified system simulation of the machine. A major advantage of the
simulation is that it provides access to pressures and flow rates throughout the whole machine that are not
included in the measurement data. With this additional information it is possible to systematically change
individual components and test different system configurations.

The paper begins by introducing the reference machine as well as the dataset used for the analysis and then goes
on to explain how the measurement data is post processed and interpreted. This is followed by a discussion of
the simulation approach used to create a model of the reference system, which will serve as a benchmark for all
further steps. The ability of this model is then demonstrated by using it to evaluate the fuel consumption of an
optimized hydraulic system and compare it to the reference system.

Machine Measurement Post processing

Simplified simulation model Validation of simulation Modification Evaluation

Figure 1: Approach based on data analysis and simplified system simulation

2 Example Dataset

To illustrate the approach, exemplary measurement data obtained from a 36 t crawler excavator with a single
circuit Linde Load Sensing Control (LSC) hydraulic system are analyzed /4/. The hydraulic setup of the
machine’s implement system is shown in Figure 2. The cylinders (boom, arm and bucket) are controlled using
valves with downstream pressure compensators. To ensure the swing is always supplied with oil an upstream

compensator is used for this actuator. For clarity the figure does not show the compensators.

boom arm bucket swing

I o) I

il XM ol XM ohil [XP el X

Figure 2: Hydraulic schematic

Although this machine is used for a variety of tasks, the paper will focus on data obtained from measurements of
a 90° dig and dump cycle. An extract of the data is shown in Figure 3. The data includes measurements of the
pump pressure, load sensing pressure, actuator chamber pressures as well as actuator displacements. Due to the
large number of signals and their dynamic nature, evaluating system efficiency by just looking at the data as a
function of time proves difficult /2,3/. In order to interpret the measurements and draw meaningful conclusions,

the data must be postprocessed.
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Figure 3: Extract of measurement data

3 Post Processing of Measurement Data

In a single circuit valve controlled hydraulic system, the major source of losses is the throttling across the
metering edges due to differences between the supply pressure and load pressure of the individual actuators. By
post-processing the measurement data the extent of these throttling losses can be visualized and quantified. The
approach is explained in Figure 4. Instead of looking at the data as a function of time, the state of each actuator is
described by showing the load pressure p;, as a function of load flow Q. The blue area enclosed by any point in
the plane describes the amount of power, P= p; 0, required to move an actuator or the amount of power that an
actuator can release back into the hydraulic system. In quadrants one and three, the actuator has to be supplied
with flow in order to overcome the load force, which opposes the direction of motion. In contrast, during
operation in quadrants two and four the load force assists the motion and pressurized oil can be redirected back
into the system.

- A Vi R
0 p[bar] 0
PL=pa—0 DB PL=pa—0 pB
O=v-A O=v-Ay
Ap=prL—pr Ap=pp—pL
2- QO [L/min]
34
pL=ps—pala pL=ps—pala
O=v-a- Ay O=v-a-4y
Ap=(pp—pr) (-1) Ap={pr—pr) (-1
<_V FL _V» FL
Qo Qo

with o = Asing / Ancag for cylinder, a = 1 for swing

Figure 4: Definition of load pressure and load flow

To quantify the throttling losses Ap that occur when supplying an actuator with flow in quadrants 1 and 3, the
difference between the pump pressure pp and load pressure p; has to be considered. The grey area shown in
Figure 5 shows the power dissipated due to throttling. In quadrants 2 and 4, Ap is defined differently and
describes the pressure drop between the actuator and tank, not between the pump and actuator. The grey area in

these two quadrants is the recoverable energy that is throttled across the tank metering edge.

Due to their two dimensional nature, Figures (a) and (b) cannot be used to judge how often each operating point
occurs. A third temporal dimension is, therefore, added to the diagram. The resulting columns in the histogram
illustrate the frequency of occurrence of the individual points of operation, see Figure 5 {(c).

B Used power O Loss power

D:'; p [bar] D:.; Ap[bar]
-V A
-—F
Ap(t)
Ap(t))

Q [L/min] ] S

pL(t) Ap(ty)

(a) (b)
Figure 5: Analysis of load pressures and throttling losses

Using this procedure, measurement data from a dig and dump cycle is analyzed. Figure 6 shows the resulting
histogram for the boom actuator. In order to judge the magnitude of the losses, constant power hyperbolas are
added to the diagram. The losses occurring in quadrant 1 are all below 25 kW, indicating that the boom lifting
motion is quite efficient. A look at quadrant 2 indicates that approximately 150 kW of power are dissipated
across the tank metering edge during boom lowering. This recoverable energy comes in the form of a medium
pressure, between 100 and 200 bar, and a high flow rate, more than 500 I/min, making it technically challenging
to recover and reuse boom potential energy.
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Figure 6: Throttling loss histogram of boom actuator

The histograms for all the actuators are shown in Figure 7. Regions with high losses are highlighted in red. These
include swing braking in quadrants 2 and 4 and as already mentioned boom lowering in quadrant 2. The bottom
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left diagram indicates that up to 150 kW of power are throftled during bucket dump motion. This is due to the To replicate the actuator motion in the measurements usually only the measured pilot pressures are applied
kg o ntapprostiaely SO0 L passyigtiong e A-Tineering enge. to the hydraulic valves in the model. This method unfortunately usually leads to large discrepancies between
simulation and measurements, as it is difficult to capture the exact flow characteristics of each valve
metering edge. To ensure the actuators closely follow the same trajectories as in the measurements, a closed
loop displacement controller takes on the role of the “machine operator”. Figure 9 illustrates the ability of
such a controller to accurately follow the measured actuator displacements.
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4 Setup and Validation of Simplified Simulation Model Time [s]
In the next step, a simulation model of the machine is created in AMESim. As shown in Figure 8, the model Figure 9: Validation of the closed loop displacement controller

includes a diesel engine, hydraulic pump, main control valve and hydraulic actuators (bucket, arm, boom and
A closer look at Figure 8§ reveals that only the swing drive is connected to an inertial mass as in the real machine.

swing).
o To avoid long simulation times, no kinematic structure with inertia is used for the other actuators. The load is
s e artificially created by applying the measured load forces to the individual actuators externally. Instead of
applying the force only as a function of time, F1(¢), the measurement data is used to create an averaged look-up
table that applies the force as a function of actuator displacement, F1(x). This ensures that the correct force is
applied even when the simulated and measured displacements do not match exactly. A closer analysis of the
Trodrantis ‘ measurement data reveals that the arm load force is also a function of the boom actuator position, therefore a
Bystcm | B combination of two lookup tables is used for the arm F1(xXpoom Xam)- A comparison of the measured and

simulated load forces is shown in Figure 10.
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Figure 10: Comparison of the measured and simulated load forces

—
<
]
=
o
g
)

—
w1
(e}




Figure 11 shows the histograms obtained from the simulation model. These show good agreement with the
measurement results in Figure 7. The model is therefore validated and can be used to analyze and answer a
whole range of questions. In contrast to the measurements, it is now possible to look at the pressures and flow

The setup is referred to as a 1,5 circuit LS system, which is basically a single circuit load sensing circuit with a
closed loop swing. The advantages of the modified circuit are that a separate closed loop pump supplies the
swing actuator with flow, thereby reducing throttling losses and enabling energy recovery across the engine shaft

rates throughout the whole system and not only at the locations where sensors are installed. The validated model during swing braking.

is used as a reference to judge all further optimizations and system architectures.
Histograms of the optimized system are shown in Figure 13. Compared to Figure 11, the first major difference is

the distribution of operating points for the swing. As is expected, no throttling occurs in swing quadrants two and

four.

Figure 11: Simulated delta p histograms of all actuators

5 Optimized System Architecture

Figure 13: Simulated delta p histograms of optimized system

The simulation model can also be used to judge the energy saving potential and performance of new system
configurations. The circuit shown in Figure 12 is used as an example.
6 Simulation Results

An overview of the energy distribution of the reference system for a 90° dig and dump cycle is shown in
Figure 14 (a). More than 260.000 kWs of energy in the form of diesel fuel enter the system. Due to the low
efficiency of the internal combustion engine, only 33 % of this energy is converted into mechanical power
(86.371 kWs). Another 4 % (11.967 kWs) is lost as the pump converts the incoming mechanical power across
the shaft to hydraulic power, which is then sent to the main control valve. After throttling a further 12 % is
dissipated, meaning that only 43.089 kWs actually reach the actuators. Approximately 36 % of this actuator

energy never really leaves the machine because it is used to raise the boom and accelerate the swing, meaning
that it can in fact be recovered during boom lowering and swing braking. In total, a mere 27.468 kWs or 11 % of

the total incoming diesel energy is actually used to perform work on the surroundings and objects in contact with

the machine.

Figure 14 (b) illustrates a more detailed distribution of the hydraulic power among the individual actuators. The

main control valve delivers the most energy to the boom and bucket actuators, both approximately 21.000 kWs,

followed by the swing and arm, both around 15.000 kWs. Very little energy is lost across the boom valve, as its
™ Same as Separated Closed load pressure is usually the highest in the system. Due to their lower pressure levels, only half the energy passing
Ref. System Circuit for Swing through the swing and arm valves actually reaches the actuator. Worst of all, only about a third of energy passing

Figure 12: 1,5 circuit load sensing system
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through the bucket spool actually reaches the bucket cylinder. This is one of the major disadvantages of a single
circuit system, in which only one supply pressure is available.

A look at the negative actuator energy column in the figure reveals that approximately half of the energy used to
raise the boom and more than 60 % of the energy used to accelerate the swing can be recovered during lowering
and braking. Because the reference system is not capable of recovery or recuperation, this energy is dissipated as
heat across the valves.
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Figure 14: (a) Energy flow through reference system; (b) Energy consumption of individual actuators

Figure 15 shows the analysis for the optimized system with a closed loop swing architecture. A first look
confirms that for the same cycle the optimized system consumes less fuel than the reference system,
247.575 kWs compared to 261.041 kWs. The total system efficiency increases from 10,5 % to 11,2 %. Using the
closed loop swing 3.854 kWs of the available 4.936 kWs are recuperated during braking. Due to the efficiency
losses in the displacement unit, only 2.937 kWs of mechanical energy actually reach the shaft. Because the other
three actuators (boom, arm and bucket) are still connected to one pump, the throttling losses are comparable to
those of the reference system.
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Figure 15: (a) Energy flow through optimized system; (b) Energy consumption of individual actuators

As the performed work for two the configurations is not identical, it makes sense to compare the relative fuel
consumption [mL/kWs] and not only the absolute fuel consumption. These values are summarized in Table 1.
The optimized circuit lowers the relative fuel consumption from 0,254 mL/kWs down to 0,235 mL/kWs, which
is an improvement of 7,5 %.

Reference system | Separated closed circuit for swing
Performed work [kWs] 27.468 28.159
Consumed fuel [L] 6,986 6,626
Rel. consumption [mL/kWs] 0,254 0,235

Table 1: Efficiency Comparison

7 Summary and Conclusion

The amount of machine and measurement data available to OEMs and their suppliers is increasing at a rapid rate.
Knowing how to use and manipulate this data will prove valuable as it gives engineers the opportunity to
develop a whole new level of understanding for the systems they design. The following paper has focused on the
data analysis approach developed at Linde Hydraulics aimed at serving the needs of their customers more
efficiently. Although a 36t excavator was used to illustrate the methodology, the same tools can be used to
optimize the hydraulic systems in a wide range of mobile machinery.

Nomenclature
Variable  Description Unit
Pa Actuator Chamber A pressure [bar]
P Actuator Chamber B pressure [bar]
L Actuator Load Pressure [bar]
Pis Load Sensing Pressure [bar]
Pp Pump Pressure [bar]
v Actuator Speed [m/s]
a Actuator Area Ratio [-]
Ap Throttling Losses [bar]
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This paper presents the experimental assessment of the very first prototype of Meter Out Sensing System
architecture. The system, based on the proportional control of meter out valves, is a novel hydraulic architecture
in the field of Mobile Machines. The objective of the hydraulic control is obtained firstly by a negative control of
the supply system, adjusting the pressure drop on the meter out to a given value, secondly by a three way
compensator able to regenerate the flow. The energy saving is then obtained because of lower throttle losses on
meter in connection and the regeneration feature that is enabled hydraulically under specific operating condition.

Keywords: Regeneration, Meter Out Control, Energy Saving, Proportional Hydraulic Controls,
Target audience: Mobile Hydraulics, Proportional Valves, Hydraulic Architecture Design

1 Introduction

Looking at the Mobile Machines Currently in production, two hydraulic control architectures dominate the
market: Open Centre and Load Sensing. In the field of open circuits the Independent Metering architecture is as
well available but with low market share, until now.

The Open Centre architectures are less user friendly than LS because they are not locally compensated, thus the
flow rate depends on the load, especially in case of multiple actuations, even if nowadays their energy
management is enhanced through variable displacement pumps use (Negative, Positive Control /1/),.

In spite of a big share of the Off Road Machines Market, Load Sensing (LS) systems /2/ are often criticized for
their energy efficiency, in particular pointing out at the compensation mechanism that equalizes the difference in
pressure loads (interference) through throttling losses, then it clearly follows that high energy waste and heat
generation occur in case of high pressure unbalance between simultaneous actuators /3, 4/. Moreover, LS
systems don’t allow energy recuperation nor regeneration, since they are based on a meter-in control. High
overrunning loads, in fact, can only be controlled by means of additional throttling elements such as overcenter

valves.

On the other hand the Independent Metering (IM) Systems /5/ represent a step forward in the state of the art: first
of all IM are able to manage regeneration functions basing on electronic sensors feedback and secondly they
optimize the throttle losses to minimize parasitic losses. Going more into detail, in case of multiple actuation, the
flow area of proportional valves is adjusted to compensate the interference with a real time control of the
position of the spool according to measured pressure drops and spool area map. Then, one can conclude that if
the parasitic losses are neglected, IM systems introduce the same theoretic throttle loss of the conventional
closed centre systems, including LS systems.

However the Independent Metering System are limited to quite few applications on the market with respect to
competitor architectures /5/. One reason for this fact is the complex control requirements, in fact accurate spool
position control is required and, moreover, complex electronic strategies command the shifting between different

operating modes. Furthermore, additional expenses regarding components such as high performance valves and
transducers have to be taken into account.

MOS system aims at overcoming the drawbacks of open circuit systems at state of the art. The system in fact
offers a control in which the flow rate is proportional to Meter Out Area, without additional motion control
valves to manage overrunning load. The MOS system can manage positive and negative loads and implement
regeneration with fully hydraulic controls, this means that sensors and complex electronic controls are not
required, moreover costly high precision / high dynamic valves are not mandatory.

In /6/ the system was simulated showing the capability to provide proportional flow control to actuators
according to the metering area of the inherent spool valve, for single or multiple actuation such as in Load
Sensing systems. The Flow Rate obtained for given control area is approximately the same in both overrunning
and resisting loads (even in regeneration), with a big energy saving potential demonstrated with proper energy
figures of merit.

In /7/ the system was described more into detail from the mathematical point of view and additional results of the
multiple actuation were displayed, showing the feature of compensation and of flow regeneration that can be
achieved even from one section to another.

2 The Meter Out Sensing Architecture and Operating Principles

The Architecture and Operating Principles are explained into detail in /6,7/ but for the sake of comprehension
the architecture and the operating principle will be briefly summarized

2.1 Architecture

The architecture can be explained referring to figure 1. In first place it is important to understand the supply
system consisting of a variable displacement pump controlled by a pump compensator according to the pressure
on the pilot system connected to the actuators.

The Meter Out Sensing signal line 3, is supplied by a two way flow control valve 7 and it is sensing the lower
among all working ports signal through the check valves connected to actuators ports
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Figure 1: Meter Out Sensing System.
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In case of resisting loads, by convention positive, the Metering Out Sensing line pressure is related to the flow
rate through meter out edge of the higher load section through turbulent flow equation, if it the signal higher than
a given Pressure Margin the pump will decrease the displacement, if it is lower it will swash out according to the
compensator setting “py”. In case of overrunning loads the Meter Out Sensing line will adjust to pressure of inlet
of actuator at least at the compensator setting “py”, avoiding cavitation.

Each section includes two proportional valves (1a, 1b), commanded one at a time, simultaneously activating the
opposite side ON-OFF inlet valve (2b, 2a). The speed of actuator is proportional to metering area of metering
out valve according to turbulent efflux equation in both positive negative/ regenerative load condition thanks to 3
way compensator.

The 3 way compensator (4a, 4b), in case of multiple actuation, is able to set the correct pressure margin to all
active sections, but it also provides important additional features. In fact the system controls overrunning loads
without additional motion control valve, moreover the architecture automatically enables the regeneration if the
load is overrunning, reducing the flow supplied by the pump thus reducing energy consumption.

The Indirect Pressure Reducer (6a, 6b) is a normally open valve placed on inlet line of actuators and indirectly
controlling the pressure at opposite side. The valve is useful to avoid the pressure multiplication effect in
regeneration or in presence of simultaneous opposite loads.

The distributor architecture was implemented into two prototype hydraulic blocks including the control valves
listed before. Looking at the supply system, the prototype of the pump is still not available then an alternative
supply system was implemented with the same control logic for the test bench.

2.2 Operating Principles

In the following paragraphs the Operating Principles of a Single Section in Power Extension, of a Section in
Power Extension Compensating and of a Single Section in Overrunning Extension are considered.

The first case is those of the Power Extension Mode, in case we have a single section actuation (or the section is
controlling the maximum among the loads). The pump regulates the flow rate according to the pressure on rod
side pg to the pump compensator setting. The 3 way compensator 4a is near to saturated open position and the
proportional valve la is subjected to the pressure drop py, then the flow rate across valve la depends only from
the flow area obtained for a particular spool position.

The second case is those of Power Extension Mode, in case we have another section controlling an higher load,
then considering the compensation. In this case the supply pressure sets according to the maximum load in the
system and supplies directly the actuators. The interference on the compensated section is controlled by the 3
way compensator 4a to keep a constant pressure drop across valve la (achieving a compensated proportional
control), then the pressure on port B will increase accordingly.

In Overrunning Retraction Mode the Load is controlled by the three way compensator 4b, controlling the
pressure drop across 1b by regenerating from base side to rod side and discharging the excess to tank. The
pressure on both sides of actuator will be more than the setting py, thus the pump will decrease the displacement
towards zero. Also in the third case a compensated flow control is achieved.

The energy saving is then obtained because of lower throttle losses on meter in connection and the regeneration
feature that is enabled hydraulically if the load is overrunning or under specific operating condition including
high load pressure difference between different actuators (interference).

It is important to recall that in each work condition (resisting load, overrunning load,) or operating mode
(compensation, regeneration) the flow rate is kept proportional to the area proportionally controlled by meter out

valve.

3 Testing of the MOS System

In this paragraph the Test Rig will be discussed. The Test Rig is powered by a 37 kW Electric Motor moving a
variable displacement pump coupled to a Load Sensing proportional valve, then the system is capable to work at
constant flow rate. The Coupling of LS pump and distributor basically works like an ideal fixed displacement
pump at constant speed. For the sake of simplicity the Supply Group (Pump + Distributor) is represented as a
fixed displacement pump in the following scheme. The test bench has a Lift Arm to simulate a cycle in a real
mobile machine and to create a proper load on the hydraulic blocks mounted on the bench. The Lift Arm can be
loaded with variable ballast until 2 ton. The MOS hydraulic system is supplied at constant flow rate by the test
rig supply group and feeds the lifting boom of the bench.
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Figure 2: Test Bench Layout

Since the prototype of variable displacement pump with proper control (see figure 1, part 5) is still not
available, the tests were carried out with a Constant Flow Supply (Fixed Pump 8 and Flow Compensator 9). In
next lines it will be made more clear that this alternative system is equivalent to a variable displacement pump
from the point of view of functionality of hydraulic block, even if it is clearly worse from the energy point of
view. The hydraulic block can then be tested in all its functionalities while the complete system will be tested
when the MOS pump prototype will be available.

Comparing the operating principles of the Test Rig Supply System (element 8 and 9 fig 2) to the variable
displacement pump (7 in figure 1) it can be seen that the pump adjusts its displacement according to the pilot
pressure signal, thanks to a pump compensator. The metering out sensing pressure is compared to a fixed
setting “py” (Pressure Margin) just as flow compensator 9 adjusts its position according to the balance between
the metering out sensing line and the valve spring set to py value.

If the pilot pressure is greater than the setting, the displacement of the variable pump 7 is decreased, conversely
valve 9 discharges excess flow. On the other hand , if the signal is lower than “py”, the pump swashes out,
increasing the displacement and the valve 9 closes increasing the flow to MOS hydraulic blocks. The result of
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the working principles is the adjustment of a constant pressure margin on the meter-out edge, like an LS systems

controls the pressure drop on the a meter-in edges.

Physical variable Designation | Sensor type Measurement | Overall
Range precision

Volumetric flow rate Qr Gear flow meter 0,1+120 lpm +0,3% reading
Volumetric flow rate QA Gear flow meter 1+2501lpm +0,3% reading
Volumetric flow rate QB Gear flow meter 1+2501pm +0,3% reading
Volumetric flow rate QR1 Gear flow meter 0,1+120 lpm +0,3% reading
Volumetric flow rate QR2 Gear flow meter 0,1+120 lpm +0,3% reading
Volumetric flow rate Qin Gear flow meter 0,1+120 lpm +0,3% reading
Gauge pressure pP Thin film press. transd. | 0+ 600 bar +0,3% Full Scale
Gauge pressure PNS Thin film press. transd. | 0+ 600 bar +0,3% Full Scale
Gauge pressure pA Thin film press. transd. | 0+ 600 bar +0,3% Full Scale
Gauge pressure pBoomdown | Thin film press. transd. | 0 + 600 bar +0,3% Full Scale
Gauge pressure pR1 Thin film press. transd. | 0+ 600 bar +0,3% Full Scale
Gauge pressure pCl Thin film press. transd. | 0+ 600 bar +0,3% Full Scale
Gauge pressure pCompA Thin film press. transd. | 0+ 600 bar +0,3% Full Scale
Gauge pressure pT1 Thin film press. transd. | 0+ 600 bar +0,3% Full Scale
Gauge pressure pB Thin film press. transd. | 0+ 600 bar +0,3% Full Scale
Gauge pressure pPL1 Thin film press. transd. | 0+ 600 bar +0,3% Full Scale
Gauge pressure pCompB Thin film press. transd. | 0+ 600 bar +0,3% Full Scale
Gauge pressure pBoomup Thin film press. transd. | 0+ 600 bar +0,3% Full Scale
Gauge pressure pT2 Thin film press. transd. | 0+ 60 bar +0,3% Full Scale
Cylinder stroke Boom_str Magnetostrictive 0+ 605 mm +0,4% Full Scale
Cylinder stroke Bucket_str Magnetostrictive 0+595 mm +0,4% Full Scale
Current Iprop High curr. analog input | 0+3 A +0,1% Full Scale
Current IEC High curr. analoginput | 0+3 A +0,1% Full Scale

Table 1: List of Sensors Acquired

The operation of lifting and lowering in this first test is done manually by an human operator, controlling an
electronic joystick piloting the electronic valves. The currents controlling the valves are measured to acquire the
operator’s command. After this early stage an automatic electronic command will be implemented to ensure
better repeatability of the tests.

Figure 3: Left Lifting Arm CAD model,

Right MOS hydraulic block on Bench,

From figure 2, representing the hydraulic test rig with sensors, it can be noted that a great number of
measurement points are available in order to obtain a complete characterization of the system. Table 1 reports a

complete list of the sensors mounted on the test rig and simultaneously acquired at 1kHz frequency.

4 Experimental Testing Results

Some samples of the testing results are displayed and commented in this section. Even though the activity of

testing and optimization is still ongoing, some interesting evaluations can be done from this first results.

4.1 Power Extension Compensation Test

The Power Extension Compensation Test was carried out at constant supply pressure, this condition simulates
the operation of an additional section at constant pressure. This condition assesses the flow control through the

proportional meter out valve through the proper operation of the 3 way compensator in compensation mode.

The test is carried out with the load at the minimum height, then the proportional valve la is gradually opened
causing the lifting of the ballast. The supply pressure is connected directly to A port of Actuator (via ON-OFF
valve 2b) and since the supply pressure is higher than the load pressure, the pressure must be increased on B
port of the actuator to compensate any load difference (interference of loads). The purpose of the compensation
is to have a constant pressure drop between B port and the measurement point PCompB (fig. 2} in order to have
a proper control of the flow through proportional valve la.
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Figure 4: Power Extension- High Load (1000 kg Ballast).

Figure 4 Shows the results of a Power Extension Test with Compensation and high load, more specifically, the
boom lifts a ballast of 1000 kg. The pressure is kept at about 225 bar at the beginning of the test via pressure
relief valve. This test represents the condition of a load on another section of an hydraulic sectional distributor.

In the starting phase (11-21s) the proportional valve on B side (1a on figure 2) is gradually opened, the flow
increases on A side (Green Line} and conversely on B side (Light Blue Line ), the compensator on B line keeps
the pressure drop on B side at almost constant value (Purple Line} at 10-12 bar of pressure margin.

Then, increasing the opening of the valve the flow saturation is reached and the supply pressure decreases
sharply (21-23.5s). In the phase from 23.5s to 34s the opening of the valve is decreased and at second 24 the
system exits from flow saturation condition and the supply system is able to keep the nominal pressure, in this

phase QA and QB decreases until complete closing position of the valve.

With this test the feature of compensation is confirmed, it is possible to note a slight variation of the pressure
drop across the proportional valve that can be in general found in the most common load sensing locally
compensated systems as well.
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Figure 5: Power Extension- Low Load (0 kg Ballast).

Figure 5 Shows the results of a Power Extension Test with Compensation and low load. The Boom Lifts an
empty ballast container, then the load is represented by the mass of the lifting machine itself. The pressure is
kept at about 225 bar, as in previous case, representing the condition of a high load on another section.

It can be noted that, similarly to the previous case, the compensator on B side increase the pressure on port B to
compensate the load difference between sections (the section under test and a second virtual section at 225 bar
load). Because of area differential of cylinder the pressure on B side could be higher than those on A side, this
condition is favourable to regeneration, even if the load is of the resisting type.

From 11s to 21s the proportional valve on rod side is gradually opened, the compensator 4a keeps the pressure
drop across the valve almost constant increasing the pressure on B.

It can be noted that from 11s to 16.5s the pressure on B (pB, black line) is higher than in A (pA, blue line) then
regeneration is obtained, to confirm that one can note that QB, light blue line equal to QR2, orange line. Then
the flow rate from B port is discharged through regeneration line to A side (connected to supply), the difference
flow rate (QA-QB) is integrated by the pump.

In subsequent phase (16.5-21s) all the flow rate to base side (QA, green line) is supplied by the pump with no
regeneration because the rod side pressure (black line) drops under the base side pressure (blue line).

In the phase from 21 to 22.5 we can hypothesize flow saturation recognisably by the drop of supply pressure (pP,
red line). Then we have a decrease of the flow rate according to proportional valve position (22.5-29s), at
second 24.5 until the closure of the proportional valve regeneration is activated again in reason of the pressure
difference between B and A, as in the beginning phase QB flows through regeneration line to A port, adding to
the supply flow .

One can note that the flow rate supplied to the Base side in lifting operation is less than a conventional system, in
particular the supply flow is decreased in the regeneration phase. The amount of energy saving obtained thanks
to regeneration depends on the duration of regeneration phase.

4.2 Overrunning Retraction Test

The Overrunning retraction test is carried out with the load at the maximum height, then the proportional valve
1b is gradually opened causing the lowering of the ballast. In this test the system automatically sets to zero the
flow rate from supply group and the fluid from A port divides in two flow rates: one to tank and the other
supplying B port.
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Figure 6: Overrunning Retraction Test - Low Load (0 kg Ballast).

Figure 6 Shows the results of an Overrunning Extension Test with low load. The Boom lowers an empty ballast
container, then we have only the load of the lifting equipment.

The pressure generated in base side (pA) is able to feed rod side of the Boom (pB). Proportional valve 1b is
gradually opened (and conversely the ON-OFF valve 2a on rod side) the flow rate is regenerated via

compensator 4b, then the system reaches maximum opening and finally it gradually closes.

It can be noted that all of the flow to port B is regenerated then the flow rate at port B QB (green line) is equal to

flow rate regenerated (QR1, red line), the rest of the flow outgoing from A port is discharged to tank. Another
interesting point is that the pressure drop across the proportional valve 1b (purple line) is kept constant by the
compensator.

From the flow rate balance it can be deduced that the flow rate introduced to the system by the supply group is

zero, then in case of a system variable displacement pump the operation would be at zero energy expense.
Finally it is important to recall that the movement of the cylinder is proportionally controlled by a compensated
system, independently from the load.
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Figure 7: Overrunning Retraction Test - High Load (1000 kg Ballast).

Figure 7 Shows the results of an Overrunning Extension Test with high load. The Boom lowers a 1000 kg ballast
container.

As in previous case the Proportional valve 1b is gradually opened and the valve 4b modulates both to
Regeneration Line and Tank discharging the excess. Looking at pB black line and pA blue line from12-18s, it is
possible to note that the connection of A side of Boom to B side cause an increase of pressure of the system.

Then the increasing opening causes a decrease of pressure on B side caused by the increase of pressure drops in
the system for increasing flow rate (18-23.5s). Finally, the pressure increase (23.5-31) with the decreasing of
flow rate from A to B for the above mentioned reason.

The first thing to note is that the pressure drop across the proportional valve 1b (purple line) is almost constant
because of the compensator, moreover as mentioned before the flow rate introduced by the supply line is zero
because the flow rate to B port is equal to Regenerated Flow (QR1). In this case we would have zero energy
expense in case of system with variable displacement pump, but it can be further hypothesized that if we have an
additional section activated the excess flow discharged at high pressure from base side side of actuator will be
able to feed the second actuator with consequent energy saving.

Another aspect to note is that the pressure could rise above safe levels in regeneration , for this reason the valve
6a is implemented, reducing the pressure in B side to keep A side below the maximum permissible pressure. In
the test shown above (fig. 7) the valve 6a is kept mechanically opened so the pressure could theoretically rise
indefinitely.

In next test shown (fig. 8) it can be seen that properly setting the valve 6b, the system is able to reduce the
pressure on rod side indirectly regulating the pressure on base side. In this test, similar to the previous one with
regard to load and operator’s command, it can be seen the effect of indirect reducer 6a. Without going into detail
of all the plots, since the results are similar to previous, it is possible to note the limitation of pressure on A side
(blue line) caused by the effect of the reducer 6a on line B (black line).
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Figure 8: Overrunning Retraction Test - High Load (1000 kg Ballast), with indirect pressure reducer activated

The Flow Rate Plots indicate the equivalence of Flow rate to Rod Side (QB, light blue line) to Regeneration
Flow (QR1, red line) and a proper control of the pressure drop on the meter out proportional valve (purple line).
So it is verified that even in this case the proper control (correct pressure drop) is achieved and the energy
saving can be obtained (regeneration is activated).

5 Summary and Conclusion

The paper has presented the results of the first tests on Meter Out Sensing System. In the introductory part the
characteristics of the architecture were briefly summarized.

The operating principle of Meter Out System is based on the meter-out edge control instead of the meter-in edge
control of conventional systems; the supply group is able to set the flow rate in the system according to the
minimum pressure among all the operating actuators, a 3 way compensator valve is able to control the
interference between loads and to activate the regeneration according to the operating conditions.

The MOS System aims at improving the energy management with respect to Load Sensing Systems for the low
throttle losses on the supply line of actuators and for the absence of motion control valves. Moreover the
regeneration feature reduces the power demand from the pump.

Comparing to Independent Metering Systems, the MOS system can manage positive and negative loads and
implement regeneration as well, but in more cost effective implementation, because sensors, electronic controls
and high precision / high dynamic valves are not mandatory.

The results of the test carried out at Walvoil Testing Department has assessed some important features of the
system.

Power Extension Compensation Tests have shown that the prototype hydraulic block is able to control resisting
loads and to perform compensation, the pressure drop across the proportional valve is therefore constant, thus the
system can work properly in Multiple Actuator Operation. For high load interference it is possible to obtaining
regeneration through the compensation.

Overrunning Retraction Test highlight the feature of regeneration, a gravity load is controlled through the
compensator, regenerating the flow from the rod side of the cylinder to the Base Side, in this case the necessary
flow is regenerated without any contribution from the supply group. The overrunning operations shows potential
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for energy savings because in the conventional systems these operations are often performed with the aid of
overcenter valves working at the expense of the supply group.

The paper has shown are the first available results, however the development of the system is still ongoing,
additional test are necessary to further assess and optimize the MOS system.

The Lumped Parameters Models /6,7/, not shown in this paper but still in progress, will be compared to the test
results and improved as well. These Models will be further used in the subsequent phase of optimization of the
system. Finally an important task towards implementation on a Mobile Machine will be that of designing, testing
and optimizing a variable displacement pump with proper hydraulic control to be coupled with the MOS
hydraulic blocks.
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Adaptive Park Brake Technology to Improve Stability of Wheeled Excavators
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Rocking is often observed in wheeled excavators while digging, which impacts driver comfort and precision. To
minimize rocking, wheeled excavators need special axles with brakes at the wheel-end. The paper presents a new
solution to use low cost in-board brakes achieving the same or better stability compared to wheel brakes. This is
achieved by disconnecting one axle and braking it, while torque is actively applied on the other axle with a
hydrostatic traction motor, to preload the driveline and keep the vehicle more stable. The system hydraulic circuit
and the corresponding control algorithms are presented, as well as experimental results that prove the concept
feasibility.

Keywords: Fluid power systems, mechatronics, excavator, driveline, control

Target audience: Mobile Hydraulics, Construction Machinery, Mechatronics

1 Introduction

This paper presents a new concept to reduce the rocking phenomenon observed in wheeled excavators while
digging. This phenomenon significantly impacts the operator comfort perceived and the driver precision during
digging phase, reducing the vehicle stability.

Field tests highlighted that the vehicle oscillations are caused by: mechanical backlashes between tire and brake;
tire slipping and deformation; and shaft torsional deformation. These effects induce a dynamic load transfer that
amplifies the oscillation perceived from the driver seat. This is depicted in Figure 1, while an example of oscillation
measurements is shown in Figure 2.
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Digging forces
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Figure 1: Vehicle rocking (oscillations) during digging
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Figure 2: Experimental characterization of vehicle oscillation (longitudinal frame displacement) during digging

The brake system installed in the axles is very important for the overall stability characteristics. A typical off-
highway axle provides several functions: structural support; drive torque transmission with speed reduction at the
bevel set (differential) and at the wheel hub; service brakes; and park brakes. Service brakes are often based on
multiple wet disc solutions, which can be installed at one of the following locations, shown in Figure 3:

o At wheel: the friction components act on the wheel hub (i.e. after the hub-drive reduction);
e Qutboard: the friction components act on the axle half shaft, and are located close to the hub;
e Inboard: the friction components act on the axle half shaft, and are located close to the differential.

The solution with brakes at wheel is more expensive due to the larger amount of torque to be generated by the
brakes, and more complex in terms of integration in the axle design. However, it is the only solution that provides
an acceptable level of vehicle frame oscillation during digging, since the only deformable element between the
brakes and the external environment is the tire. On the other hand, inboard brakes hold the inner side of the half
shaft, but the vehicle/terrain forces can generate oscillation due to tire deformation and half shaft torsion.

The goal of the concept described here is to avoid this solution and instead use inboard or outboard brakes, while
achieving equal or better stability performance compared to the wheel brakes. The concept and the testing results
provided here are based on a vehicle equipped with axles using inboard brakes, and a hydrostatic transmission,
based on centrally-mounted two-speed gearbox, with disconnection device for the front axle.
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[\ Bevel set reduction

Hub reduction
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Possible brake location

Figure 3: Off-highway axle and brake locations

2 Concept and system architecture

The Adaptive Park Brake (APB) is a mechatronic device that can be used to improve the stability of a wheeled
excavator. It applies to a vehicle where one axle is driven, or equipped with a disconnect device if both axles are
driven (as in most construction vehicles), so that one axle is disengaged from the traction during system operation.
The APB function can be summarized as follows: while the vehicle is stationary and is performing a digging
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operation, one axle is disengaged, and brakes are applied on it; at the same time, the traction motor generates
torque on the other axle. The motor torque opposes the brakes and thus overcomes the mechanical backlashes and
shafts torsion by “preloading” the entire driveline and the tires. The result is a reduction of vehicle oscillations
thanks to the elimination of backlash and deformation.

In the examples shown in this paper, the system engages the front brakes and actuates the hydraulic motor which
is connected to the rear axle. The motor torque can be applied in either direction: pushing the powered axle towards
the braked axle (compression preloading of the driveline, shown in Figure 4), or pulling it away (extension
preloading of the driveline).

-

® @

Figure 4: Basic idea of driveline pre-loading for stability

The motor torque generating the preload is not constant, but rather it is computed in real-time to stabilize the
vehicle without reaching the limit of wheel slip on the terrain. The system is developed for a hydrostatic
transmission, so the torque generated can be controlled by using the motor displacement or the pressure. Pressure
control is preferred, for two main reasons:

e the variation of pressure can be faster than the actuation of displacement;

e  controlling the torque via the pressure allows to implement the system even in drivelines where the motor
is of the fixed-displacement type, or is equipped with a non-electronic displacement control (e.g. purely
hydraulic automotive displacement control, or electronic control with hydraulic override).

A schematic representation of the system as implemented in a Dana prototype vehicle is shown in Figure 5.
Through the use of sensors, the system state is identified, and an electronic control unit generates an appropriate
set-point of torque to be applied at the motor.
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Figure 5: System architecture

3 Hydraulic circuit
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Figure 6: Hydraulic circuit for APB

The APB function can be realized using different circuits. The solution shown in Figure 6 implements the basic
functionality of APB: release the standard park brake, apply the service brakes on front axle, apply pressure on the
motor acting on rear axle, and ensure safe operation of the system (i.e. ensure that torque is not applied on rear
axle without braking the front axle first).

Valve V1 is used to release the park brake: this operation is necessary because the system needs to apply torque at
the rear wheels with the traction motor, and the front wheels are already subject to the service brake.

The system applies braking torque by generating pressure on the service brake line using valve V2. The brake
pressure corresponds to either the APB brake line supply, or to the standard brake-pedal pressure. The switch
between these two values is determined by valve V2: when actuated (by the APB controller), it applies the APB
supply brake line to the service brakes; when disabled, instead, it ensures the brake pressure is at the value set by
the brake pedal. If the brake pedal is actuated during APB operation, the pedal pressure acts on V2 via the pilot
line V2-p1, and pushes V2 back to its rest position. Thus, the brake line receives the pressure from the brake-pedal
line, overriding the APB brake pressure setpoint. This means that the driver always has the ability to stop the
vehicle using the service brake pedal, independently of the APB status.

To apply the correct amount of pressure to the hydraulic motor, V3 is a continuous electrically-actuated pressure
reducing/relieving valve, which sets the pressure value between zero and the power supply value, according to the
control signal to solenoid P3.

To guarantee safe operation, pressure on Motor 1 can be applied by APB only when the brake line is pressurized
with a pressure level sufficient to hold the vehicle still. This is achieved by measuring the brake pressure level
with a sensor, and using the information in the controller to enable the actuation of solenoids S6 (for on/off valve
V6) and P3 (for continuous pressure-reducing valve V3). Note that V6, instead of a simple on/off, could be a 3-
position directional valve to determine the direction of traction motor actuation.

The time sequence of the APB operation is as follows:
i Generation of pressure in brake line
ii. Release of park brake

iii. Generation of motor pressure




LL

ifF4

The supply circuit for the APB signals is shown in Figure 7. The circuit uses the standard pump that generates the
power supply for the main hydraulic line, and a set of pressure reducing/relieving valves to generate adequate
pressure levels at the different lines. The accumulator Al is present to ensure an approximately constant pressure
and flow to the APB brake line even in case of pump failure. The dynamic response of the pump and the
accumulator system is such that the pressure in the APB motor supply line slows down the generation of pressure
at the motor, creating a smooth torque actuation.

APB park brake line

»
»
APB brake line
»
»
- 80 bar .
Pump pressure controlled APB motor supply line
>
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c9 Activation signal
> »
N i
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Figure 7: Supply circuit

4 Control strategy
The control system is composed of the following main functions:

F1) Safety supervisor: this is a supervisor layer that constantly monitors the APB operating conditions. In
case of anomalous conditions, the supervisor disables the APB system in a controlled manner (“soft
dump™)

F2) Slip limit detection: this part of the algorithms detects the amount of friction at the ground/wheel interface
and therefore the conditions of impending wheel slip. This condition depends on many factors, mainly:
ground type; weather condition; presence of a limited-slip or lockable differential; pneumatic tire type,
wear, and pressure; vehicle weight. This control is executed at APB activation, and it is corrected during
operation by the function F3 (next point). From a practical point of view, the output of this function is the
max torque Tp.¢ that can be applied by the motor without creating wheel slip, and is determined by
continuously monitoring the available speed measurements.

F3) Motor torque setpoint: this value, Ty, is generated as a value smaller than Ty, The difference depends

on the type of ground (which is identified in F2, as it is strictly related to the value of T a¢)-

F4) Anti-slip: This function controls the tire slip, trying to maintain the tires in the condition of zero slip, by
generating the torque Ty, with the motor. This is achieved by acting on the pressure of the motor line.
The amount of torque to be realized depends on instantaneous operating conditions, for instance on the
amount of load acting on the motor axle (which is variable during the digging operation). Thus, if slip is
detected while applying the torque Ty, determined in F3, a new (reduced) setpoint is immediately applied
in order to reduce the tire slip. The system learns the values of torque that produce more or less slip during
operation and periodically updates F2.

The forces acting on the vehicle during digging operation are shown in Figure 8. The largest forces are those
generated by the main actuation cylinders:

e Dipper stick cylinder, which generates a mostly longitudinal force that tends to move the vehicle frame

forward (when the driver is digging, i.e. moving the bucket towards the cabin, as shown)

e  Boom cylinder, which generates a force with a longitudinal component (same effect as above), and a
vertical component that tends to move the front axle downward (increasing its vertical load) and the

rear axle upward (decreasing its vertical load).

Dipper stick Dipper stick
Boom Boom
cylinder cylinder

VE g @Fhrnke Fapp Cﬁ N Fraie ﬁ Fhrnku[ FAPB<}:]ﬁ

Forces exerted by Forces acting on Forces exerted by Forces acting on
terrain on vehicle vehicle terrain on vehicle vehicle
Fy front Fy rear Fy tront Fy rear
a) Reverse mode b) Forward mode

Figure 8: Operating modes

At the vehicle level, the longitudinal equilibrium is always:
Fapg + Fprake = Fydig

where Fypp is the force generated, via the hydraulic motor, by the APB system; Fy g is the digging force acting
on the bucket and due to the digging operation (it is time-varying and unknown); and Fj .. is the force generated
by the brake acting on the front axle. Fj..e can be likened to a static friction force, which is not known because

it can take any value between zero and the maximum brake force corresponding to the brake actuation pressure.

The system can be controlled using one of two control modes, which differ for the direction of the torque generated

by the hydraulic motor.

In the reverse mode (Figure 8.a), the hydraulic motor pushes the vehicle backward, against the direction in which
the boom would tend to move it. The force generated by the motor torque balances the sum of the digging forces
and deforms the driveline recovering all backlash and elastic deformation; thus, Fapg > Fy gig, Which means that
Fprake 18 negative (in fact, as shown, it is acting opposite to Fapg): the brake is balancing the driveline preload
torque. When the rear axle is lifted (or the load on it decreases to a point that the tire starts to slip), the motor torque
cannot be transferred to ground, which means the force becomes zero and the driveline preload disappears, so that
backlashes appear again. However, the overall performance is still better than the standard vehicle without APB
(i.e., rocking decreases). The advantage of the reverse mode is that the overall force opposing digging is high,

being the sum of the APB and parking brake effects.

In the forward mode, the hydraulic motor pushes the vehicle forward, towards the boom, i.e. in the same direction
as the vehicle would tend to move if not held by the brakes. Referring to Figure 8.b, the motor tends to rotate the
rear tires in CCW direction, and to generate a force on the vehicle frame that is concordant with the digging force.
This means the brake on the front axle must be able to keep the vehicle stopped acting against both Fapp and F, 4ig,
which may require a higher brake pressure. Compared to the reverse case, the APB system must generate a much
smaller force Fypg, i.e. only the amount needed to overcome the backlashes, because anything more would
effectively reduce the total amount of braking. Despite the higher braking pressure required, this strategy generates
the best APB results, in terms of oscillation reduction, because the slip of the rear axle in instants of low vertical
load does not nullify the driveline preload as in the previous case. For this reason, it was implemented on the

vehicle prototype realized for experimental validation of the concept.
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5 Experimental results

The preliminary tests and the implementation of control algorithm were realized using an internal proto vehicle,
based on a Komatsu PW110 wheeled excavator. The front and rear axle were replaced by a Dana Spicer 212
steering axle. The hydrostatic driveline is composed by a 90-cc load sensing pump, a 110-cc bent-axis motor with
electro-proportional control, and a Dana Spicer 367 shift-on-fly gearbox, which is a 2-speed mechanical
transmission equipped with disconnect device. The hydraulic transmission is of the open-circuit type. Several
sensors were installed to characterize the system behaviour: cable position sensor on rear blade to measure the
longitudinal movements (with respect to the ground), engagement switch on gearbox and disconnect device,
pressure sensors on hydraulic power and pilot lines, speed sensors on gearbox, motor and cardan shaft. A picture
of the vehicle prototype is shown in Figure 9.

Figure 9: Experimental vehicle (driven by the first author)

Tests were performed in different conditions and using both the control modes described before as reverse and
forward; as mentioned, the best results were observed with the forward mode. An example is shown in Figure 10,
which demonstrates how the use of the system allows to reduce the longitudinal oscillations considerably. The
amplitude decreases by roughly 50%, and the high-frequency oscillations disappear in the case with APB. For this
reason, the comfort perceived by the driver is sensibly improved. The vehicle is much more stable during the

digging operation, and this is clearly observed from the outside.
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Figure 10: Experimental results (longitudinal frame displacement during digging)

6 Conclusion

The adaptive park brake system constitutes an effective solution for the rocking problem, based on innovative use
of existing components via system integration and control. The experimental proof-of-concept demonstrate a
visible and perceivable reduction of the oscillation while digging, which improves the operator comfort and
precision. The system is currently under testing and future work includes further development towards production-
intent design.
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Quantification of Energy Saving Influencers in a 21t Excavator
Hydraulic System — A Holistic Investigation?

Dr.-Ing. Martin Inderelst, Dipl.-Ing. Fabian Weidner,
Dongdong Niu, B.Eng., Prof. Dr.-Ing. Christian Stammen

Xuzhou Construction Machinery Group (XCMG), European Research Center (ERC) GmbH,
Europark Fichtenhain B4, D-47807 Krefeld, Germany
E-Mail: inderelst@xcmg-erc.com

The paper is about to show a comprehensive evaluation of energy efficiency in the field of excavating
machinery. The results detected with 21t excavator platforms over years deal as a basis to determine the major
energy efficiency influencers in and outside the machine. Cycles are given for a state of the art hydraulic system
in Asian markets. The measurement data collected and results provided finally lead into an ABC-analysis to
show the urgent need for new approaches to really save energy in future construction processes.

Keywords: Hydraulic systems, energy efficiency, loss analysis, ABC-analysis, excavators
Target audience: Mobile Hydraulics, Mining Industry, Machine and process design

1 Introduction

The XCMG European Research Center GmbH was founded in Krefeld/Germany in 2013. XCMG ERC is
responsible for all research and development activities in Europe and owns test rigs and test grounds for detailed
investigations with XCMG’s mobile machines. The goal is to optimize and develop innovative technologies for
our construction machinery in the fields of hydraulic, drive and control systems that finally result in especially
efficient, environmentally friendly, multifunctional and ergonomic construction equipment products for the
global market.

Through the last five years our team in excavator—related development projects investigated and optimized
various systems, components and test conditions. All investigations covered different hydraulic system
approaches like negative flow control and load-sensing systems. We optimized these systems with regard to
costs, higher dynamics and controllability as well as to fuel consumption and digging performance. The
optimizations realized were implemented by adaptions of own hydraulic components like valve spools and main
control valve manifolds, new control principles in the sub-circuits for pilot oil supply and joystick actuation or
through the selection of new pumps and drives of new suppliers.

The following chapters deal with the energy efficiency influencers in excavating machinery. For this purpose,
test machines and conditions will be specified before discussing the results. All data provided and dealing as the
basis has been conducted on 21t excavators using fully hydraulic drive systems and controls.

2 Demonstrator and hydraulic systems

Along with the projects on excavator machinery in XCMG ERC in Krefeld several tests have been realized to
finally improve controllability and digging performance but also fuel consumption. For this purpose, series
machines from China were sent to Krefeld for detailed testing, analysis and several optimizations in the
hydraulic system of the machines. The two test machines are equal 21t crawler excavator platforms with same
diesel engines, cooling systems, electrics, steel structure parts and hydraulic drives like the differential cylinders
for boom, arm, bucket and the hydraulic motors for the swing and the track drives.

Corresponding data that deals as the basis for all tests discussed later can be taken from Figure /. The
differences within the hydraulic system layout and pumps (NFC vs. LS) are described later in more detail.

Total weight 21t
Diesel Engine Stage Il 128 kW
Cooling Power 10kw
Boom Arm Bucket

% Piston-@ [mm] 120 135 115

B Rod-@ [mm] 85 95 80

E‘ Stroke [mm] 1221 1475 1060

_ Mass [t] 165 0.83 08

é Length [m] 58 29 12
Capacity [m®] 0.9

2 Displacement [ccm] 129.2

E Gear box ratio [-] 121.6

é‘- LS-Pump [ccm] 210

& NFC-Pump [ccm] 2x106

Figure 1: Variety of digging results for excavator efficiency and performance testing

Both machines have been equipped with powerful measurement systems of the same structure. Each
measurement system consists of a local PLC with EtherCAT connection to a large number of data acquisition
components and more than 100 sensors to detect all state variables within time steps of 5 ms. The most important
signals collected by the data acquisition system are listed as follows and refer to the setup used in the
investigations by /1/:

e Diesel engine: set and actual speed values, fuel consumption

e  Hydraulic system: Oil temperature, position and speeds of all cylinders and rotary drives, pressure
sensors (joystick outputs and valve spool actuation, pump pressures and pump control signals, internal
piloting signals for special functions, load ports at MCV and at the drives, local pressures close to
valves, tank line backpressure etc.)

e  Electrics: Boost function, travel mode, pilot oil switch and pump power solenoid current

The test machines vary in the hydraulic system like mentioned above. One machine is still equipped with a series
level Negative Flow-Control system. The other test excavator is based on a single-pump circuit load-sensing
system. As both system principles vary significantly, they are schematically introduced by Figure 2. The
diagrams only feature connections and components to distribute power in the hydraulic systems. All valve
piloting and logic circuits to activate any special functions are neglected.

The load-sensing system of the first test machine is based on a single-pump circuit. All valves to control the
consumers are connected to a common pump. Pilot oil is provided by an additional gear pump. All closed-centre
valves regulate the flow by primary pressure compensators, if pump pressure is higher than the individual load
pressure resulting from higher loads operated in another sections. The load-sensing signal limited through a
pressure relief valve in a way that the pump pressure cannot exceed the opening pressure for the main pressure
relief valve, so that this component has mainly a safety function. For the arm and boom sections locking valves
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are integrated to avoid undesired movements of the cylinder function in the non-actuated direction. Regeneration
features to regenerate flow from the rod to the piston side (arm section) and in the other direction (boom section)
are used to share more flow in the arm section for the levelling task or to save energy for lowering the boom
during digging. Parallel function speed ratios are to be set by various parameters like the valve curve setups, the
compensator spring, the ratio of saturation and the effective pressure to actuate the valve spools. For power
control, the pump is equipped with an electric pressure control valve to manipulate the offset of the LS-pressure.
In this way the pump’s displacement can be reduced to finally limit the torque on the engine shaft and therefore,
engine droop together with an electric controller.

Single-Circuit Load Sensing Dual-Circuit Negative Flow Control

Travel LAB Boom AB Arm/Stick

Option  Arm/Stick

N

F

AB

Travel L Swing

AB

&= AB ?B

AB ~ AB
Travel R Swing Bucket Travel R Boom  Bucket

Figure 2: LS and NFC system architecture for 21t excavators (only power circuits; logics and signals neglected)

The negative flow system is a dual-pump circuit system using two rows of open-centre valves. They relieve idle
pump flow through NFC orifices to tank or, when activated, distribute the pump flow among parallel functions
while manipulating the pump-controlling NFC signal by reducing the open-centre flow. Critical over-pressure is
relieved through a common pressure relief valve whenever flow provided by the pumps cannot be totally
consumed by the hydraulic drives activated. The sections are arranged to one of each pump pressure lines and in
special order along the open centre line to set their priority. Whenever these measures are not enough to
distribute flow in the desired ratio, priority valves will be activated to limit or block flows. Only arm and boom
function have valves arranged on both pumps as these consumers require total flow of both pumps for some
tasks. A confluence valve is integrated between both pump circuits to manage straight travelling while additional
functions located in the upper frame or of the attachment are activated. In this situation, this valve distributes the
flow in a way that travel track drives are supplied together out of one pump while the other pump supplies all the
working functions of the upper frame. Like in the load-sensing system, regeneration features and locking valves
are available for both arm and boom. The double pump is equipped with an internal power limitation and can
vary hydraulic power set value through a solenoid valve.

In contradiction to the excavator test machines known from other investigations on hydraulic systems /1/, /2/, /3/,
/4/, XCMG reference and test machines already feature state of technology solutions in terms of boom and arm
regeneration that have been used over years in excavator machinery. In consequence, many later publications in
the hydraulic community may lack accuracy when talking about efficiency improvements achieved by new
system approaches, as those have been referenced to outdated or simplified valve system technology without
these standard regeneration circuits.

However, both hydraulic systems presented are based on the throttle principle which is conventionally used in
today’s 21t excavator machinery. In addition, both machines share the principle of full hydraulic joystick
actuation. A comparison about the major difference between both systems is roughly given by Table 1. The

evaluation is based on the experience gained through all projects executed with excavators and other
construction machinery inside XCMG in the last years.

The comparison shows, that the LS-system features higher load-forces and load-compensation by its principle.
The driver feedback is that LS-system cannot feature a so-called pseudo-coupling of joysticks and the attachment
drives that he can feel in the flow-controlled systems. A possible explanation can be given by the fact, that the
LS-pump regulates the pressure that must be adapted to the right pressure drops through the metering edges by
pressure compensators to finally provide the demanded speed along. It is obvious that load-sensing systems prior
the force and not the speed. In addition it benefits better part-load energy conditions whenever the drives cannot
consume the pump flow available.

Criteria Full Hydraulic LS-System Full Hydraulic Flow-Control-System (NFC)
Main PRV Only for safety reasons to protect hydraulic n ) Safety reasons, bypass function when pump
Opening components from over-pressure flow higher than consumed by active drives
Force/Power Controlled by pump in 1% priority + - | Result of power available and flow distributed
Load Precisely realized through primary pressure + o Roughly implemented using priority valves
compensation | compensators
Speed Depends on compensator and pump o n Set by the pump in 1 priority
handling dynamics
Oscillation By pump controller, pressure compensator ) n Generally stable, some effects from pump
potential setup and load pressure changes controller or oscillating main PRV
Controllability | Force always available, missing pseudo- Drivers experience an intuitive or pseudo
. . . o + . . .
coupling of joystick to the attachment connection from joystick to the attachment
Energy Low: flow only provided when consumed in Medium, as flow is bypassed through main
Consumption | closed-centre (CC) systems + | o |relief valve during acceleration of the
functions

Table 1: Differences between full hydraulically operated LS and NFC systems

In contradiction, flow-controlled systems feature a much better connection between the joysticks and the
attachment drives that can be explained by the direct use of the pump flow. But, as the pump flow is not limited
to the real flow consumption of the drives and the pressure-relief valve will open under this conditions,
especially during acceleration of the rotary drives and when the cylinders reached the end stop positions, full
hydraulic flow-control system have worse part-load energy condition than the LS-systems.

To sum up, hydraulic systems in excavators vary in terms of controllability, comfort, available forces and the
energy consumption. The operating comfort is to be realized by avoiding harsh impacts of the functions under
each condition which can occur by pressure peaks in the system. Controllability varies with characteristics like
dynamics, response, resolution, hysteresis and the speed ratios for multi-operations. Digging forces and energy
consumption are finally the result of the system principle, the special circuits implemented and the setup of all
hydraulic components. When also taking regulations for exhaust gas emissions and the CE declaration into
account it becomes obvious, that hydraulic system development for 21 t excavators is a challenging tasks.

3 Tests and boundary conditions

Over years of pump load-sensing system investigations and development various test data has been recorded.
Digging tests have been realized under same conditions, so that today comparison and analysis of the data is
possible. Because of the long-time passing, boundary conditions and changes of the machine have been noted
carefully. However, data is maybe not documented perfectly, but was selected in a way to determine the key
performance indicators of energy efficiency in mobile hydraulic systems, especially for 21 t crawler excavators.
General influencers on the fuel consumption and digging performance are expected in various sub-systems.
Some of them are known from different publications. These influencers are roughly described as follows.
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1. Machine structure and design with regard to the kinematics, sizes and weights of the steel parts

(boom, arm, bucket/tools and counterweight), etc.

2. Engine-related influencers covered by the combustion principle, engine type and sizes, speed settings,
load conditions, cooling system, etc.

3. Hydraulic system configurations defined by the circuit type (open / closed), number and sizes of pumps,
valves and drives, settings of different backpressure levels for tank line, load-sensing offset pressure,
spring and orifices settings, leakage values, oil cooling power, filtering, pipe/hose diameters, etc.

4. Task description: type (digging, levelling, travelling, etc.), precision, truck and obstacle positions, ete.
5. Material: density, compaction, humidity, homogeneity, ice, corn size, etc.

6. Driver: experience level, job strategy (digging direction, filling level) /5/, daily feeling, talent,
motivation, concentration, fitness, simultaneous functions, etc.

7.  Weather conditions: day/night, wind, temperature, rain, snow, fog, etc.
8. Service state: lubrication, wear, filtering, etc.
9. Air condition: temperature, humidity, density, oxygen, pollution, etc.

It is obvious that some of those parameters cannot be set as constant values but will vary with the testing. The
boundary conditions changed along with the investigations will be discussed by the chapters below.

3.1 Standard duty cycle and task description / definition

Regarding duty cycles and energy consumption detection, there is no clear standard available. Some standards
like the JCMAS HO020 /6/ already regulate how to test excavators, but test description only contains part load
conditions for air digging tests with empty buckets. For detecting full load digging fuel consumption test
conditions have still not been fixed and agreed upon by the construction machinery companies. In consequence,
fuel consumption data cannot be found in the data sheets for excavators like it is familiar for passenger cars that
are regulated via NECD and NFCD cycles. For excavators, the most typical test to evaluate the digging and fuel
consumption performance is the 90° digging cycle for a fixed time period while the truck is standing next to and
in the same altitude than the excavator. Data detected on both machines for such boundary conditions is shown
in Figure 3. This data is similar to the data provided by other studies on similar excavators /1/, /2/.

The diagram shows all movements of cylinders and the swing drive as well as corresponding forces or torque in
the same time frame. In addition to this load cycle data for an average load cycle in 1 m depth and an unloading
height of roughly 3 m, pressures are given for the pump outputs, the system-related signals for LS or NFC and
the joystick signals. Such the cycles were detected for both systems with a number of different drivers, so that
the different operating habits can be also derived from these diagrams.

As mentioned before, the working task is not furthermore specified and it is not clear that the driver will always
perform same cycle conditions. For reasons to more specify and to finally better analysis and compare the test
data, the working task has been defined in another way. Old and new task descriptions are given as follows:

o Old task: “Dig as fast as possible until fuel tank (10 litres) is empty” — time and cycles to be recorded
o New task: “Dig a hole with the dimensions of 5x4x3 buckets” — time, cycles and fuel to be recorded

In contradiction to the old cycle that only aims for digging and fuel performance values, the new task now allows
also covering controllability aspects being remarkable whenever engine power is not consumed totally caused by
higher positioning efforts. The task is defined by the hole dimensions that finally lead to a total volume of
approximated 70 m® and a mass to be moved of about 126 t. It is the basis for all investigations being discussed
in the following sections.
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Figure 3: LS and NFC 90°-digging cycle data

3.2 Test setup / matrix

The idea of the investigation is to not only focus on the hydraulic system or drive train and the primary energy
source, e.g. the diesel engine, like it has been done in several other studies /3/, /4/, /7/, /8/. These studies provide
so-called holistic investigations that are limited to a hydraulic system boundary that is fixed between the engine
and the mechanical power take-offs of the hydraulic drives. For hydraulic component and system suppliers this
system boundary can be accepted.

As a developer and producer of the entire excavator application, measures to benefit fuel consumption and the
performance of the machine need to be balanced with other criteria like controllability, additional costs and so
on. For more detailed understanding and a more comprehensive investigation, the system boundary needs to
cover the full machine design, the environment, the driver and the process as well. For this purpose, the
investigation was extended to consider more influences on the performance and fuel consumption of the
machine. Figure 4 shows the parameters changed over all tests being executed with both test machines in
Krefeld in the last years.
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Figure 4: Modifications in test conditions among the investigation range

The table shows the different criteria varied from test to test in columns, the lines represent the options available
in each criterion. The first blue line shows the definition of the reference machine which was the series product
configuration of 2014. The green coloured fields have been covered with the test being executed whereas the
orange fields are intended to be tested soon, but are not taken into consideration for the results being presented in
this article. For easier demonstration of all changes in the test setup or the machines, modifications to the
reference will be given in the spider grid diagram. In here, reference is always set to option “1” and illustrated by
a blue line whereas the green line shows the variety realized by the tests.

For sure, data collected by this procedure is not standardized and gives no statistically evidence to exactly
quantify the real influences on efficiency of the different influencers. However, it will provide new more
comprehensive impressions.

4 Results

4.1 Overall Results

For a better overview all tests executed are summarized in the diagrams provided in Figure 5. The digging
performance diagram on the left-hand side shows the fuel consumption per hour on the y-axis versus the digging
performance in tons per hour on the x-axis. It deals as a diagram to illustrate overall digging performance for
excavating machinery by the ratio of output work which is represented by the material moved to fuel energy, see
eq. (1). The ratio can be also understood as an efficiency value.

.  Wour my 1)
tot = ~
Ein VFuel
30 160
] T 140
S
25 P ..'. P }3 ) AA A
= ® Y E 120 L
= 20 u [
< ® [ .‘ ° ENFCL .§1oo : Y A
— o
B [ ] l mNFC2 £ ﬁl
5 ® » * AlLS1 z 8 e h y * *
z * S 60 (Y N
S 10 o2 3
[
2 els3 g 40
5 &
g 20
wvy
0 00

0 100 200 300 400 500 600 700 800 900
Digging Performance [t/h]

10 11 12 13 14 15 16 17 18 19 20 21 22 23

Cycle Time [s]

Figure 5: Variety of digging results for excavator efficiency and performance testing

Data is marked for five different hydraulic systems. It becomes obvious that even with same machine platforms
and a same task, fuel consumption and digging performance values can vary significantly. This is the root cause
that makes the determination of precise fuel consumption or digging performance values so difficult and
therefore has not lead to data provided in data sheets until today. Furthermore, data discussed in many research
projects all over the globe must be rated carefully if based on a low number of tests.

The second diagram on the right-hand side shows the specific fuel consumption per cycle versus the cycle time.
The results look different compared to the first diagram, because the amount of soil moved varies with the tests
and therefore the load in the bucket changes. The question to be answered is how to reduce confusion about the
results and give a more clear understanding. For this purpose, data in the diagrams will be deeper analysed in the
following subchapters.

4.2 Changing Conditions

In the following subsections, results we be provided to figure out the influences of all modifications covered by
the different tests executed. The results will be finally used to determine most significant influencers of energy
efficiency in the crawler excavator machinery by an ABC-analysis, see more in section 4.3.

4.2.1 Engine

During the investigations with both test machines, different engine speeds have been set and tested, see Figure 6.
Specific fuel consumption was detected for different engine speeds and operators on the same machine. The data
strongly varies with Diesel engine speed as for all drivers the ratio between fuel consumption and digging
performance decreases. In general, efficiency is better for lower engine speeds.
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Figure 6: Diesel engine operation points and digging values versus engine speed

The right diagram shows an engine efficiency map that considers the shaft torque on the y-axis and the engine
speed on the x-axis. In addition, lines of equal power are provided. Both of the systems, the load-sensing and the
negative flow control, are plotted to the map whereas engine operation points are high-lighted for 90 % energy
performed for the digging tasks. Both systems are exemplarily compared by considering the best digging
performance values in the economic mode with an engine set speed value of 1850 rpm. Average engine
efficiency varies for both of the system between 35 — 36 %. Best engine operation points provide energy by
roughly 40 % efficiency whereas minimum efficiency in idle mode can perform close to 25 % /1/, /3/.

It turned out that the fuel efficiency is better for lower diesel engine speed along with lower digging performance
values. This means, a compromise has to be found in the balance of fuel consumption and digging performance.
Assuming the diesel fuel price won’t increase significantly, fuel saving costs by lower diesel engine speed
cannot compensate higher costs for operator capacities needed to move the same amount of material. In the
future, fully autonomous excavators could move more slowly but not being time-limited and therefore can work
in better operation points. As the machine can work more than 8 - 10 hours a day, digging performance can also
be increased when productivity is rated per day.
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4.2.2 Hydraulic Components

To quantify losses in the hydraulic components, the bubble plot diagrams in Figure 7 show pump operation
points for the load-sensing and the NFC system for different speed settings. Other parameters were not changed
during the tests. As engine speed varies with the bubble groups, pump pressure is drawn against the relative
pump displacement.

Double-Pump NFC-System

Single-Pump LS-System

Pump Pressure [bar]

0.3 0.4 0.5 0.6 0.7 0.8 0.9 103 0.4 0.5 0.6 0.7 0.8 0.9 T

Relative Displacement V/Vax Relative Displacement V/V .y

Figure 7: Pump operating points of both test machines

The diagram shows, that the operation points shift to lower pump displacements with the reduction of the engine
speed set value. This is caused by the fact that lower engine power available at lower speeds limits the pump
power and hence the pump displacements when load pressure conditions are nearly the same. The operation
points of the both the systems LS and NFC vary in an overall pump efficiency range between 80 % and 89 %. In
consequence, this strong relationship between pump efficiency and engine speed settings needs to be considered
during the development process and the selection of suitable pump hardware when designing for energy
efficiency. The pump size selection is a compromise between efficiency under full load conditions of the diesel
engine whereas pump displacement will be limited due to the maximum speed available for the tasks operated in
part load conditions of the diesel engine.

Regarding the other components like cylinders, motors and valves, Figure 8 illustrates corresponding diagrams
by drawing the load pressure on the y-axis versus other state variables on the x-axis like the velocity (cylinders,
left-hand side), and the relative rotational speed (swing drive, right-hand side). The bubbles plotted in the
diagrams consider all drives for arm, boom, bucket and swing.

The efficiency values of the cylinder operating map already show that these components indicate less losses
compared to components like valves and motors. The efficiency values of the cylinders vary between 96 % and
98 %. For boom and arm cylinders operational points consider the regeneration function during fast feed
operations and whenever potential energy drives these functions.
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Figure 8: Operational points of the cylinders, valves and the swing drive motor

For the exemplary digging cycle plotted, major swing drive energy is consumed in ranges of 90% efficiency and
higher. It can be seen that maximum swing speed cannot be achieved over the 90°-digging cycle. In general,
swing drive motor efficiency is quite high for the operating points covered through digging.

As a conclusion it can be pointed out that hydraulic components already feature quite good efficiency values in
wide ranges of the digging cycle for the 21t excavator applications. It can be advisable to check if further
efficiency improvements are necessary or if the development focus of such components should be adjusted on
finding reasonable balance between efficiency, endurance and costs by maybe also decreasing efficiency again.
If costs can be reduced this way, the cost savings can maybe compensate additional costs necessary for
improvements in non-hydraulic excavator sub-systems with higher influences on energy efficiency of excavating
machinery. In general, customers will accept higher costs for the machine for a better product, but those
additional costs should be compensated by the fuel savings within the first year.

4.2.3 Systems

To roughly rate influences of the hydraulic system configuration and parameter setups for LS and NFC, both
machines were tested with varying configurations, see Figure 9. The LS setups therefore feature different valve
spool geometries as well as diverse parameter sets balancing driving comfort versus fuel efficiency. The two
NFC system states tested represent two generations of development, mostly valve spool sizing differs. In
addition on the right-hand side, results from /7/ are illustrated in a way the energy consumption and losses of
different new hydraulic system approaches applied to excavator machinery can be estimated.

28 30% ] | i
i { ANFC1 Innas Hydraulic

26 s Y 8 _ —

@ NFC2 Transformers |
24 | 15% 6% ’

ALS1 -Setl Open-Circuit Contral | _
22 = A P ' ‘ | l

° x H1S1 - Set2

20 A

[
0o

Closed Circuit
*e LS - Set3 Control
* @151 -Setd Single-Pump LS
L - X® ® 151 - Set5 Optimized Double- ‘
@152 -Setl Pump LS
Double-Pump LS :

400 450 500 550 600 650 700 20 100
Digging Performance [t/h] = Levelling Travelllng Dlgglng o Losses

=
o
@

Fuel Consumption [I/h]

-
o~

-
N~
S

[
=1

it

Figure 9: Variety of digging results for excavator efficiency and performance testing
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The results show that the system efficiency for valve systems varies very much with the parameter setups that
are a compromise between driving comfort, energy savings and controllability in other tasks. In the LS-system
the digging performance varies in a range of 30% along with fuel differences of 15%. Fuel savings of 15% can
be achieved by the second generation NFC-system machine. For the single-pump LS-system with a series level
parameter setup, fuel and digging performance is located between the first and second generation NFC systems.

The second diagram shows the overall hydraulic system efficiency for the different tasks digging (full load
conditions, orange), travelling and levelling (part load conditions, green). The red colour represents permanent
losses of each the systems that cannot be avoided. Net efficiency of all systems including pump and drives is
between 45-60%. The results show the known fact that full load conditions in the digging cycle have much
higher effective energy share than part load conditions for levelling or travelling. Valve-based or throttle type
system architectures in excavators have quite low efficiencies for the levelling tasks that can be significantly
reduced by any displacement control-based approach. But, for the displacement control-based system principles,
travelling becomes less energy efficient by the drag torques of all inactive pumps.

The results collected by the investigations are compared with the results known from public research in the field
of excavator hydraulic system improvements /1/, /3/, /4/, /7/, /9/. To better understand the results of the digging
process analysis, total efficiency is in the following defined as the ratio between the work performed at the
output and the total Diesel fuel energy invested at the input, see eq. (1).

Wour n- (mL g hg+05-m, - (- 7/'L)Z) M
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i
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The work at the output of the excavator is in here understood as the mass of ground material moved. Work is
separated into potential energy and kinetic energy. The average height is defined as the sum of average digging
depth and unloading height. The speed of the load is considered by the rotational speed of the upper structure
during the turn-lifting phase times the bucket distance to the vertical axis. The corresponding data can be seen in
Figure 10. The results show that the new system approaches that control the hydraulic drives directly by the
pump improve the efficiency but also feature a higher digging performance. The single-pump LS-system seems
to be competitive to replace a double-pump NFC system without influencing digging performance and fuel
consumption. Furthermore, the results obviously point out, that overall machine efficiency is rising with the
machine size from less than 1% up to 13% for excavators between 4 t and 30 tons.
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Figure 10: Variety of digging results for excavator efficiency and performance testing

The right diagram shows also that the excavator machine is generally not suitable for energy efficient digging, if
digging is understood as the pure movement of material. The energy consumed to cut through the ground and to
crush or mix the material is considered as a loss here. Which parts of these losses may be useful work or not is to
be considered when thinking of future machine concepts.

4.2.4 Structure and Machine Design

In this section, results have been selected to determine losses impacted by the machine design. For this purpose,
Figure 11 provides data and diagrams for the digging performance, the specific fuel consumption per cycle vs.
the cycle time as well as an energy distribution for the attachment during the 90°-digging cycle.
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Figure 11.: Energy consumption of the attachment

The energy consumption for the unloaded bucket situation which is in following called air-digging is quite high
compared to the loads operated. As the cycle time varies too much, it is hard to precisely determine the real
impact of the structure with the results available. For a better understanding results of another driver are used too
directly compare in the same time frame. Along with Diesel engine speed reduction, the fuel consumption varies
between 10% and 38% along with the investigations. The big fuel consumption differences during the air-
digging test can be explained by the part load operations of the diesel engine, but also of the pump especially
when pump flow is not totally demanded by the driver for the higher engine speed settings.

Multi-body simulations allow a more detailed determination of the energy consumed by only the steel structure
parts along the digging cycle. It turned out that the energy consumption strongly depends to the load in the
bucket. With higher loads in the bucket, relative energy share of the attachment becomes less. During
conventional digging tests providing the data illustrated in Figure 11 the load in the bucket only consumes 54%
of total energy invested in the movement of the attachment and the swing drive, so that the machine’s steel
structure or kinematic maximum efficiency is roughly rated to 46%. When watching the results provided in
terms of digging performance, it becomes obvious that air digging efficiency of the machine must be set to zero
as air digging has no effective work realized at the output.

4.2.5 Operators

The investigations with different hydraulic system configurations installed in the same crawler excavator
platform have been executed by different drivers from EU and Asian countries on both systems. The results can
be seen in Figure 12. All results for specific fuel consumption, the moved material per hour or the cycle time are
drawn against the average amount of simultaneous functions, like presented by /10/. For the values determined in
the diagrams, the driver was the only change among the test conditions that means that the points selected share
same engine speed settings. The diagrams demonstrate that operators generally keep their individual
simultaneously level for the 90°-digging cycle when operating machines with difference hydraulic systems like
here the LS and the NFC. The results also show that all drivers nearly achieve the same cycle time on the NFC
system along with comparable specific fuel consumptions for this system. For the LS system the results of all
operators are more varying in which driver 1 had the highest experience level on the load-sensing system.
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Figure 12: Digging results influenced by the operator

In terms of the specific fuel consumptions, the highest deviation between the LS and NFC system are about 30%
for the same operator. The deviation between different drivers on the same system is up to 44%. Regarding
digging performance results vary 24% for different drivers on the same machine whereas the same operator on
different systems deviates up to 32%. The cycle varies under the same conditions between 32% and 38%.

4.2.6 Cycle and Ground Conditions

Regarding the energy influences of the cycle conditions, tests have been executed with the same driver and same
machine, but cycle conditions were changed. Changes were realized by changing the truck position for unloading
while the unloading height was about 3 m. This is normal boundary conditions when the truck and the machine
are standing in the same height level. Results can be taken from the diagrams in Figure 3.
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Figure 13 Digging energy consumption varying with the cycle conditions

The difference in digging performance realized by a 180°-digging cycle are about 14 %. For digging and
unloading in the same angle range results vary about 30 % to the reference 90°-digging cycle. In addition, the
machine was standing higher that the truck, so that effective digging height was only 1 m. The results show that
just with the digging height reduction the excavator performs roughly 25 % more material movement with the
same fuel investment. Air-digging results discussed above but referenced also in the diagrams indicate that load
changed by the ground conditions like stones, gravel, etc. might also change digging performance with
comparable fuel consumptions.

When looking at values for specific fuel consumption per cycle versus the cycle time, energy savings can be
easier derived from results operated in the same time periods. To rate against the 90°-digging cycle with loaded
bucket, results of another driver with a comparable cycle time are added to the diagram. Load changes can be
quantified in a range of higher fuel investment between 9 and 30% depending to the engine speed set points.
Regarding the digging angle influencing the results as swing drive was not operated for the 0°-digging cycle,

fuel savings of about 38% seem to be possible. To sum up task efficiency it becomes obvious that the digging
task itself has high potential to reduce fuel efficiency by 38% or to increase the digging performance by 40%.

4.3 ABC-Analysis

All efficiency values determined and discussed in the chapters above are fed into an ABC-analysis that contains
the whole digging process from fuel energy input through all parts and sections of the excavator machine and
process influencers like the driver, the tasks and so on, see Figure 14. The upper red bars show permanent losses
of each the influencers which are always given and cannot be avoided. The variable range in orange colour
depends on different boundary conditions whereas energy that is always consumed effectively is coloured in

green.
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Figure 14: ABC-Analysis over full digging process

It turned out that not only the diesel engine efficiency impacts the fuel consumption dramatically, also the steel
structure parts or in general kinematics of the excavator that build the basic machine principle as well as the
hydraulic system are major energy dissipaters and therefore of class A. These energy dissipaters should be
reduced by new principles which means, a new machine to realize the digging task both with high digging
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